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CHAPTER 1. INTRODUCTION 

1.1. Overview 

For millions of years, the changes in the climate have been driven by forces of 

nature, but in recent years, the average temperature of the Earth has been rising faster 

than ever before. The consensus in science is that much of that change has been driven by 

the significant increase of greenhouse gases in the atmosphere. These greenhouses gases 

are known to increase the average temperature of the atmosphere by trapping the heat 

radiated from the surface of the Earth. Scientists are now certain that human activities are 

changing the composition of the atmosphere, and that increasing the concentration of 

greenhouse gases will change the global climate at a rate that is unparalleled for the last 

many millions of years. 

According to EPA, human activities have increased the concentration of CO2, one 

of the direct greenhouse gases, by 36% globally since the Industrial Revolution, 

principally due to the combustion of fossil fuels. In 2006, CO2 contributed 84.8% of the 

total greenhouse gases in the United States. The total CO2 emission has increased by 18% 

from 1990 to 2006. The sources of CO2 vary by region, but most researchers cite 

transportation for about 33%. Electric power generation in the US produces about another 

third, while heating our homes, manufacturing, agriculture and clearing forests account 

for the rest. 
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Due to current concern over global warming and the connection between fuel 

consumption and emissions of the greenhouse gases such as CO2, improving the fuel 

economy of internal combustion engines for automotive applications has a higher priority 

this decade than at any time since the Oil Crisis in the 1970s. The seriousness of the issue 

is gaining ground, and the sense of urgency is growing around the need to address the 

issue in an effective way. 

Various new or improved power train technologies are being exploited to reduce 

CO2 emission by improving vehicle fuel economy. Among many technical innovations 

and improvements in power train technologies, engine downsizing (reduction in 

displacement volume and/or the number of cylinders) is one of the most effective 

methods to reduce fuel consumption, i.e. CO2 emission [1-10]. Engine downsizing, the 

use of a smaller capacity engine operating at higher specific engine loads, is achieved by 

running with high levels of pressure boosting at full load using a supercharger or 

turbocharger.  

In fact, most technical advances in automotive engineering can be viewed as 

means to allow engine downsizing as they improve the specific output of the engine. For 

example, in the past, one of the main limitations to maximum power for small Diesel 

engines was the ability to provide enough fuel in a limited injection period. Modern high 

pressure injection systems, such as common rail, have solved this problem significantly, 

allowing further downsizing of the engine. 

Cantore et al. [2] have shown that the downsized 1.8 l Diesel engine with two-

stage boosting system can achieve up to 24% of fuel economy improvement over the 

baseline 2.5 l turbocharged Diesel engine while meeting or exceeding the performance 
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targets of the baseline engine. Guzzella et al. [4] have concluded in their study that the 

downsized engine not only improves the fuel economy but also improves drivability of 

the vehicle by reducing overall vehicle weight as the smaller engine requires smaller and 

lighter engine subcomponents in the vehicle. The reduction in overall vehicle weight also 

contributes to even more improvement in fuel economy. Engine downsizing and 

subsequent downsizing of other related components are also advantageous in packaging, 

and frees up more space in the engine compartment for other features such as vehicle 

safety enhancement and allows better aerodynamic design of the vehicle. 

Hybrid power train technologies are also emerging as a highly practical and 

efficient way to reduce fuel consumption [11-22]. In passenger cars, the application of 

hybrid systems seems to be beneficial in terms of CO2 and fuel consumption reduction, at 

least as long as the vehicle is operated predominantly at part load conditions. Toussaint 

[11] has shown 19 to 31% improvement in fuel economy with a parallel hybrid electric 

vehicle consisting of a downsized engine and electric motor. The use of hybrid 

powertrain is also proven to be advantageous with city buses (21% improvement over 

Diesel engine counterpart [12], and up to 75% in [13]) in their very transient driving 

conditions.  

However, in heavy duty applications, especially for long haul operation, the use 

of hybridization seems to be less attractive at least according to actual common 

understanding. Katrasnik [14] has shown that the improvement in the fuel economy of 

hybrid powertrains increases with decreasing test cycle average load and the powertrains 

incorporating internal combustion engines with smaller swept volume provide more fuel 

economy improvements for decreasing test cycle average load. The study concludes that 
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the hybrid powertrains perform best for the test cycles with lower average load, i.e. light 

duty application, whereas heavy duty application requires powertrains with low 

hybridization factor resulting in smaller benefits in the fuel consumption. Takada et al. 

[15] conducted an experiment on fuel economy improvement with a medium duty hybrid 

truck in real traffic conditions, and concluded that the hybrid truck did not show 

improvement in fuel economy in high way trip even though fuel economy improvement 

of 20% was observed for the urban trip where there were many traffic stops. Considering 

that the improvement in fuel economy of the hybrid powertrain also comes from the 

engine downsizing, even though part of the improvement is the result of advanced power 

management and regenerative braking, engine downsizing is a more fundamental method 

to reduce fuel consumption. 

Engine downsizing by increasing the air available for fuel combustion with 

turbocharger improves the thermal efficiency of the engine and reduces the fuel 

consumption through a number of mechanisms, including: 

• Reducing pumping losses as less volume is swept on each engine revolution. 

• Using the compressor (powered by waste exhaust enthalpy) to force the piston 

down under boosted conditions to further reduce pumping losses, and to 

produce useful work during induction. 

• An improvement in mechanical efficiency due to reduction in friction. 

• Improved in-cylinder turbulence (tumble and swirl patterns) due to higher 

intake pressures and gas velocities which promote faster burning rates and 

hence improved combustion. 

• Reduced fuel consumption at idle and part load conditions. 
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• Reduced overall heat losses due to exhaust heat recovery and reduced surface 

areas for heat transfer.  

However, when the displacement of the engine is reduced substantially, its 

dependence on boosting system increases as the engine torque under naturally aspirated 

operation is lower and it needs high boost pressure to produce enough torque for 

acceleration. Although very effective, some characteristics of the turbocharged engines 

remain unsatisfactory and matching an engine to a turbocharger to achieve efficient 

turbocharger operation over a wide range of engine speed is a difficult and often a 

compromising process. For example, at low engine speed, turbocharged engine produces 

less torque than naturally aspirated engine with comparable power as the available 

exhaust energy is simply not enough to supply sufficient power to the compressor at low 

speed. In addition, transient response of the turbocharged engine is much slower than that 

of the naturally aspirated engine since the centrifugal compressor needs to reach 

substantial rotational speed to produce usable boost [23-24]. In Diesel engine applications, 

combined with smoke-limited fueling, both the steady-state low end torque and the 

transient response become even worse. In order to solve this inherent weakness of engine 

downsizing through turbocharging, various technologies have been developed for the 

turbocharger itself such as inertia reduction, aerodynamics and bearing improvements 

[25], variable geometry on both compressor and turbine sides [26], and electrically 

assisted turbocharger [27], as well as for the charging system architecture such as twin-

turbo system [28], sequential system [29], and dual-stage system [30]. Also a number of 

alternative charging systems, such as positive displacement supercharger and electric 

compressor, are used in some applications either by themselves [31-33] or in combination 
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with the turbocharger [27, 34-35]. Even thought these devices generally increase fuel 

consumption, the benefits of using them can outweigh their shortcomings in some cases 

depending on the system design philosophy and the type of applications as they 

substantially reduce the turbo-lag associated with the exhaust driven turbochargers.  

1.2. Literature Review on Air Charging Systems 

1.2.1. Positive displacement supercharger 

The most appealing asset of a positive displacement supercharger is its simplicity. 

It is easy to install and doesn’t require complicated controls in most cases. It draws power 

through mechanical connection to the crankshaft, and its rotational speed is directly 

proportional to the rotational speed of the engine. The engine-compressor matching is 

relatively easy, and the boost pressure is almost constant over the entire range of engine 

operating speeds. Therefore, the torque curve is flat, and the turbo-lag problem is 

completely overcome. In effect, a supercharged engine behaves as a naturally aspirated 

engine with a larger displacement volume.  

It is this linearity that makes designing and predicting its boosting characteristics 

relatively easier than turbocharging. However, a supercharged engine consumes more 

fuel than a turbocharged engine with comparable power since the supercharger draws 

power directly from the engine crankshaft. Another weakness of the supercharger, the 

parasitic loss, also comes from its simplicity. Since it is always connected to the 

crankshaft even when the boost is not needed, the parasitic losses become problematic 

especially at idle and part load conditions.  Miyagi et al. [36] showed that for a Lysholm 

compressor, 70-80% of the parasitic losses come from unnecessary pumping. Therefore, 

it is important to minimize the airflow losses for these superchargers. 
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The most common types of positive displacement superchargers are the Roots 

blower and the Lysholm compressor. They are also known as the Roots type supercharger 

and screw type supercharger, respectively. The screw type compressor has two rotors, a 

male and a female, forming a set of chambers between themselves and the housing.  The 

volume of the chamber decreases during the rotation and thus compresses the air that is 

trapped inside the chamber. The shapes of the two male and female rotors are very 

complex and difficult to manufacture. Thus, the cost of the Lysholm compressor is 

considerably higher than that of the Roots blower, making it less common. Unlike the 

Lysholm compressor, the Roots type blower has two similar rotors forming discrete 

volumes but with constant volume. Modern Roots type blowers have three lobes instead 

of two, and twisted lobes have become more common.   

The Lysholm compressor has higher adiabatic (ηad) and total (ηtotal) efficiency 

than the Roots type blower. Takabe et al. [37] shows ηtotal = 70% for the Lysholm 

compressor and  ηtotal = 50% for the Roots blower, in spite of the lower mechanical 

efficiency of the Lysholm compressor due to its higher step up gear ratio. The difference 

in efficiency comes from their distinctive compression mechanisms. Unlike the near 

adiabatic internal compression of Lysholm compressor, for the Roots blower, the 

compression takes place at the outlet as the air exits the blower. This condition is more 

comparable to isochoric condition (constant volume process) than adiabatic condition, 

thus resulting in lower efficiency and higher heat loss.   

However, the actual efficiency of the Lysholm compressor varies with engine 

operating condition. In order to fully utilize the higher efficiency of Lysholm compressor, 

the charge pressure at the compressors outlet has to be same as the intake manifold 



 8

pressure. Otherwise, the discharged air must go through either isochoric compression or 

isochoric expansion inside the intake manifold, which is known to be less efficient. As a 

result, the overall efficiency becomes somewhere between adiabatic and isochoric 

efficiency. 

1.2.2. Centrifugal compressor as a supercharger 

The centrifugal compressor is another type of supercharger that works on a 

different principle. It is a dynamic machine, whereas the Lysholm compressor and the 

Roots type blower are both positive displacement pumps. The air is accelerated very 

rapidly by the impeller and then carefully diffused to recover the kinetic energy as static 

pressure. Therefore, the centrifugal compressor operates on internal compression. The 

isentropic efficiency of the centrifugal compressor matches or sometimes exceeds that of 

the Lysholm compressor [38]. It is very compact in size and significantly less expensive 

to manufacture compared to the other types of superchargers.  

However, the boosting characteristics of the centrifugal compressor are very non-

linear and peaky when operating with internal combustion engines. It also requires very 

high speed to achieve useful boost. In addition, in order to achieve such high speed, well 

above 100,000 rpm, in a short period of time, substantial portion of the power must be 

wasted on just overcoming the inertia of the compressor during acceleration. The high 

speed also demands a gearbox. Therefore, the engine must overcome the combined 

inertia of the compressor and the gearbox. This requires that the gearbox must have very 

low inertia and can handle very high speed. Therefore, the cost of such gearbox offsets 

the cost savings from the compressor unit. This is why this type of compressor is less 

common than the other types.  
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1.2.3. Electrically driven supercharger 

Electric assist has been used in two ways, either by having an extra electrically 

driven supercharger supporting the turbo at low loads and during transients or by having 

the electric motor attached directly on the turbocharger shaft. In this study, a centrifugal 

compressor is driven electrically by directly attached electric motor to support the 

turbocharger at low speeds and transient conditions. This type of arrangement offers a 

faster response due to the fact that the rotor of the electric motor can have a lower inertia 

because it is not connected to the turbine wheel. It also offers the possibility of higher 

boost pressures without variable compressors if it is fitted in series with the regular 

turbocharger. A third advantage is that the electric motor doesn’t have to stand as high 

temperature as for the electrically assisted turbocharger since it is not in direct contact 

with the hot exhaust gas. 

1.2.4. Single-stage turbocharging 

The transient behavior of a single-stage turbocharger can be improved by 

turbocharger development. However, optimizing the flow through blade angles etc. is a 

continuous process that has been going on for many years, so no dramatic improvements 

are to be expected within a small time frame.  

A fixed geometry turbine is not capable of supplying enough power to the 

compressor for the boost pressure required for low speed and during transient conditions. 

In addition, the flow range of a centrifugal compressor is a limiting factor, and if higher 

boost pressures are demanded, it will be even more difficult to achieve satisfactory width 

of the usable range since the width of the compressor map becomes narrower as the boost 

pressure approaches its maximum. 
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The primary motive for using variable geometry turbines in automotive 

applications is to reduce turbo-lag. Even though both the spark ignition engine and the 

Diesel engine benefit from this technology, the high exhaust gas temperature in spark 

ignition engines have prevented the variable geometry mechanism from being widely 

used [39].  

Variable geometry turbocharging in Diesel engines has largely overcome the 

turbo-lag issue. The dominant VGT technology for Diesel applications is the Variable 

Nozzle Turbine (VNT), which is a system that uses pivoting vanes to change the speed 

and angle of the exhaust gas as it enters the turbine rotor. 

By using variable geometry turbine, the exhaust energy absorbing capabilities of 

the turbine is increases substantially, resulting in vast improvements especially during 

transients. This is what lies behind the success of passenger car Diesel engines during the 

decade. Many research papers are published about the variable geometry turbines [26, 39-

42]. The flow range of the compressor can also be improved though the use of variable 

nozzle compressor [43].  

As the turbine power increases at low speeds, and subsequently on low mass 

flows, the compressor will eventually run into surge. In order to avoid surge, the 

compressor maps must be widened. One of the methods to widen the compressor map is 

to use variable geometry guide vanes at the compressor inlet. With the variable inlet 

guide vanes, the compressor can operate at higher boost level for lower mass flows 

without surge. 

SEQUENTIAL SYSTEMS - The primary purpose of sequential turbocharging is 

to improve transient response at low engine speed. Twin turbocharging also improves the 
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transient response due to the lower inertia compared to the single turbocharger with 

similar flow capacity. However, the improvement is much more significant with 

sequential turbocharging since only one turbocharger is used at low engine speed instead 

of two.  Tashima et al. [29] showed that the new sequential twin turbocharger used in 

Mazda RX-7 reached the maximum boost pressure 30% faster than the conventional 

turbocharger used in the previous model in acceleration test, and improved engine 

maximum power by 25% as well.  

Backlund et al. [44] claimed that the series-sequential system was preferable to 

parallel-sequential system due to rough transition from single to twin turbocharger 

operation of the parallel-sequential system. However, Tashima et al. [29] showed that the 

pressure drop during the transition was almost eliminated in the parallel-sequential 

system by allowing the secondary turbocharger to accelerate before the change-over. 

Additionally, the parallel-sequential system has wider flow range than the series-

sequential system. The series-sequential system is essentially a two-stage turbocharging 

system, and thus has narrower flow range while it allows for higher boost. Therefore, the 

parallel-sequential system is suitable for applications that require wider flow range but 

lower boost pressure, such as spark ignition engines, and the series-sequential system for 

higher boost applications such as Diesel engines. 

1.2.5. Dual-stage turbocharging 

Dual-stage turbocharging offers several advantages over single-stage 

turbocharging when it is applied properly. Improved specific power level across a broad 

speed range is an immediate benefit of the dual-stage turbocharging applied to Diesel 

engines [2, 9, 30], as the boost level reached with dual-stage turbocharging system is 
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much higher than single-stage turbocharging system can provide. Unlike spark ignition 

engines, Diesel engines benefit from increased boost level in excess of 4 bar as the boost 

level is only limited by the peak cylinder pressure. 

Dual-stage turbocharging also provides better overall efficiency at high intake 

manifold pressure compared to single-stage turbocharging as the compression is done in 

two stages instead of one. At high intake manifold pressure in excess of 3.5 bar or more, 

the efficiency of single-stage turbocharger becomes unacceptably low whereas the dual-

stage turbocharger operates more efficiently as the pressure ratio at each stage is well 

within the efficient region in the performance map. This two stage compression also 

effective reduces the likelihood of compressor surging. Since the pressure ratio is divided 

into two smaller steps while the mass flow rate is unaffected, the compressor operation is 

more robust in terms of surge limit.   

In addition, transient behavior of a dual-stage turbocharged engine is improved 

because of the combination of a smaller high pressure turbocharger and a larger low 

pressure turbocharger [9, 30]. By configuring a relatively small high pressure 

turbocharger with a much larger low pressure turbocharger, the dual-stage turbocharging 

system provides significantly better boosting characteristics at both steady state and 

transient conditions. The smaller turbine at high pressure stage provides more power to 

the compressor compared to the single stage counterpart, thus enabling higher boost at 

both the early stage of acceleration and the steady state low speed operation. Lower 

moment of inertia of the smaller high pressure turbocharger also contributes to the overall 

fast response of the dual stage turbocharger performance. 
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1.3. Motivation and objectives 

Considering that the fuel efficiency and CO2 reduction are at the top of the agenda 

as the fuel cost continues to escalate and concerns grow over future energy supply and 

global warming, the recent popularity of Diesel engines seems quite natural. However, 

the specific power of Diesel engines are inherently inferior to the spark ignition engines, 

and they have been notorious for NVH related issues and emissions. Even though recent 

advancements in Diesel engine technologies such as variable geometry turbines, common 

rail injection systems, and multiple injection strategies have mostly solved the problems, 

the deficiency in specific power has yet to be addressed. In order to increase the specific 

power of modern Diesel engines, dual-stage turbocharging must be applied as the air 

supply to the engine is the only remaining limiting factor.  

Even though dual-stage turbocharging offers many advantages  over single-stage 

turbocharging, increased cost, complexity of the system, and very challenging nature of 

matching procedure have prevented them from widely spread use so far.  Furthermore, in 

most of the published studies on dual-stage turbocharging, matching procedure has been 

very rarely discussed as the matching is mostly done by combining available 

turbochargers in a trial-and-error fashion [9, 45], even though careful matching of the 

turbochargers is very important to achieve optimal engine performance. A non-optimal 

matching of dual stage turbochargers will lead to poor performance at low speed, part 

load conditions, since the pressure ratio per stage is even lower than a single-stage system 

[38]. 

Interestingly, the most recent comprehensive study on dual-stage turbocharger 

matching dates back to 1970s by Benson et al. [46]. In their study, the matching was 
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done using a lookup table type engine model based on the experimental data obtained 

with externally blown air supply. However, the lookup table type engine model used in 

the study lacked the fidelity and resolution required for accurate prediction of 

turbocharger performance even with the comprehensive set of experimental data used to 

construct the engine model.  Since the matching for dual-stage turbocharger involves two 

sets of turbochargers and interactions between high pressure and low pressure stages as 

well as interactions between compressors and turbines, and the error in predicting 

turbocharger operation multiplies as it affects the other stages as well, the accuracy of the 

engine system model is more crucial for dual-stage turbocharger matching.  More recent 

advances in modeling and simulation, as well as availability of turbomachinery capable 

of providing cost-effective solutions for dual stage systems motivates a new approach 

pursued in this study.  

Dual-stage turbocharging system with only fixed geometry turbochargers on both 

stages still needs improvement when it is to be used in place of larger displacement 

engines especially at low engine speed and transient conditions. Although it is preferable 

to use exhaust driven turbochargers in terms of efficiency, by joining several different 

types of charging devices with the fixed geometry turbocharger, some of the 

shortcomings of each devices can be reduced or cancel their drawbacks. 

Turbochargers usually lack the low speed boost, as centrifugal compressors 

require substantially high rotational speed in order to produce meaningful boost. This is 

where the other types of charging systems can enhance the overall boosting 

characteristics of the system. Mechanically driven superchargers can provide adequate 

boost even at low engine speed taking advantage of its direct connection to the output 
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shaft. The combined effect of the whole system is more consistent boost over the entire 

operating range of the engine. 

Therefore, the objectives of this research are  

• Develop dual-stage turbocharger matching method for a downsized 4.5 l V6 

Diesel engine in order to achieve a dual-stage system that performs well both in 

low engine speed and transient conditions as well as in the rated condition 

compared to the baseline 6.0 l V8 engine in order to achieve engine downsizing 

without severe compromise in performance.  

• Demonstrate the effectiveness of the matching method by showing efficient 

operations of both the high pressure and low pressure turbochargers in a 

downsized engine with dual-stage turbocharging system. 

• Study the effect of different types of boost control options for a dual-stage system 

on the engine performance. 

• Investigate hybridization of the dual-stage boosting systems (utilizing different 

types of boosting devices) to further improve the low end torque and transient 

response, which are often problematic when the engine is aggressively downsized. 

• Investigate various types of hybrid boosting systems and compare them with dual-

stage turbocharging system to provide fundamental understandings of dual-stage 

boosting options. 
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CHAPTER 2. SIMULATION OF TURBOCHARGED DIESEL ENGINE 

2.1. Introduction 

The engine system model used in the study is a physics-based thermodynamic 

zero-dimensional model originally developed by Assanis et al. [47], and has been used 

very successfully for predictions of steady-state engine operation. The model contains 

simplified physical descriptions of combustion based on phenomenological models and 

engineering correlations that have been validated against test results from Diesel engines 

of various sizes, ranging from highway truck engines [47] to large locomotive engines 

[48]. An engine dynamics sub-model is added to the model to further extend its capability 

to transient performance predictions on crank-angle basis [49]. It is then modified to 

include the dual-stage boosting systems in order to evaluate and analyze the interaction 

between the boosting system and the engine. Considering that the dual-stage boosting 

systems evaluated in this study are mostly non-existent and require extensive matching 

and system tuning, the simulation based approach is a cost-effective alternative to an 

experimental procedure.  

In the engine model, it is assumed that the properties of the gas inside the cylinder 

is uniform and depends only on the pressure, temperature and fuel contents. Compared to 

the computational fluid dynamics and multi-dimensional engine simulation models, the 

zero-dimensional model used in this study is computationally much faster and often more 

reliable as this type of model is based on empirical correlations, and can be used in the 
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analysis of the transient characteristics of the boosting systems. However, it is not 

capable of predicting emissions related results, and gas dynamics effect. Therefore, the 

effect of cylinder-to-cylinder variation and tuning effect (dynamic resonance effect) 

cannot be studied with this type of engine simulation models. 

2.2. Description of the simulation model 

The engine system model used in the study consists of multiple engine cylinder 

modules linked with external component modules such as intake and exhaust manifolds, 

compressors and turbines, intercooler and air filter as shown in Figure 1. The cylinder 

control volume is open to the transfer of mass, enthalpy and energy in the form of work 

and heat. The cylinder contents are treated as a continuous medium which is uniform in 

pressure and temperature, characterized by an average equivalence ratio.  

 

Figure 1. Diesel Engine System Model 
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Thermodynamic properties of the cylinder contents are obtained by empirical 

correlation based on the composition of the fuel-air mixture. Throughout the cycle, the 

cylinder is treated as a variable volume plenum, spatially uniform in pressure. 

Furthermore, the cylinder contents are represented as one continuous medium by defining 

an average equivalence ratio and temperature at all times. The cyclic processes in the 

cylinders are represented by more fundamental and phenomenological models of 

turbulence, combustion and heat transfer. The filling and emptying approach is applied to 

the intake and exhaust manifolds. 

The Diesel four-stroke cycle is treated as a sequence of continuous processes: 

intake, compression, combustion (including expansion), and exhaust. The intake process 

begins when the intake valve opens and ends when the intake valve closes. The 

compression process begins at the intake valve closing and ends at the time of ignition. 

The combustion process begins when ignition occurs and ends when the exhaust valve 

opens. The exhaust process begins upon exhaust valve opening and ends when the intake 

valve opens and not when the exhaust valve closes. 

Mass flow rate through intake and exhaust valves are determined by quasi-steady, 

adiabatic, one-dimensional compressible flow equations. Watson correlation is used to 

represent the combustion process as a uniformly distributed heat release process. Unlike 

intake, exhaust, and compression processes, where the convection is the only mode of 

heat transfer, during the combustion process, heat transfer from the gas to the cylinder 

wall occurs in two modes, convection and radiation. The convective heat transfer rate is 

predicted from a Nusselt-Reynolds number correlation for steady turbulent flow in a pipe 

based on the characteristic velocity concept [47]. The radiative heat transfer rate is 
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calculated from the apparent radiant temperature and wall temperature. The specifications 

of the engine are summarized in Table 1. 

Table 1. Engine Specification 
Engine Type Diesel, 4-Stroke
Displacement 4.5 l V6
Bore 95 mm
Stroke  105 mm
Connecting Rod Length 176 mm
Compression Ratio 16.0 / 18.0
Maximum Speed 3300 rpm
Intake Valve Opening -38o

Intake Valve Closing 252 o / 150 o 
Exhaust Valve Opening 464 o

Exhaust Valve Closing 768o

2.2.1. Air filter model 

Air filter is modeled as a flow restriction. The mass flow through the air filter is a 

quasi-one dimensional, adiabatic, steady, inviscid flow through a nozzle [50, 51]. 
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The flow area and discharge coefficient of the air filter is lumped together as 

  AFAFDeffAF ACA ×= __                                                (3) 

in the flow rate equation. The ratio of pressure in the air filter to ambient pressure 

determines whether the flow is choked or not. Mass flow rate increases as the pressure 

ratio increases until the speed of the flow reaches the speed of sound at the throttle. Then 

the flow becomes choked. This critical pressure ratio is about 0.528 for ambient air. The 

pressure ratio also determines whether the flow is forward or backward. The flow is 
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reversed when the pressure ratio is greater than 1. Same set of governing equations are 

also used to model exhaust system in order to simulate exhaust back pressure. 

2.2.2. Turbocharger model 

Compressor and turbine operating maps are used to determine the mass flow rate 

and efficiency from the rotor speed and the pressure ratio across the turbomachinery at 

every time step. The power consumed by the compressor and the power developed by the 

turbine are calculated from the mass flow rate and the enthalpy change across the device. 

The compressor and turbine modules are linked by turbocharger dynamics module that 

determines the rotor speed from the energy balance between the compressor and the 

turbine.  

The boosting system is then connected in a series configuration. The boost control 

is achieved utilizing either a bypass valve between high and low pressure turbines or 

other means with the hybrid configurations. The bypass valve is activated when the boost 

reaches a preset level in order to keep the peak cylinder pressure below the maximum 

allowable limit (180 bar).   

Buffering volume modules are placed between the compressors and the turbines, 

which determine inlet and outlet conditions for each turbomachinery. The buffering 

volume modules take mass and energy fluxes as inputs and calculate pressure and 

temperature within the control volume. They are then used as outlet conditions for 

upstream turbomachinery and inlet conditions for downstream turbomachinery. The 

temperature drop in the intercooler is determined from the inlet air temperature, specified 

wall temperature and cooling efficiency. The pressure drop in the intercooler is calculated 

using an orifice model.  
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2.2.3. Intake/Exhaust manifold model 

Intake and exhaust manifold model is a filling-and-emptying model. Equations for 

the conservation of mass and energy are developed for the contents of open 

thermodynamic systems such as the reciprocator cylinder, intake and exhaust manifolds. 

The control volumes of the thermodynamic systems are shown in Figure 2. 

 

Figure 2. Intake/Exhaust manifold model 

Mass and energy conservation equations are used to obtain differential equations 

for the temperature and pressure of the thermodynamic system. Conservation equations 

for the fuel mass are also used to develop differential equations for the change of fuel 

fraction in the system. 
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Conservation of energy 
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Once the governing equations are set up in the FORTRAN code, they are 

integrated and solved in MATLAB SIMULINK.  

Heat transfer from the gas to the wall is modeled as a turbulent forced convection 

in circular tubes (Figure 3).  

 

Figure 3. Heat transfer in intake/exhaust manifold 

The heat transfer coefficient is derived from an experimental correlation that relates 

Nusselt, Reynolds and Prandtl numbers [47]; 
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    )( wgwcc TTAhQ −=&                                   (11) 

    cbaNu PrRe=                                 (12) 

The constant, a accounts for entrance effects, pipe bends etc., and exponents b and c are 

adjusted to fit experimental data.  

The pressure drop is calculated using the friction factors and friction coefficients 

for the geometry of the passage. For straight sections, 
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where L and D are length and diameter of the passage respectively, ρ  is bulk density, v  

is average gas velocity. For bends, enlargement and contractions, friction coefficient, Kf 

is used, and representative values are reported by Primus et al. [52]. 
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2.2.4. In-cylinder process 

Gas properties are calculated assuming ideal gas behavior. At low temperatures 

(below 1000 K), the cylinder contents are treated as a homogeneous mixture of non-

reacting ideal gases. At high temperatures (above 1000 K), the properties of the cylinder 

contents are calculated with allowance for chemical dissociation by assuming that the 

burned gases are in equilibrium, using an approximate calculation method based on 

hydrocarbon-air combustion. 

The compression process is defined so as to include the ignition delay period, i.e., 

the time interval between the start of the injection process and the ignition point. The 
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total length of the ignition delay is related to the mean cylinder gas temperature and 

pressure during the delay period by an empirical Arrhenius expression [47]. Combustion 

is modeled as a uniformly distributed heat release process. The rate of heat release is 

assumed to be proportional to the rate of fuel burning, which is modeled empirically. 

Since the Diesel combustion process is comprised of a pre-mixed and a diffusion-

controlled combustion mechanism, Watson’s fuel burning rate correlation, consisting of 

the sum of two algebraic functions, one for each combustion mechanism is used. The 

fraction of the total fuel injected that is burnt by either mechanism depends on the length 

of the ignition delay period and the engine load and speed.  

Heat transfer is included in all the engine processes. Convective heat transfer is 

modeled using correlations based on the Nusselt number for the turbulent flow in pipes. 

The characteristic velocity and length scales required to evaluate the Reynolds number in 

the correlation are obtained from a mean and turbulent kinetic energy model [47], hence 

any changes in the flow field inside the cylinder directly affect the heat transfer process. 

Radiative heat transfer is added during combustion. The steady-state inside wall surface 

temperatures of the piston, cylinder head, and liner can be either specified or calculated 

from a specification of the component wall structure. 

The rate of change of pressure in the cylinder is a function of volume, temperature, 

equivalence ratio, and mass change rate. And the rate of change of temperature is a 

function of mass, volume, equivalence ratio, enthalpy flux, and heat transfer rate.   
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These equations do not need an explicit heat release rate expression. However, they are 

implicitly linked by burned fuel fraction, F, which appears in the equivalence ratio 

equation. 
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2.2.5. Valve flow 

A quasi-one-dimensional, steady, adiabatic, inviscid flow model is used to 

calculate mass flow rate through the intake and exhaust valves during the gas exchange 

process. 
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The effective area, Av,eff, is product of discharge coefficient and valve opening area, both 

of which vary with valve lift. Intake and exhaust valve effective flow areas are shown in 

Figure 4. Thermodynamic properties such as specific heat ratio and gas constant are 

obtained from upstream of the restriction.  
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Figure 4. Valve effective flow area 

The intake and exhaust manifolds are treated as plenums with known pressures at 

each computational time step. The temperature and average equivalence ratio of intake 

and exhaust charges are also known. When reverse flow into the intake manifold occurs, 

perfect and instantaneous mixing between the back-flowing charge and the intake charge 

is assumed. 

2.2.6. Fuel injection control 

The fuel injection control module, developed from the data provided by 

International [55], takes driver command, engine speed and intake manifold pressure as 

inputs and provides the amount of fuel injected per cycle and injection timing as outputs. 

The fuel control logic used in this study is fine-tuned for each boosting system for 
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optimal performance. The correction of the amount of fuel based on the boost pressure or 

density in the intake manifold is especially important during full load acceleration, when 

turbo lag may cause the engine to operate with much low boost pressures than normally 

experienced under corresponding steady-state conditions. An idle speed control module 

governs the fuel flow rate to prevent engine from stalling at low load and low speed 

condition. 

2.2.7. Vehicle system model 

 
Figure 5. Vehicle system model 

The vehicle system model used in the study is a Diesel-powered 4 x 4 truck with a 

4-speed automatic transmission. The engine system is linked to the vehicle system 

through torque converter, whose output shaft is then coupled to the transmission. The 

power from the engine is then transferred to transfer case, front and rear differentials and 

finally to the driven wheels via drive shafts. The complete vehicle system is structured to 

directly resemble the layout of the physical system, and implemented in MATLAB 
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SIMULINK environment as shown in Figure 5. The driveline and vehicle dynamics 

model are modeled in 20SIM, a bond graph modeling language, and converted to C code 

[55]. It is then implemented in SIMULINK environment via S-functions. 

Links between main modules represent physical parameters that define the 

interaction between the components such shaft torque and angular velocity. The driver 

module allows the feed-forward simulation to follow a prescribed vehicle speed schedule 

by providing the acceleration and brake signal based on the specified speed setting and 

the current vehicle speed. 

VEHICLE DYNAMICS - The vehicle dynamics model is a pitch-plane model 

that describes its dynamic behavior in the longitudinal and heave directions. It includes 

wheels and tires, axles, suspension and chassis of the vehicle. The vehicle dynamics 

parameters are obtained from the manufacturer. The specifications for the vehicle are 

summarized in Table 2.  

Table 2. Vehicle Specification 
Sprung Mass 4672 kg 
Unsprung Mass - Front 220 kg 
Unsprung Mass - Rear 220 kg 
Drag Coefficient  0.7 
Rolling Resistance - Front 36 N 
Rolling Resistance - Rear 42 M 
Wheel Inertia 16 kg·m2 

 

DRIVELINE - The torque converter model is a quasi-steady model based on 

experimental data available from the transmission supplier. The 4-speed automatic 

transmission is modeled as a non-power-conserving transformer that incorporates gear 

inefficiencies for different gears. Experimental data are used in determining input and 
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output inertias, stiffness and damping rates for transmission, propeller shafts, transfer 

case, differentials and drive shafts. The shift logic consists of two sets of shift schedules, 

one for up shifts and the other for downshifts. It takes vehicle speed and rack position as 

inputs and provides gear selection as an output.      

2.3. Engine Model Calibration 

The engine model is calibrated with experimental data obtained from a 6.0 l V8 

Diesel engine with single-stage variable geometry turbine as it has the same cylinder 

geometry, valve timing and maximum speed as the downsized V6 engine. The V6 engine 

model is constructed virtually from the physical specification of the V8 engine except the 

number of cylinders. The specification of the engine is summarized in Table 3. A set of 

cylinder pressure data obtained from the V8 engine in different speed and load conditions 

are used to calibrate the engine model.  

Table 3. Engine Specification 
Engine Type Diesel, 4-Stroke
Displacement 6.0 l V8
Bore 95 mm
Stroke  105 mm
Connecting Rod Length 176 mm
Compression Ratio 18.0
Maximum Speed 3300 rpm
Intake Valve Opening -38o

Intake Valve Closing 252 o 
Exhaust Valve Opening 464 o

Exhaust Valve Closing 768o

Table 4 shows the speed and load conditions where the cylinder pressure data are 

obtained. The engine model is modified with intake and exhaust plenum instead of the 

manifold and turbomachinery model, and the intake and exhaust plenum conditions are 

specified at the start of the simulation using the data from the V8 engine, and remains 
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constant throughout the simulation. The cylinder pressure data obtained from the 

simulation model is then compared with the experimental data from V8 engine, and the 

simulation model is calibrated to match the experimental data. 

Table 4. Data used for Engine Calibration 
Case BMEP 

bar 
Torque 

Nm 
Speed 
rpm 

Tint 
oC 

Texh 
oC 

Tinj 
oBTDC 

1 7.01 334.3 1200 34.0 411.5 -4.2
2 11.06 527.5 1200 35.5 528.7 -3.7
3 7.04 337.3 1800 32.1 407.2 -1.3
4 10.94 522.4 1800 37.2 482.4 -4.7

Case Pint 
kPa 

Pexh 
kPa 

airm&  
g/s 

fuelm&  
g/s 

Pamb 
kPa 

Tamb 
oC 

1 139.0 188.2 77.1 2.75 98.9 30.8
2 162.1 219.6 90.7 4.20 98.9 35.2
3 152.2 176.6 127.3 4.04 98.9 36.8
4 198.1 228.2 169.2 6.11 98.9 36.3

 
The parameters adjusted in the engine model are: 

1. The convective heat transfer coefficient 

2. The temperatures at cylinder wall, head and piston top 

3. The burn duration.  

Figure 6 shows the simulation results after the calibration along with the 

experimental data from the V8 engine. The criterion for maximum permissible error at 

the peak pressure is set to less than 5 % for all four cases. The burn duration has the most 

pronounced effect on the shape of the pressure trace during the combustion phase, and 

the convective heat transfer coefficient is adjusted to match the pressure trace at the 

exhaust phase. The temperature conditions on combustion chamber boundaries have 

effect on pressure trace on intake phase as they affect the mass flow rate into the cylinder. 

As shown in Figure 6, the simulation results satisfy the criteria in all four cases. 
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Figure 6. Pressure traces 
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CHAPTER 3. DUAL-STAGE TURBOCHARGER MATCHING 

3.1. Matching procedure 

Turbocharger matching in general is to optimize the selection of compressor and 

turbine combination in order to satisfy the required boosting characteristics for the 

specified range of engine operating conditions. Ideally, the compressor efficiency should 

be at its maximum in the main operating range of the engine at full load. The distance to 

the surge line should be sufficiently large as well. 

The matching process hinges upon a thermodynamic cycle analysis with known 

properties of working fluid to obtain necessary information about the turbocharger 

operation such as pressure ratio, speed, efficiency, and mass flow rate.  For the single-

stage turbocharger, it is straightforward to determine pressure and temperature condition 

after the compression with the assumed value of compressor efficiency and known inlet 

conditions (P1 and T1). In the typical thermodynamic engine system simulation, the 

manifold pressure and instantaneous turbocharger speed will be predicted at each 

integration step, and the compressor (or turbine) mass flow rates and efficiencies will be 

determined from the turbomachinery performance maps.  For the dual-stage turbocharger, 

however, p2 and T2 are unknown, since the pressure ratio across the low pressure 

compressor is unknown even though the overall pressure ratio is known. Therefore, it is 

necessary to make assumptions on pressure ratios across each compressor while keeping 

the overall pressure ratio constant in order to carry out the rest of the analysis. Once the 
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pressure ratios for each stage are fixed, the rest of the cycle analysis can be done and 

pressure and temperature conditions at inlets and outlets of turbochargers can be 

calculated. The pressure and temperature conditions obtained for turbocharger inlets and 

outlets are used to calculate the pressure ratio and corrected mass flow rate for each 

turbomachinery.  

 

Figure 7. Dual-Stage turbocharger configuration 
 

As for the determining pressure ratios for each stage, there is a rough guideline 

given by Watson and Janota [38], which states that the overall efficiency of the dual-

stage turbocharging system is optimal if the work is divided evenly between each stage. 

This means that the pressure ratios across each stage have to be roughly equal for the 

turbochargers to operate efficiently. However, the efficiency is virtually not sensitive to 

ratios in the range of 1.4 to 1.7, thus, in many cases, the guideline is not sufficient to find 

the optimal pressure ratio for each stage.  

For this reason, we propose to parameterize the “ratio of pressure ratios”, the high 

pressure compressor pressure ratio over the low pressure compressor pressure ratio, and 
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determine the optimal combination in a systematic way. Known conditions are engine 

speed (Ne), pressure and temperature of the ambient air (P1, T1, P7), engine displacement 

(Vd) and overall pressure ratio across compressors (P4/P1 or P4). In order to carry out the 

calculations from state 1 through 7 and determine thermodynamic properties of each 

stage, assumptions must be made on the pressure ratios at each stage (P2/P1, P3/P2), 

volumetric efficiency of the engine at the designed operating condition, turbomachinery 

efficiencies and temperature at the exhaust manifold (T5). Thus the procedure requires 

iterative calculations illustrated in the Flow Chart shown in Figure 8.  

In order to expedite the matching procedure, a Microsoft Excel program with 

empirical correlation that calculates thermodynamic properties of the fuel-air mixture is 

developed, using the same assumptions as [47]. The program takes temperature, pressure 

and fuel fraction of the mixture as inputs and thermodynamic properties of the gas, such 

as specific heat ratio, density, gas constant and enthalpy, as outputs. The equations used 

in the following procedure, i.e., Eqs. 25 through 47 are also included in the program. As 

we describe individual steps in detail, the flow chart shown in Figure 8 will be helpful in 

following the flow of the complete procedure. 

Step 1. From State 1 to 2 

Pressure and temperature at the low pressure compressor inlet are all known. In 

order to carry out the calculation, the low pressure compressor outlet conditions must be 

known. But they are unknown because the pressure ratio across the low pressure 

compressor has not been determined yet. At this stage, known conditions include the 

overall pressure rise across the two compressors (P3/P1), engine speed, compressor inlet 

conditions (P1, T1) and exhaust back pressure (P7). 
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Given Ne, p3/p1 

Set p2/p1, p3/p2 

Obtain 
32213221 ,,, −−−− pp ccγγ  

From MS Excel program

Assume LPCHPC ηη ,  

Assume 32 ,TT  

Calculate 32 ,TT  : Eq. (1) & (2) 

Assume ε  

Calculate 4T  : Eq. (3) 

Estimate 
5T   

Assume LPTHPT ηη ,  

Assume 76 ,TT  

Obtain 
76657665 ,,, −−−− pp ccγγ  

from MS Excel program 

Select compressor based on pressure ratio, 
corrected mass flow rate and efficiency 

Select turbine based on pressure ratio, corrected 
mass flow rate and shaft speed 

Simulate with physics-based simulation code 

Compare estimated  LPTHPTLPCHPC ηηηη ,,,  and 

5T with engine simulation results 

Simulate with physics-based simulation code and 
check performance (turbocharger operation, torque 
characteristics, fuel economy, efficiency of the entire 
system, and transient response) 

Add boost control devices 

Calibrate fuel injection control 

Finalized design 

Simulate with physics-based simulation code, 
check performance and refine the turbocharger 
selection (size) 

Set different reference engine speed and 
adjust target boost level if necessary 

Repeat matching procedure for 
different ( ) ( )1223 pppp   

Iterate

Compare T2 , T3  
and repeat

Compare T6 , T7  
and repeat

Iterate

Iterate

Calculate 767665 ,,, TTpppp  : Eq. (12) - (15) 

Figure 8. Dual-stage turbocharger matching flow chart 
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 For a single-stage turbocharger matching, compressor inlet condition and overall 

pressure ratio would be sufficient to complete the analysis. However, with the dual-stage 

turbocharger, the individual pressure ratios of the two compressors have to be assumed 

first while keeping the overall pressure ratio at a predetermined value. A systematical 

method to do this is parameterizing the ratio of each pressure ratio, and check the effect 

of each variation. Now with P2/P1 fixed, T2 can be calculated once appropriate value for 

compressor efficiency is assumed as shown in Eq. 25. 
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However, the specific heat ratio at the average temperature between the 

compressor inlet and outlet temperatures, (T1+T2)/2, is still unknown on the right side of 

the Eq. 25, since the compressor outlet temperature, T2, is not known yet. Thus, the 

compressor outlet temperature needs to be estimated to obtain the specific heat ratio 

using the Excel program, and then compared with the temperature calculated from Eq. 25. 

This step is repeated until the difference between the estimated and calculated 

temperatures becomes small enough. 

The estimated compressor efficiency, however, cannot be checked until the 

engine simulation results become available in Step 9. The engine simulation requires 

selection of the compressors and turbines at the end of Step 8. 

Step 2. From State 2 to 3 

This step is similar to Step 1. Assumptions are made for the high pressure 

compressor efficiency and outlet temperature. The estimated compressor outlet 

temperature is used to obtain gas properties using the Excel program, and then compared 
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with T3 from Eq. 26. This step is repeated until both temperatures are sufficiently close. 

Again, the estimated compressor efficiency cannot be compared with the simulation 

result until Step 9.   
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Step 3. From State 3 to 4 

Pressure drop across intercooler can be either assumed at a reasonable value or 

ignored without significantly affecting the outcome of the matching in the initial 

matching stage. However, it is fully accounted for in the engine simulation as the 

simulation code is capable of capturing the phenomenon. The simulation result confirms 

that the pressure drop in the intercooler is insignificant compared to the uncertainties 

introduced by other assumptions made in this stage such as turbomachinery efficiency, 

temperatures at various locations, and heat transfer effect.  

The intercooler effectiveness must be assumed in order to calculate temperature at 

the intake manifold (T4).  

   ( ) coolTTT εε +−= 134              (27) 

Step 4. From State 4 to 5 

Assuming a realistic air-fuel ratio at a designed engine operating condition, the 

temperature rise across the engine can be estimated from previous engine simulation 

results. Although the exhaust manifold temperature does not vary significantly between 

one iteration to another, as the variation in relative turbocharger size is usually small, it is 

necessary to compare the estimated temperature with the engine simulation result in Step 

9. If the difference is not negligible, the exhaust manifold temperature is adjusted and the 
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entire procedure is repeated in an iterative manner. The pressure at the exhaust manifold 

is determined after the overall expansion ratio calculated from the compressor-turbine 

power balance equations – refer to Steps 5 and 6.   

Step 5. From State 5 to 6 

Expansion ratio for the high pressure turbine can be calculated from energy 

balance equation between compressor and turbine. First, the temperature at the turbine 

outlet is assumed in order to obtain necessary thermodynamic properties of the gas. It is 

also necessary to assume the compressor and turbine efficiencies and mechanical 

efficiency of the turbocharger. The compressor and turbine efficiencies are compared 

with the engine simulation results in Step 9.  

The power required to drive the high pressure compressor is expressed as 
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For isentropic process, 

                   

( ) 3232 1

2

3

2

3
−− −

⎟⎟
⎠

⎞
⎜⎜
⎝

⎛
=

γγ

p
p

T
T

               (30) 

Substituting this into Eq. 29, 
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The power developed by high pressure turbine is 
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   ( ) ( )6565 TTcmmW pfaHPTHPT −+= −&&& η                       (32) 
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The power balance for the compressor-turbine assembly is  
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Therefore,  
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The temperature at the high pressure turbine outlet is determined from the expansion ratio. 

The estimated turbine outlet temperature is then compared with the value obtained from 

Eq.37, and this step is repeated if necessary. 
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Step 6. From State 6 to 7 

Expansion ratio and turbine outlet temperature for low pressure turbine are 

calculated similarly with the estimated values of turbocharger efficiencies and turbine 

outlet temperature. The estimated turbocharger efficiencies are compared with the engine 

simulation results in Step 9. The estimated turbine outlet temperature is compared with 

the value obtained from Eq. 39, and this step is repeated if necessary. 
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With expansion ratios obtained for each stage, the exhaust manifold pressure is calculated 

from p7.  
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Step 7. Compressor Selection 

Mass flow rate of the air entering the engine is calculated from displacement 

volume, estimated volumetric efficiency, and rotational speed of the engine and density 

of air in the intake manifold,  
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The corrected mass flow rate for compressors is calculated from compressor inlet 

conditions, 

   
12

2
_ pp

TT
mm amb

aHPCcorr && =          (42) 



 41

and,  
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With the corrected mass flow rates and the pressure ratios for each stage, 

compressors can be selected for each stage by positioning the operating points on the 

most efficient region of the compressor maps made available by the turbomachinery 

scaling routine. With the scaling routine, a single compressor map can generate infinitely 

many maps by changing the scaling factor. Thus the compressor selection is no longer 

limited by the availability from the turbocharger manufacturer. Compressors that perform 

most efficiently at the mass flow rate determined from Eq. 42 and 43, and pressure ratios 

determined by the ratio of the pressure ratios are selected from compressor maps.   

Step 8. Turbine Selection 

The mass flow rate of fuel is obtained from air-fuel ratio, since 
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The total mass flow rate through the turbine is 

   fae mmm &&& +=            (45) 

The corrected mass flow rate for turbines is calculated from the turbine inlet conditions 
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With the corrected mass flow rates, the expansion ratios, and the shaft speeds 

determined from compressor selection, turbines are selected from the turbine maps made 

available by the turbomachinery scaling routine.  

Step 9. Iteration 

In this step, the estimated exhaust manifold temperature, T5, and the estimated 

turbomachinery efficiencies, LPCη , LPTη , HPCη , HPTη , are compared with the results from the 

physics-based engine simulation code as the initial matching procedure is completed and 

the compressors and turbines are selected. The matching procedure is repeated with the 

updated values.  

Once the simulation results and the assumed values are in reasonable agreement, 

the matching is completed for that ‘ratio of pressure ratios’ (or pressure ratio parameter) 

parameterized at the beginning of the matching. Then, the turbocharger operations at 

various engine operating conditions are evaluated for sufficient surge margin, choking 

and the overall efficiency. The engine torque characteristics and transient response of the 

system are also evaluated.  

Once the evaluation is completed for one ratio of pressure ratios, the entire 

matching procedure is repeated for another ratio in order to find the optimal value for the 

given target manifold boost, e.g. the procedure is repeated for (P3/P2)/(P2/P1) = 0.8, 1.0, 

1.2, etc. Once the evaluation for different ratios of pressure ratios is completed, a decision 

can be made about the best ratio for the engine operating condition chosen for a reference 

point.  A logical choice for a reference operating point is the mid-speed and high load, 

essentially a point at which the optimal turbocharger efficiency is desired at the target 

boost level (P3/P1). 
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The final step then depends on the system architecture.  If no additional device is 

used for boost control, the turbochargers selected for the reference operating point are 

checked for sufficient surge margin at low engine speed and sufficient flow capacity at 

high engine speed using the physics-based engine system simulation. 

If boost pressure control devices are used, a follow up study using the engine 

system simulation is necessary to further adjust the turbocharger selection.  This is 

explained in the next sub-section and illustrated in the Flow Chart. 

Step 10. Adding Boost Control Devices 

It is often necessary to control the boost level in order to prevent the cylinder 

pressure from exceeding its designed limit. This is of particular interest in high-speed 

engines for passenger cars and trucks.  A bypass valve or a wastegate must be added to 

the system to keep the maximum cylinder pressure at a safe level. Several parameters are 

involved in designing such devices. Valve diameter, spring rate and pre-load pressure are 

among the parameters to be determined depending on preset valve activation point 

(intake manifold boost). The final design is chosen after iterations using the results from 

the physics-based engine simulation code. With the addition of these boost control 

devices, it is likely to find a certain degree of deviation from the performance without 

such devices. Therefore, it is necessary to refine the turbocharger selection (sizing) at this 

stage and iterate on the final design.  The fuel injection calibration should be addressed in 

parallel, as the boost level changes after the addition of a bypass valve or a wastegate. 

Step 11. Checking Critical Operating Conditions and Final Iteration 

The efficiency of the entire system, fuel economy, torque characteristics and 

transient response of the engine must be carefully investigated to confirm that the targets 
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are met.  After the system is evaluated over a full range of steady-state conditions, the 

transient response should be investigated as well.  An example is discussed in the 

following section.  This completes the Flow Chart shown in Figure 8. 

3.2. Turbomachinery scaling 

The scaling routine is based on non-dimensional representation of compressor and 

turbine characteristics. The functional relationships between non-dimensional variables 

[38] are  
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Since turbochargers operate on a specific gas (air for the compressor, exhaust gas 

for the turbine), the values of R and γ  are specified. Hence the non-dimensional groups 

become 
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The Reynolds number of the gas has little effect on the performance of the 

machine, and can usually be ignored. Hence  
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Since the turbomachineries to be scaled operates on the same pressure ratio, the 

non-dimensional groups become  
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The same impeller/blade tip speed should be maintained among the family of 

turbomachinery as the impellers/blades have the same tensile strength and durability 

since they are manufactured with the same material.   

   2211 DNDN =            (52) 

Assuming the similar geometry, the functional relationship becomes,  
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and 

   21 ηη =             (54) 

Even though, the efficiency varies with the size of the turbomachinery in reality, 

the variation is usually not very significant if the geometry is similar.  

By defining a scaling factor, 
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the diameter and shaft speed can be expressed as  
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With Eqs. 55 and 56, the compressor/turbine map can be scaled based on either 

the mass flow rate (scaling factor) or the diameter. For example, once the scaling factor is 

determined, the shaft speed can be scaled by Eq. 56, while the efficiency and the pressure 

ratio remain unchanged. 
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CHAPTER 4. BOOST CONTROL OPTIONS 

4.1. Introduction 

Boost control options considered in the study are a bypass valve placed across the 

high pressure turbine, and a wastegate placed across the low pressure turbine. Although 

there are more complicated boost control options available for a dual-stage turbocharging 

system, these two basic configurations are selected as they provide the fundamental 

understanding for building more complex systems.   

The automated matching procedure is performed for a reference operating point 

first, with valves inactive.  Then, steps 10 and 11 are pursued with a systematic 

simulation work using a thermodynamic engine system simulation.  The position of 

operating points on compressor maps are studied to ensure efficient and safe operation 

(no surge, no over-speeding) in the complete range.  This guided the final adjustments of 

high pressure and low pressure turbocharger and lead to performance predictions 

discussed in the last part of this section. The bypass valve placed across high pressure 

turbine limits the amount of power available for high pressure compressor while the 

wastegate placed across low pressure turbine limits the power available for low pressure 

compressor. They prevent the cylinder pressure from exceeding its mechanical limit by 

regulating intake manifold boost. The cylinder pressure limit is set to 180 bar. 

While both configurations provide effective means to control the manifold boost, 

each configuration has its own advantages and tradeoffs compared to each other. In this 
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study, the effectiveness of each configuration is weighed up against each other to provide 

a guideline for developing more complicated system with both the bypass valve and the 

wastegate are utilized with various control methods. 

Another boost control option considered in the study is not a device but a different 

engine cycle with early intake valve closure (EIVC). In spark ignition engine applications, 

EIVC is often used for load control instead of the throttle valve at part load and light load 

conditions. The inherent pumping loss associated with the throttling process is eliminated 

by controlling the engine load with EIVC.  

In Diesel engine applications, the EIVC can be used as a mean to regulate the 

turbocharger operation by controlling the air flow to the combustion chamber, thus 

eliminating the bypass valve, and lower the peak cylinder pressure at the same time. 

Since considerable portion of the compression is carried out in the compressor and the 

charge is cooled afterward by intercooler before it enters the cylinder, the final 

temperature of the charge reached after the compression stroke will be lower than that of 

the charge compressed only in the cylinder. The air is cooled as it expands after the 

intake valve is closed until the piston reaches the BDC. The overall thermal efficiency of 

the engine is also improved as the available energy in the exhaust gas is better utilized.  

4.1.1. Dual-stage turbocharger with wastegate 

The wastegate configuration is shown in Figure 9. A wastegate is placed across 

the low pressure turbine in this configuration to limit the available power to the low 

pressure compressor. With this configuration, a relatively small low pressure 

turbocharger can be used compared to the bypass valve configuration. The scaling factors 

found in the matching are 0.72 and 1.29 for the high pressure compressor and low 
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pressure compressor, respectively. Compared to the scaling factors found for the bypass 

valve configuration, 0.58 and 1.72, the compressors are relatively similar in size and both 

are utilized evenly throughout the entire operating range. 

 
Figure 9. Dual-stage turbocharger with wastegate 

4.1.2. Dual-stage turbocharger with bypass valve 

The bypass valve configuration is shown in Figure 10. A bypass valve is placed 

across the high pressure turbine in this configuration, and a smaller high pressure 

turbocharger is used compared to the wastegate configuration (scaling factor = 0.58). As 

a result, the high pressure turbocharger reaches its efficient operating region even at a 

moderate engine speed.  And at higher engine speed, the bypass valve limits the amount 

of air that passes through the high pressure turbine keeping the compressor from boosting 

excessively. 

 The low pressure compressor used in this configuration, however, is larger than 

that used in wastegate configuration. At low load low speed conditions, it is less efficient 

than that used in wastegate configuration due to its larger size. Nonetheless, the matching 
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method has produced a uniquely balanced dual-stage system with good efficiency and 

sufficient margin from either the surge line or the choke limit.  

 

Figure 10. Dual-stage turbocharger with bypass valve 

4.1.3. Early Intake Valve Closure (EIVC) cycle 

The early intake valve closure (EIVC) strategy is often used in spark ignition 

engines in order to improve fuel economy at part load conditions. Tuttle [56, 57] showed 

that both the early and late intake valve closure (EIVC and LIVC) strategy can improve 

the part load efficiency by eliminating or reducing pumping loss caused by throttling 

process in spark ignition engines. By varying the position at which the intake valve is 

closed to control the mass of charge inducted per cycle, the engine load can be controlled 

without the throttling process in spark ignition engines. A number of studies [58-63] have 

explored the potential of these strategies in improving part load fuel economy in spark 

ignition engines. Also, while the effective compression ratio reduces with both the LIVC 

and EIVC strategy, the expansion ratio does not change, giving a thermodynamic benefit. 
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In Diesel engine applications, these strategies have been used to reduce NOx emissions 

[45, 64], and to improve fuel economy [65].  

With the LIVC strategy, air is drawn into the cylinder close to atmospheric 

pressure for the entire induction stroke. The intake valve remains open during the 

beginning of the compression stroke however, allowing some of the trapped air to flow 

back out into the intake manifold. Once the intake valve has closed, the air remaining in 

the cylinder is compressed in the conventional way.  

 

Figure 11. EIVC vs. LIVC 

On the other hand, with the EIVC strategy, the intake valve closes part of the way 

through the induction stroke to prevent any further air from entering the cylinder, thus 

restricting the trapped air mass. Once the intake valve has closed, the pressure inside the 

cylinder will fall as the piston moves towards BDC, but the work done on the piston to 

expand the air will mainly be recovered at the beginning of the compression stroke. Once 

additional pumping loss 
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the intake valve is closed, the air within the cylinder will act like a gas spring, allowing 

this work recovery. 

P-V diagram of the EIVC and LIVC cycles with the same trapped air mass are 

shown in Figure 11. It illustrates the principle of the EIVC and LIVC strategies, and 

shows that there is additional pumping loss associated with the portion of air that is 

drawn into the cylinder and expelled back into the intake manifold at the beginning of the 

compression stroke when the LIVC cycle is used. This also affects the air-fuel mixture of 

next cycle as the fresh charge is mixed with residual gas inside the cylinder and then 

blown back into the intake port.  

 

Figure 12. Cylinder temperature 

Another issue associated with this phenomenon is the heat transfer to the intake 

manifold resulting in increased charge temperature compared to the EIVC cycle as shown 

in Figure 12, which, in part, negates the reason the LIVC is used. The cylinder 

increased charge 
temperature with LIVC due 
to mixing with residual gas 
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temperature plot is also obtained with the same trapped air mass for both EIVC and LIVC 

cycles. Besides the benefits of throttle-less operation in SI engines, the LIVC is often 

used to reduce charge temperature to avoid knock, but the increased charge temperature 

due to the charge expelled from the cylinder, which is mixed with hot residual gas, 

creates problem in this regard. In addition, the LIVC strategy is limited in the range of 

throttle-less operation as the intake valve closure can occur significantly after the ideal 

ignition timing for very light loads. Thus, there exists a conflict between ideal ignition 

timing and the ideal intake valve closing timing to reduce the load. 

However, the LIVC strategy offers benefits over the EIVC strategy such as lower 

cost and better mixing and turbulence that promotes better combustion compared to the 

EIVC. With the EIVC cycle, the intake valve needs to resist the adverse pressure when 

the intake valve is closed before the bottom dead center, which requires substantial 

change in valve train design, whereas only minimal modification is required with the 

LIVC cycle.  In addition, Tuttle [56, 57] has shown that the EIVC can reduce turbulence 

and mixing to levels lower than those experienced over a complete un-throttled induction 

stroke, and the subsequent entrainment and combustion processes are slowed down. 

However, with the EIVC strategy, deactivating one intake valve at part load can 

increase turbulence at reduced air flow. GM has employed such technique in production 

engines with conventional valve train. The adverse effect of the EIVC on combustion can 

also be countered by using asymmetric valve profiles. Wilson et al. [66] investigated the 

effect of such valve profiles on combustion in a fully variable valve train research engine. 

The same method is used in Honda VTEC-E engines.  
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The EIVC strategy offers throttle-less operation throughout the engine speed and 

load range because there is in principle no limit to the reduction of trapped air mass that 

can be achieved by early closing of the intake valve. This is the strategy used in the 

Valvetronic, a variable EIVC system, by BMW. GM has also tried the EIVC strategy, 

which uses the variable intake valve closing and intake valve lift control to un-throttle the 

engine at part-load and light-load operating conditions.  

 

Figure 13. Peak cylinder temperature and pressure 

The EIVC also offers reduction of peak temperature and pressure in the cylinder 

compared to the conventional valve timing through its charge cooling effect as shown in 

Figure 13. The trapped air mass and the amount of fuel injected are same for both the 

baseline timing and EIVC, but since considerable portion of the compression is carried 

out in the compressor and the charge is cooled afterward by intercooler, the final 

temperature of the charge reached after the compression stroke will be lower than it 

would have been if the charge was compressed entirely inside the cylinder alone. This 

results in lower peak cylinder pressure and temperature during the combustion process. In 
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Diesel engine applications, it can reduce NOx emissions and raise the boost considerably 

more than normal level as the peak cylinder pressure is reduced during the combustion.  

Additionally, with the lower peak cylinder pressure through EIVC, the injection 

timing can be further advanced compared to the conventional valve timing, which leads 

to better overall system efficiency. The overall thermal efficiency of the engine is also 

improved as the expansion stroke is longer than the effective compression stroke.  

In this study, the EIVC is employed to regulate the dual-stage turbocharger 

operation by controlling the trapped air charge in the combustion chamber, which allows 

the turbocharger to operate without the bypass valve resulting in better system efficiency 

thanks to better utilization of the exhaust energy. With the EIVC, the bypass valve is 

eliminated and the boost is controlled by varying the IVC timing at medium to high 

engine speed.  

A preliminary study was performed in order to determine the optimal intake valve 

closing timing at 2000 rpm where the bypass valve typically begins to open with 

conventional valve timing.  Initially, the performance of the engine with the baseline 

valve timing was simulated at full load at 2000 rpm, and a series of runs was conducted 

to determine optimum intake valve closing timing by comparing the BSFC at a specified 

intake manifold pressure.  

The intake manifold conditions are specified at the start of the simulation and 

remain constant throughout the simulation. In order to eliminate the effect of 

turbomachinery matching on overall efficiency of the engine system, the intake manifold 

is treated as a plenum, and the exhaust manifold is modified to an open system with 

specified pressure. The exhaust manifold temperature is determined by the mass and 
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energy equations as the exhaust gas from the engine flows into and out of the exhaust 

manifold.  

The exhaust pressure is determined by a specified turbomachinery efficiency 

model. Instead of using the physics-based turbomachinery model, a simpler model with 

constant isentropic efficiency is used to determine the exhaust pressure that satisfies the 

turbomachinery power balance based on mass flow rate from the physics-based engine 

system model. With the specified turbomachinery efficiency and intake manifold 

condition, the effect from the turbomachinery matching is eliminated.  

At the start of the calculations, initial estimates are made for the exhaust manifold 

temperature and volumetric efficiency of the engine as these are inputs to the specified 

turbomachinery efficiency model that determines the exhaust manifold pressure. Then the 

physics-based simulation with the intake plenum and modified exhaust manifold model is 

used to update the estimated exhaust manifold temperature and volumetric efficiency of 

the engine until the convergence is achieved.  
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Figure 14. BSFC with varying intake valve closing timing 

In order to eliminate the effect of air-fuel equivalence ratio on BSFC, it is kept 

constant by adjusting the fuel injection as the air flow to the engine varies with intake 

valve closing timing. The compression ratio is also adjusted to produce the same peak 
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cylinder pressure as the baseline intake valve timing in order to take full advantage of the 

EIVC. As shown in Figure 14, the optimal intake valve closing timing is found at 150o 

ATDC at 2000 rpm as the engine operates most efficiently with this IVC timing.  

 
Figure 15. Dual-stage turbocharging system without bypass valve utilizing EIVC 

The system configuration is shown in Figure 15. The intake valve closing timing 

switches from baseline timing (252o ATDC) to 150o ATDC at 2000rpm and the optimal 

scaling factors found for EIVC configuration after careful turbocharger matching are 0.53 

and 1.25 for HP compressor and LP compressor respectively, both of which are smaller 

than either the HP compressor of the bypass valve configuration or LP compressor of the 

wastegate configuration.  
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4.2. Simulation results 

4.2.1. The effect of the ratio of each stage pressure ratios 

The ratio of pressure ratio on the high pressure stage to that of the low pressure 

stage is parameterized and the optimal value is determined after running the physics-

based engine system simulation with different values of the ratios.  

The parameterized ratio of pressure ratios, along with ambient conditions and the 

overall pressure ratio, is an input to the Excel program that is developed to assist the 

turbocharger selection process. With outputs from the Excel program, the turbocharger 

map that produces the target boost pressure with the optimal ratio between the HP stage 

and LP stage is selected from the scaled turbocharger maps. 

Compressor operating points at full load condition are shown in Figure 16. Each 

dot represents the engine speed as indicated in Figure 16 (a), and the rest of the plots 

follow the convention. The target boost in this case is 2 bar at 1500rpm, and the ratio of 

pressure ratios is also calculated at 1500rpm (the second dots from the lower left corner) 

since the performance of the downsized engine at low engine speed is more critical in 

engine downsizing than at high engine speed. The results shown in the Figure 16 are 

obtained from the physics-based engine system simulation before any boost control 

devices are added. Thus the boost reached at high engine speed is excessive and the peak 

cylinder pressure exceeds the 180 bar limit. As the ratio of the pressure ratio increases, i.e. 

the contribution from the HP compressor to the overall boost increases, the relative size 

of the HP compressor decreases and the pressure ratio at the HP stage increases.  
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(a) (p3/p2)/(p2/p1)=1.0 

(b) (p3/p2)/(p2/p1)=1.2 

(c) (p3/p2)/(p2/p1)=1.4 
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(d) (p3/p2)/(p2/p1)=1.6 
Figure 16. Effect of ratios of each stage pressure ratios on compressor performance 

This is reflected in the brake torque produced by the engine and fuel consumption 

as shown in Figure 17. With higher ratio of HP stage contribution, i.e. smaller HP 

turbocharger, the engine produces more torque at lower engine speed, and less torque at 

higher engine speeds as the turbocharger efficiency of the HP turbocharger is reduced 

substantially mainly due to its limited flow capacity. The brake specific fuel consumption 

(BSFC) also suffers from the reduced turbocharger efficiency at higher engine speeds.  

 
Figure 17. Effect of ratios of each stage pressure ratios on brake torque and BSFC 
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compressor is smaller and efficiency suffers at higher engine speeds. The effect of using 

larger HP compressor is shown in less torque produced and higher specific fuel 

consumption at low engine speeds. The optimal value is selected depending on the 

priorities of the engine system design. For this study, enhancing the low end torque of the 

engine is the main factor in determining the ratio and the ratio of 1.4 is found to be 

optimal as the results show acceptable low end torque without excessive reduction in 

turbocharger efficiency at high engine speed. 

4.2.2. Fuel injection rate and timing 

In order to properly compare characteristics of different boost control options 

considered in the study, it is necessary to adjust the fuel injection parameters such as the 

injection rate and timing for each system as the performance of the system is strongly 

affected by them. The individual fuel injection timing map for each system is carefully 

tuned based on the simulation results obtained for each system at different engine speeds 

and loads.  

 

Figure 18. Cylinder pressure at 2000 rpm full load condition 

352o

353o

351o



 61

The injection timing is tuned to achieve maximum brake torque at a given speed 

and load unless the peak cylinder pressure exceeds the limit of 180 bar. An example from 

the dual-stage system with wastegate at 2000 rpm full load condition is shown in Figure 

18. In this particular example, 352o is selected as optimum injection timing since the 

cylinder pressure exceeds the limit if the injection timing is advanced further.  

 
Figure 19. Peak cylinder pressure and equivalence ratio 
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Figure 20. Fuel-air equivalence ratios under full load acceleration 

The fuel injection rate at low engine speed is regulated not to produce excessive 

smoke emission both in steady-state and transient operations as shown in fuel-air 

equivalence ratio plots in Figure 19 and Figure 20. At high engine speed, the fuel 

injection rate is adjusted for optimal fuel economy. Fuel injection rate and timing maps 
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for wastegate, bypass valve and EIVC configurations are shown in Figure 21, Figure 22, 

and Figure 23, respectively. 

 

Figure 21. Fuel injection rate and timing for wastegate configuration 

 
Figure 22. Fuel injection rate and timing for bypass valve configuration 

 
Figure 23. Fuel injection rate and timing for bypass valve configuration  
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4.2.3. Steady state results 

Operating points on compressor maps for the wastegate, bypass valve and EIVC 

configurations are shown in Figure 24, Figure 25, and Figure 26, respectively. The 

operating points on the compressor map indicate good turbocharger matching showing 

efficient operation at all speed and load conditions, and sufficient margin from both the 

surge line and the choke limit.  

 
  (a) HP compressor    (b) LP compressor 

Figure 24. Operating points of wastegate configuration 

The wastegate opens up at a preset intake manifold pressure, and the results are 

shown in the low pressure compressor map in Figure 24. The operating lines level out as 

the intake manifold pressure reaches the preset limit, and as the load increases the 

wastegate opens up earlier in the engine speed.  Overall, the final dual-stage system is 

well balanced between two stages and operating points stay within the efficient operating 

region. 
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point on the HP compressor map indicates that the bypass valve is actuated at higher 

engine speed on HP turbine while the pressure ratio on the LP compressor map continues 

to increase. The operating points on both compressor maps show efficient operations of 

both HP and LP compressors at medium to high engine speeds. 

 
  (a) HP compressor    (b) LP compressor 

Figure 25. Operating points of bypass valve configuration 

  (a) HP compressor    (b) LP compressor 

Figure 26. Operating points of EIVC cycle engine 
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The operating points of the EIVC cycle engine without bypass valve are shown in 

Figure 26. Compared to either the bypass valve or the wastegate configuration, both the 

HP and LP compressors are operating at higher pressure ratios, resulting in higher overall 

pressure ratio due to their smaller sizes. The EIVC cycle allows higher intake pressure as 

the peak cylinder pressure is lowered due to reduced effective compression ratio. Smaller 

turbochargers are used in both HP and LP stages even without the bypass valve since the 

EIVC allows significantly higher intake manifold pressure without exceeding the cylinder 

pressure limit.  

 
  (a) HP compressor    (b) LP compressor 
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(c) Intake manifold pressure 

Figure 27. Steady-state full load boosting characteristics 
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In Figure 27, boosting characteristics of different configurations are shown. With 

wastegate configuration, compression is done evenly between both stages. On the other 

hand, with bypass valve configuration, most of the boosting is accomplished by high 

pressure compressor at low speed operation while the low pressure compressor slowly 

takes over as the engine speed increases. With EIVC controlling the boost instead of 

bypass valve or wastegate, both the high pressure and low pressure compressors are 

allowed to boost higher than the other configurations. The reason that higher boost is 

allowed with EIVC is that the exhaust enthalpy is lower since more exhaust energy is 

utilized by the engine before the exhaust gas reaches the turbine due to longer exhaust 

stroke. 

 
Figure 28. Torque and BSFC 

Brake torque and brake specific fuel consumption (BSFC) of the dual-stage 

systems are compared in Figure 28.  The low end torque is much improved with the 

bypass and EIVC configuration compared to the wastegate configuration while all three 

systems produce relatively similar torque at high engine speed. The difference in low end 

torque mainly comes from the use of smaller high pressure turbocharger with bypass 

valve configuration and even smaller turbocharger with EIVC. The EIVC allows smaller 
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turbocharger at the low pressure stage than that used with bypass valve, and the smaller 

low pressure turbocharger allows even smaller turbocharger at the high pressure stage as 

the low pressure turbocharger operates on higher pressure ratio at high engine speed, 

which prevents the high pressure turbocharger from choking at high engine speed. 

The brake specific fuel consumption (BSFC) of the EIVC shows sizeable 

improvement from both the bypass valve and wastegate configuration since more exhaust 

energy is utilized by the engine due to longer effective exhaust stroke and the boosting 

system utilizes the exhaust energy more efficiently. Comparing the bypass valve and 

wastegate configurations, the bypass valve configuration has advantage in fuel 

consumption at low engine speed as the boosting system is more efficient with smaller 

high pressure turbocharger. On the other hand, the wastegate configuration shows 

improved fuel economy at high engine speed, as the boosting system operates more 

efficiently at high engine speed due to larger low pressure turbocharger and the smaller 

turbocharger in the bypass valve configuration does not operate efficiently at high engine 

speed. 

4.2.4. Transient results 

In order to study the transient characteristics of the three different boosting 

configurations, the engine system model is integrated with the vehicle dynamics model 

described in chapter 2, and then series of full load acceleration tests are performed with 

prescribed driving schedule. Initially the virtual vehicle is at rest with the engine idling 

and the full load acceleration command is given to the driver module until the vehicle 

reaches the speed of 70 mph in order to measure the time that takes for the vehicle to 

reach 60 mph from standstill. Then the vehicle is decelerated to 30 mph and maintains 



 68

that speed for 10 seconds, and another full load acceleration command is given to the 

driver module until the vehicle reaches 60 mph in order to measure 30 to 50 mph 

acceleration time, which often represents the vehicle passing performance. The results are 

shown in Figure 29 and Figure 30. 
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Figure 29. Vehicle launch performance (0 to 60 mph full load acceleration) 
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Figure 30. Vehicle passing performance (30 to 50 mph full load acceleration) 

In both tests, the boosting system with EIVC clearly out-accelerates the systems 

with either bypass valve or the wastegate, while the gap is narrowed to some extent in 30 

to 50 mph. The faster 0 to 60 mph time of the EIVC configuration is mainly attributed to 

the improved torque in the high engine speed range as the engine speed remains in that 

range for the most part of the test period once the engine speed passes low speed range. 

However, the difference becomes smaller in passing performance test as the EIVC 

configuration takes more time to build up boost in this highly transient condition since 

the available exhaust energy is less than systems with conventional valve timing. This is 

evident in Figure 31 and Figure 32.  
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  (a) HP compressor    (b) LP compressor 

Figure 31. Transient boosting characteristics under full load acceleration 
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Figure 32. Intake manifold pressure under full load acceleration 

Even with smaller size turbochargers in both HP and LP stages, EIVC 

configuration clearly takes more time to build up boost in the transient condition 

compared to bypass valve configuration, which even with slightly larger HP turbocharger 

and much larger LP turbocharger builds boost faster at the beginning of the acceleration 

as shown in Figure 31. Compared to the wastegate configuration, however, the EIVC 

configuration is quicker mainly due to much larger difference in turbocharger sizes even 

with disadvantage in available exhaust energy. It is also clearly shown that at the early 

stage of the acceleration, the larger low pressure turbocharger does not contribute much 
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to the overall boost for both configurations and the relative difference in size is not as 

important as the high pressure turbocharger size. 

4.3. Summary  

In this chapter, three different boost control options are compared in terms of 

engine performance and fuel consumption. The dual-stage turbocharger matching method 

described in chapter 3 is applied to optimize the turbocharger selections for each boost 

control options, and the fuel injection rates and timings are also optimized for the 

performance and fuel economy improvements using the engine simulation model 

described in chapter 2. The results demonstrate very good utilization of both high 

pressure and low pressure turbochargers in terms of turbomachinery efficiency and 

engine torque characteristics. 

The boost control options considered in this chapter include three basic 

configurations; a wastegate across the LP turbine, a bypass valve across HP turbine and a 

system utilizing EIVC. Between the exhaust bypassing mechanisms investigated in the 

study, the bypass valve across the HP stage provides better low end torque and transient 

responses mainly due to the use of smaller turbocharger in the HP stage where the 

aforementioned performances are critically affected. The bypass configuration has shown 

slightly worse performance and fuel economy at high engine speed than the wastegate 

configuration as the smaller turbocharger chokes with increased air flow. However, the 

bypass valve configuration is preferable since the performance at low engine speed and in 

transient condition is more critical in order to allow aggressive engine downsizing. 

Overall the system with EIVC proved to be the best among the options in terms of 

the engine performance both in steady state and transient operating conditions and fuel 
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economy improvement. The EIVC cycle has inherent advantage over the conventional 

valve timing in terms of thermal efficiency as the effective exhaust stroke is longer than 

the intake stroke utilizing more exhaust energy. It is also proven to be very effective and 

efficient in controlling boost in a dual-stage turbocharging system as it allows the 

boosting system to operate without exhaust gas bypassing mechanism, which is possible 

because the exhaust enthalpy is lower with longer effective exhaust stroke and the peak 

cylinder pressure is reduced due to charge cooling effect allowing much higher boost 

without exceeding the mechanical limits of the engine block.  
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CHAPTER 5. HYBRID DUAL-STAGE BOOSTING SYSTEMS 

5.1. Introduction 

A hybrid dual-stage boosting system is a boosting system that consists of a 

number of different types of air charging devices connected in a series configuration. 

Such devices include exhaust-driven turbochargers, mechanically driven superchargers, 

and electrically driven superchargers. Although it is preferable to use exhaust driven 

turbochargers whenever possible if the ultimate efficiency is the main interest of building 

a dual-stage boosting system, they do not always provide sufficient boost over the entire 

operating range of an engine. Especially in the low speed range, the downsized engine 

with dual-stage turbocharging system does not deliver the same level of performance of 

the baseline engine with larger displacement as shown in Figure 33. 
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Figure 33.  Torque from downsized engine with dual-stage turbocharger compared 

to torque from baseline V8 engine 
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While the torque produced at mid to high engine speed is comparable or even 

exceeds the torque produced by the baseline V8 engine, the torque produced in the lower 

rpm range is noticeably lower than that of the baseline engine. This is where the 

hybridization of the dual-stage boosting system is desirable even though the fuel 

economy must be sacrificed to some extent in favor of performance. For example, a 

mechanically driven supercharger connected in series with an exhaust driven 

turbocharger can provide strong boost even at low engine speed taking advantage of its 

direct connection to the output shaft of the engine. The combined effect of the boosting 

system is more consistent boost over the entire operating range of the engine at the cost 

of slightly less overall efficiency. 

Electrically driven superchargers are even better in this regard since they are 

completely decoupled from the engine and have the freedom to spin at any rate regardless 

of the engine operating condition. With this feature, the hybrid boosting system can 

become an effective method not only to increase torque at low engine speed, but also to 

reduce smoke by ensuring sufficient air volume. However, the electric motor and power 

supply system are the limiting factors [67, 68]. The battery and the generator cannot 

supply sufficient power for the electric compressor to maintain air flow as the engine 

displacement volume increases.  

In general, the hybridization of the boosting system results in fewer compromises 

in the boosting system matching. With the hybrid components enhancing the low speed 

performance, the turbocharger needs to perform efficiently only within the high speed 

range, which in turn improves the overall efficiency of the system. 
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The drawbacks of these types of hybrid systems include higher cost, complexity 

of the boosting system matching, and compatibility with the EGR system.  With the 

hybrid dual-stage boosting system, the exhaust manifold pressure is often lower than the 

intake manifold pressure as there is only one turbine at the exhaust side but there are two 

compressors in intake side. Therefore, it is necessary to route the EGR feed line into 

upstream of the compressors. This may lead to the component fouling and the reduction 

of the component durability due to the particulate contents and the corrosive compounds 

in the exhaust gas [69]. 

In this chapter, the performance of the downsized V6 engine with several 

different types of hybrid dual-stage boosting systems is compared with that of the 

baseline V8 engine with single-stage turbocharging system. The main focus is to enhance 

the low end torque and reduce the boosting system lag often associated with heavy 

downsizing. The performance of the hybrid systems are also compared with the 

performance of the dual-stage turbocharging system with EIVC as it offers the best 

performance among the turbocharger-only dual-stage systems compared in chapter 4. 

5.2. Hybrid dual-stage boosting systems  

5.2.1. Hybrid dual-stage boosting system with screw type supercharger 

The hybrid dual-stage boosting system with a screw type supercharger is 

illustrated in Figure 34. In this configuration, the turbocharger at the high pressure stage 

is replaced by a mechanically driven screw type supercharger. It draws power through 

mechanical connection to the crankshaft, and its rotational speed is directly proportional 

to the rotational speed of the engine. Thus it is relatively easier to design and predict its 

boosting characteristics than a turbocharger. However, superchargers are inherently less 
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efficient since they consume more power than turbochargers [70]. The screw type 

supercharger was selected for the hybrid boosting system component since its efficiency 

is superior to the other common type of superchargers such as roots type supercharger. 

 

 

Figure 34. Hybrid dual-stage boosting system with mechanically driven screw type 
supercharger 
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diminished as the down stream pressure has negligible effect on the mass flow rate of the 

screw type supercharger. Therefore, the screw type supercharger had to be moved to the 

HP stage as in the final design. 

5.2.2. Hybrid dual-stage boosting system with electrically driven supercharger 

 

Figure 35. Hybrid dual-stage boosting system with electrically driven supercharger 
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replaced by an electrically driven supercharger as shown in Figure 35. A centrifugal 

compressor is used in the electrically driven supercharger since it is very compact in size 

and has very low rotational inertia. However, even with much less rotational inertia 

compared to other types of superchargers, substantial portion of the power must be 

wasted in just overcoming the inertia of the compressor when the vehicle is accelerated in 

a short period of time as the centrifugal type supercharger requires very high speed (in 

excess of 100,000 rpm in many cases) to achieve desired boost. Therefore, the placement 

of the electrically driven supercharger at the HP stage is more advantageous as this 

configuration allows smaller compressor with less rotational inertia. Another reason that 

Intercooler 

LP Compressor 
 Turbine 

Ambient Air 
Inlet 

Electric Motor 

Intake Manifold 

Exhaust Manifold 

HP 
Compressor 

Exhaust Gas Discharge 



 77

this configuration is more efficient than the configuration with the electrical supercharger 

at the LP stage is that the overall boosting performance is more sensitive to the changes 

in the HP stage.   

The electric motor used for the supercharger has maximum power output of 8 kW. 

Considering the CCA (cold cranking ampere) ratings of the automotive batteries typically 

range from 500 A to 1200 A, the maximum power output of the motor is certainly near 

the upper limit of the electrical current handling of the system, but feasible without 

switching to a higher voltage system.  

5.2.3. Hybrid dual-stage boosting system with variable geometry turbine 

 

Figure 36. Dual-stage turbocharger with VGT at the high pressure stage 
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over-boosting. However, by replacing one of the fixed geometry turbines with the 

variable geometry turbine (VGT), which typically has larger flowing capacity when the 

inlet vanes are fully opened, the bypass valve can be effectively eliminated as the boost 

can be controlled by adjusting the vane position of the VGT. 

In this hybrid configuration, the fixed geometry turbine at the high pressure stage 

is replaced by VGT as shown in Figure 36. Initial study showed that it is more effective 

to replace the high pressure turbine with the VGT than to replace the low pressure turbine 

as the performance of the system is more sensitive to the changes in the high pressure 

stage. In addition, as the exhaust gas is no longer bypassed, the size of the low pressure 

turbine can be reduced, further improving boosting characteristics. 

5.3. Fuel injection rate and timing  

Fuel injection rates and timings adjusted with the similar procedure taken in the 

previous chapter. First the fuel injection rate is adjusted keeping the equivalence ratio low 

enough to avoid excessive smoke emission at low engine speed and transient condition, 

and efficient combustion at high engine speed. Then, MBT timings are established at 

different engine speed and load conditions using the engine simulation code and the 

timings are retarded where the peak cylinder limit is exceeded. The peak cylinder 

pressure, and the equivalence ratio in steady state and transient conditions are shown in 

Figure 37 and Figure 38.  
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Figure 37. Peak cylinder pressure and equivalence ratio under steady-state full load 

condition 
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Figure 38. Fuel-air equivalence ratios under full load acceleration 

Since the boost level reached by the hybrid boosting systems with an electric 

compressor and a VGT is substantially higher than that reached by other systems at low 

engine speed, the fuel injection rates and timings are already limited by the peak cylinder 

pressure even at the very low engine speed as shown in Figure 37. For other boosting 

systems, on the other hand, the fuel injection rates and timings are affected by the peak 

cylinder pressure only at high engine speed. The fuel injection rates and timings for 

different boosting systems are shown in Figure 39 through Figure 42. 

0.0

0.1

0.2

0.3

0.4

0.5

0.6

0.7

0.8

1000 1500 2000 2500 3000

Engine Speed, rpm

Eq
ui

va
le

nc
e 

R
at

io

SC + TC
EIVC Cycle
VGT + TC
EC + TC
Baseline V80

20

40

60

80

100

120

140

160

180

200

1000 1500 2000 2500 3000

Engine Speed, rpm

Pr
es

su
re

, b
ar

SC + TC
EIVC cycle
VGT + TC
EC + TC
Baseline V8



 80

 
Figure 39. Fuel injection rate and timing for SC+TC configuration 

 

 
Figure 40. Fuel injection rate and timing for VGT+TC configuration 

 

 
Figure 41. Fuel injection rate and timing for EC+TC configuration 
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Figure 42. Fuel injection rate and timing for baseline V8 engine 

5.4. Steady state simulation results 

HYBRID BOOSTING SYSTEM WITH SCREW TYPE SUPERCHARGER – By 

replacing the turbocharger at the high pressure stage with a screw type supercharger, the 

low end torque is improved substantially at the cost of slight fuel economy penalty as 

shown in Figure 43.  

 
Figure 43. Brake torque and BSFC under steady-state full load condition 
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torque which even exceeds the low torque of the baseline V8 engine. The shape of the 

torque curve in general is relatively even throughout the entire engine speed compred to 

the other systems due to the linear boosting characteristics shown in Figure 44. However, 

the BSFC is relatively high since the supercharger draws power from the engine output 

shaft. The boost from the supercharger is nearly constant thought the operating range of 

the engine, while the boost from the turbocharger at the low pressure stage increases 

steadily as shown in Figure 44. 

 
 (a) HP compressor    (b) LP compressor 
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(c) Intake manifold pressure 

Figure 44. Steady-state full load boosting characteristics 
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DUAL-STAGE TURBOCHARGER WITH VGT - The low end torque is 

improved due to higher boost realized by variable geometry turbine. The torque is already 

limited by peak cylinder pressure even at 1500 rpm as shown in Figure 37. The torque 

produced with this hybrid boosting system is superior to the other hybrid systems and the 

baseline V8 engine as well for the entire engine operating range with substantial margin. 

At higher engine speed, the boost is controlled by opening up the inlet vane. As a result, 

the boost from the high pressure turbocharger decreases as the engine speed increases 

while the boost from the low pressure turbocharger increases steadily as shown in Figure 

44.  

The VGT allows the use of larger turbocharger at the high pressure stage without 

sacrificing the performance at low engine speed, which in turn allows smaller low 

pressure turbocharger since the exhaust gas does not need to be bypassed even at high 

engine speed. With the fixed geometry turbine, the exhaust gas needs to be bypassed at 

high engine speed due to its limited flow capacity, dumping much of the exhaust energy 

unused at the high pressure stage. Therefore, the turbine at the low pressure stage must be 

large enough to cope with the increased expansion ratio.  

With the larger swallowing capacity of the high pressure turbine with VGT, the 

efficiency of the turbocharger is higher, and results in better overall efficiency as the 

exhaust energy is evenly utilized in both high and low pressure stages even at high engine 

speed. Bypass valve is unnecessary since the swallowing capacity of both the high 

pressure and the low pressure turbocharger are sufficiently large even at high engine 

speed.  
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HYBRID BOOSTING SYSTEM WITH ELECTRICALLY DRIVEN SUPER-

CHARGER – The torque is very strong at low engine speed exceeding the low end 

torque of the baseline V8 engine, as the electric motor can be operated at its full capacity 

even from the idle speed as shown in Figure 43 and Figure 44.  The effectiveness of the 

electric compressor is clearly shown in low engine speed, but the boost tapers off rapidly 

as the 8 kW electric motor becomes limiting at higher engine speed. The power required 

to compress the incoming air at medium to high engine speed becomes much larger than 

the electric motor can provide and the boosting system effectively becomes a single-stage 

system at these speeds. Therefore, the compression ratio of the engine dose not need to be 

lowered as the boost pressure at high engine speed where the peak cylinder pressure 

reaches its maximum is sufficiently low. The higher compression ratio (18.0) partially 

compensates for the performance deficiency with this boosting system. 

5.5. Transient simulation results 

Similar to the procedures taken in the previous chapter, the engine system model 

is integrated with the vehicle dynamics model described and then series of full load 

acceleration tests are performed with prescribed driving schedule. The results shown in 

Figure 45 and Figure 46 are obtained by running a full load acceleration from 0 to 60 

mph, and 30 to 50 mph with the engine systems integrated with the vehicle dynamics 

model.  The results shown in Figure 47 and Figure 48 represent the boosting 

characteristics of the hybrid boosting systems for the first 5 seconds into the full load 

acceleration. 
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Figure 45. Vehicle launch performance (0 to 60 mph full load acceleration) 
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Figure 46. Vehicle passing performance (30 to 50 mph full load acceleration) 

HYBRID BOOSTING SYSTEM WITH SCREW TYPE SUPERCHARGER – 

The transient response characteristics of the system are substantially improved due to the 

instant boost availability of the mechanically driven supercharger at the HP stage 

combined with very linear boosting characteristics of the screw type compressor as 

shown in Figure 47. The boost from the screw type supercharger at the high pressure 

stage is very strong from the beginning and nearly constant throughout the acceleration. 

This is reflected in the 0 to 60 mph vehicle launch performance as the second fastest 

system among the three hybrid boosting systems compared in the study (Figure 45). It is 

even faster to the 60 mph than the baseline V8 engine due to its slight advantage in high 

end and low end torque as shown in Figure 43. However, it is slightly slower from 30 to 

50 mph than the baseline V8 engine due the torque deficit in mid engine speed.  



 86

 
  (a) HP compressor    (b) LP compressor 

Figure 47. Transient boosting characteristics under full load acceleration 
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Figure 48. Intake manifold pressure under full load acceleration 
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caught up by vastly superior torque of the hybrid boosting system with VGT once the 

initial transient phase is over.  

HYBRID BOOSTING SYSTEM WITH ELECTRICALLY DRIVEN 

SUPERCHARGER - The limitation of the available power from the electrical system is 

more evident in transient conditions since the electric motor must overcome not only the 

load required for compression but also the inertia of the compressor. The boost from the 

electric compressor at the high pressure stage diminishes very quickly as the electric 

motor reaches its maximum power as shown in Figure 47. From that point on, the hybrid 

boosting system is essentially a single-stage boosting system as the electric compressor 

does not provide meaning boost for the remainder of the acceleration. 

5.6. Fuel economy 
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Figure 49. U.S. FTP-72 cycle 

The driving cycle used for fuel economy measurement is the U.S. FTP-72 

(Federal Test Procedure) cycle shown in Figure 49. In order to measure the fuel 

consumption and evaluate the engine system behavior, the engine system model 

integrated with the vehicle dynamics model is driven through the driving cycle which 
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simulates an urban route of 7.5 miles with frequent stops. The maximum speed is 56.7 

mph and the average speed is 19.6 mph. 
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Figure 50. Fuel economy through FTP-72 cycle 

As summarized in Figure 50, all the downsized V6 engines with dual-stage 

boosting systems show improved fuel economy over the baseline V8 engine due to 

reduced displacement volume. This signifies that the goal of engine downsizing with 

advanced dual-stage boosting system is achieved without too much compromise in 

performance except for the hybrid boosting system with electric compressor.  

Table 5. Fuel-air equivalence ratio when the electric compressor is turned off 

Load (%) 
700  
rpm 

1000 
rpm 

1500 
rpm 

2000 
rpm 

2500 
rpm 

3000 
rpm 

3300 
rpm 

100         0.58 0.51 
90         0.72     
80     0.68     
70  0.77 0.74     
60 0.73 0.70 0.67 0.65       
50 0.61 0.59       

However, the hybrid boosting system with electric compressor offers the highest 

fuel economy improvement over the baseline V8 engine since the electric compressor 

operates only when the fuel-air equivalence ratio exceeds the limit of 0.7 as shown in 

Table 5. The shaded area in the table shows the engine speed and load condition where 
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the fuel-air equivalence ratio exceeds the limit if the electric compressor is turned off. 

This resulted in reduced fuel consumption as the electric compressor operates only in the 

high load, low speed conditions, and it is reflected in the broadened BSFC contours in the 

medium to high speed engine operation region as shown in Figure 51 (f). 

The driving cycle used in the study puts emphasis on low speed, part load 

performance of the engine system as shown in engine visiting point plots in Figure 51. 

Since the engine visiting points are mostly clustered in low to medium speed medium 

load region, the fuel economy in this region is the most important factor in reducing the 

fuel consumption during the driving cycle. 

 
  (a) Bypass Valve      (b) Wastegate 
 

 
  (c) EIVC cycle     (d) Baseline V8 
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  (e) SC + TC      (f) EC + TC 

 
(g) VGT + TC 

Figure 51. Engine visiting points during FTP-72 drivng cycle simulation 

Compared to the baseline V8 engine, the dual-stage boosting systems in general 

moves the efficient region toward the low speed region by taking advantage of the dual-

stage boosting system, and it is reflected in the reduced fuel consumption as the engine 

operates in this region more frequently. Bypass valve, wastegate and EIVC cycle systems 

are good examples. The dual-stage turbocharging systems are optimized for the low 

speed engine operation, and the fuel economies are significantly improved over the 

baseline V8 engine and more so with the EIVC cycle as the thermal efficiency of the 

engine with improved and the exhaust energy is utilized more efficiently. The hybrid 

system with VGT also shows reduced fuel consumption due to the same benefit as the 
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other dual-stage turbocharging systems with significantly improved performance as well. 

The fuel economy benefit from the hybrid system with supercharger is not as significant 

as the other dual-stage boosting systems as most visiting points are in the less efficient 

region. 

Visiting points on compressor maps are shown in Figure 52. These plots show the 

utilization of the boosting systems while driving through the FTP-72 cycle. In general, 

the boosting systems are very well utilized showing most visiting points are clustered in 

the efficient region of the map, and show no sign of compressor surging or choking. Thus 

it can be concluded that the boosting systems are well matched to the downsized engine. 

The hybrid boosting system with electric compressor, however, shows distinctly different 

pattern as the pressure ratio and the mass flow rate through the electric compressor are 

inversely proportional because of the limited electrical power supply to the motor. Due to 

these characteristics, it requires more attention to avoid surging and choking. For 

example, it tends to surge when the electric motor spins at full capacity while there’s not 

enough air flow to maintain the pressure ratio. However, using a smaller compressor to 

solve this problem often leads to choking problem. Thus, finding the right compressor 

requires more iteration. It seems advantageous to move the operating region toward the 

center of the map, where the efficiency and flow range improves, either by increasing the 

supplied electric power or by changing the physical characteristics of the compressor 

itself.  
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(a) Bypass Valve 

 
(b) Wastegate 

 
(c) EIVC cycle 
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(d) Baseline V8    (e) SC + TC 

 
(f) EC + TC 

 
(g) VGT + TC 

Figure 52.  Visiting points on compressor map 
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5.7. Summary  

When compared to the conventional dual-stage turbocharging system, the hybrid 

dual-stage boosting systems show improvements in low end torque under steady-state 

condition and in transient responses since the hybridization of the boosting system results 

in fewer compromises in the boosting system matching. The hybrid boosting system with 

the screw type supercharger shows significantly improved performance at low speed and 

in transient conditions, while sacrificing the fuel economy at low to mid engine speeds. In 

terms of transient boosting characteristics, this system offers unparalleled performance 

even though the vehicle launch performance figures are not as impressive as the hybrid 

boosting system with VGT.  

The hybrid boosting system with VGT offers the best performance as well as 

substantial fuel savings over the baseline V8 engine. The hybrid system with the 

electrical compressor offers excellent low end torque under steady-state conditions where 

sufficient time for the electrical compressor to build up boost is available, but poor 

performance in transient conditions due to the limitation in electrical power supply. This 

system also offers the best fuel economy through the U.S. FTP-72 driving cycle as the 

system operates on a single-stage mode most of the time except when the extra boost 

from the electrical compressor is needed. Therefore, this hybrid boosting system is ideal 

for fuel economy improvement in a smaller displacement engine where the electrical 

power supply is no longer the limiting factor.  
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CHAPTER 6.  SUMMARY AND CONCLUSION 

The major technical achievements of this study are summarized below. 

First, a systematic dual-stage turbocharger matching method has been developed 

using a turbomachinery scaling and iterative procedure utilizing a combination of 

turbocharger thermodynamic relations and a physics-based Diesel engine simulation code. 

Simulation based turbocharger matching can significantly reduce the cost and evaluation 

time and can be tailored to a specific application. Unlike the turbocharger matching 

methods presented in [9, 46], where the best match is selected from the available 

compressor-turbine combinations of the inventory, the method developed in this study 

involves finding the best match for a specific engine application. Hence, it can be used 

for initial development of a new dual-stage turbocharging system, as it does not rely on 

available turbomachinery maps, but rather utilizes the turbomachinery scaling routine to 

explore a broad design space.  

Second, the matching method has been applied to a dual-stage turbocharging with 

three distinctly different boost control options to investigate the effect of different 

boosting control methods on engine performance and fuel economy. The effectiveness of 

the matching method is demonstrated by excellent utilization of both high pressure and 

low pressure turbochargers in terms of turbomachinery efficiency and engine torque 

characteristics. 

The boost control options considered in the study include two differently 

configured exhaust bypassing mechanisms, and an EIVC strategy that regulates 
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turbocharger operation without the exhaust gas bypassing mechanism. Regulating 

turbocharger operation by EIVC cycle is a novel approach that provides more reliable 

and efficient alternative to the conventional bypassing mechanisms such as bypass valves 

and wastegates. The simulation results demonstrates the EIVC strategy is clearly a 

preferred boost control method as it provides not only better thermal efficiency but also 

the charge cooling effect to the intake charge that resulted in lower peak cylinder pressure 

during the combustion which allowed smaller turbocharger selection than the other boost 

control options considered without exceeding the mechanical limit of the engine block.  

Third, in order to further enhance the low end torque and transient characteristics 

of the dual-stage boosting system, three different types of hybrid boosting systems were 

investigated and compared their benefits and trade-offs with the baseline V8 engine that 

is to be replaced by the downsized V6 with advanced turbocharging system. When 

compared to the dual-stage turbocharging system, the hybrid dual-stage boosting systems 

show improvements in low end torque under steady-state condition and in transient 

responses since the hybridization of the boosting system results in fewer compromises in 

the boosting system matching. In terms of performance compared to the baseline V8 

engine both in steady state and in transient conditions, the downsized V6 engine with 

hybrid dual-stage boosting systems with either VGT or screw type supercharger exceed 

the performance of the V8 engine. The downsized engine also shows improved fuel 

economy compared to the V8 engine.  

Fourth, the fuel economy of each system through the U.S. FTP-72 driving cycle is 

compared with the baseline V8. While the hybrid boosting system with electrical 

compressor offers the best fuel economy, the dual-stage turbocharging system with EIVC 
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cycle and the hybrid system with VGT offer the best overall balance between the 

performance and fuel economy, followed by the dual-stage turbocharging system with 

bypass valve. The hybrid system with screw type supercharger does not offer substantial 

fuel economy improvement nor the performance enhancement over the baseline V8 

engine. However, it offers better control over fuel-air equivalence ratio than the baseline 

engine, benefiting from the excellent boosting characteristics of the screw type 

supercharger.  

The assessment of the different types of hybrid dual-stage boosting systems 

presented in the study using physics-based engine simulation and the methodology used 

in the process provide valuable means to evaluate and develop a new boosting system 

that requires excellent low end torque and transient boosting characteristics as well as the 

fuel economy benefit from the downsized engine. It is also very economic compared to 

the experimental procedure that requires prototyping and testing of the new boosting 

system. 
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APPENDIX 

Appendix A1. Engine specification 

Bore mm 95 
Stroke mm 105 
Con-rod length mm 176 
Compression ratio  18 
Firing order  1-2-7-3-4-5-6-8 
Firing distance deg. 90 
valve numbers  4 
Swirl number  1.8-1.9 
Lower heating value MJ/kg 42.5 
Stoichiometric air-fuel ratio  14.5 

 

Appendix A2. Turbocharger performance maps for the baseline V8 engine 
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