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1.0 ABSTRACT

This report includes a preliminary overall appraisal of the various
conceivable heat engine cycles which might be used with a nuclear powerplant,
as well as a detailed investigation of the gas turbine cycle in this appli-
cation - particularly from the viewpoint of the turbomachinery. The report is
divided into Part I and Part II, with Part I comprising the overall investi-
gation and Part II the gas turbine study.

Part I.

It is the function of this portion of the report to review in a
preliminary fashion all heat engine cycles feasible for use in nuclear power-
plants. It is concluded that the gas turbine type, the steam type, and the
binary or trinary vapor cycle type include all the modes of design which are
presently practical. These cycles are reviewed primarily with respect to
attainable thermal efficiency as a function of source and receiver temperature.

It is concluded that within the range of source temperature up to
1500 F, the highest efficiencies may be obtained with the binary or trinary
cycle (about 59% at 1500 F), with a maximum of about 45% for the gas turbine
and about 49% for the steam cycle (Figure 11). It is further concluded that
the development of a 1500 F gas turbine plant with an efficiency approaching
this figure, except for very large outputs, is less difficult than the devel-
opment of either the steam or binary plant for the same temperature.

The machinery requirements of a binary plant are examined briefly,
and it is concluded that inherently no insuperable problem is involved. The
possibility of the utilization of sodium, mercury, or possible other fluids
as direct reactor coolant in a boiling-type reactor concurrent with its use
as a heat engine fluid for the high temperature portion of a binary vapor
cycle is discussed.

A listing of anticipated future efforts to compliment the work herein
reported is included.

Part II.

This portion of the report is concerned with a detailed investigation
of the gas turbine cycle ag it may be applied to nuclear powerplants. It in-
cludes a theoretical "perfect gas" investigation, and also a detailed study of
the effects of power output, pressure, and temperature on the overall plant
efficiency in terms of the variation of turbomachinery component efficiencies.
The "perfect gas" studies are applied to both monatomic and diatomic gases,
while both air and helium were considered in the machinery studies.



A "bagic cycle", consisting of a highly effective regenerator, a
single intercooler, & heat source and sink, and a compressor and turbine is
considered. This type of cycle was chosen rather than a "simple cycle" (no
intercooler or regenerator) because of higher efficiencies, though sacrificing
size and weight considerations to some extent. The conceivable variations in
component efficiencies and cycle arrangement from the "basic cycle” were con-
sidered, and thus a method for estimating the attainable efficiency for any
other cycle arrangement provided.

For the "perfect gas" study, it was noted that, for given tempera-
ture limitations and cycle arrangement, the plant thermal efficiency is affect-
ed only by the ratio of specific heats and the pressure ratio. Under these
assumptions, monatomic gases differ in attainable efficiency from diatomic,
but the gas molecular weight has no effect. Diatomic gases appear somewhat
superior in this respect. It 1s shown that the result may be somewhat mis-
leading since, in some instances, monatomic gases may show certain superior
qualities which may allow the attaimment of a given level of component efficien-
cy at reduced cost.

For the machinery studies with air and helium, the variations in
turbomachinery efficiency, size and type with output, fluid, temperature, and
pressure were investigated for the "basic cycle". Constant heat exchanger
effectivenesses were assumed. All significant results are tabulated, plotted
and discussed. In combination with the "perfect gas" study, these efficiency
results may be used to estimate the attainable efficiency with other cycle
arrangements.

The arnticipated course of future work is outlined.



2.0 INIRODUCTION

A nuclear reactor, as presently conceived, 1s essentially a heat-
producing device. If usable power is to be generated, it is necessary, under
present day technology to convert this heat through a suitable means to mech-
anical and/or electrical energy. Thus a "heat engine" of some sort is requir-
ed. Although very considerable experience and knowledge exists relating to heat
engines as uged in conventional fogsil-fueled powerplants, the step to nuclear
energy introduces many new factors and variables into the overall design. It
requires a reappraisal of the existing practice in order to adapt successfully
to the new boundary conditions. If nuclear powerplants are to be successfully
applied to transportation devices, where gize and weight become of paramount
importance, it is necesgsgary that the energy level be raised considerably a-
bove that obtained in present day nuclear plants, and even ahove that common
to fossil-fueled units.

In general it is necessary to consider various new working fluids
and cycles, and also to reconsider the conventional ones in the light of higher
temperatures, exposure to radiation, possible inaccessibility of machinery,
stringent sealing requirements, unusual relations between fuel costs and capi-
tal costs, etec. As is well known, the suitability of the various conceivable
heat engine devices depends upon the available source and receiver temperatures,
the size of the plant (i.e. power output), and various other factors involving
type of application, particular type and arrangement of the reactor, etc.

A general appraisal of the possible working fluids for heat engine
cycles (which comprise the only presently known practical large scale devices
for the conversion of heat energy into mechanical energy) shows that these are
either of the single phase type in the working range (as a gas} or exhibit
phase change within the cycle range (as water). There is also, of course, the
possibility of advantageously combining fluids of the same or different types
in this respect into the same cycle.

The present report reviews the various possible cycles from the
standpoint of attainable efficiency. The cycles being considered are the gas
turbine, the steam, and the binary {or trinary) vapor cycles which utilize
combinations of a low vapor pressure fluid for the high temperature portion
of the cycle and water or gas for the lower temperature portion.

In addition, detailed studies of the gas turbine cycle are included.
These consider "perfect gas" cycles, and also real fluid cycles, in which the
influences on efficiency of the plant output, pressure level, temperature, and
working fluid as they affect the turbomachinery are considered.



The work reported covers the preliminary phases and progress of
these investigations., Major items remaining to be considered are:

a)

D)

Additional working fluid combinations and further
refinement of those studies presently underway,

Evaluation of probable developmental difficulties
for the various cycles,

Radioactivity effects on working fluid and machinery,

Effects on gas turbine cycle of heat exchanger
component varistions,

Overall economic optimization of nuclear powerplants
for typical applications,

Control problems of an integrated nuclear-gas-
turbine powerplant.



3,0 OBJECTIVES

The work herein reported is being undertaken in partial fulfill-
ment of the contract between the University of Michigan and the Chrysler
Corporation. The general objective of this work is the examination of
possible heat engine cycles as components of nuclear powerplants, particularly
with respect to those features by which the imposed boundary conditions for
this type of plant may alter the previously established design philosopies.

A specific objective is the investigation in detail of the gas turbine cycle
for application to a nuclear powerplant.
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PART I. GENERALIZED HEAT ENGINE STUDIES FOR NUCLEAR POWERPLANTS

1.0 GENERAL THERMODYNAMIC PARAMETERS

1.1 Application to Nuclear Powerplant

For the successful utilization of a nuclear powerplant, heat gener- .
ated by nuclear fission in the core of the reactor must be converted in as
large a proportion as possible into useful mechanical work. This realizable
proportion is largely controlled by the temperature ratio available to the
heat engine: 1i.e., the ratio of the maximum absolute temperature available to
the heat engine fluid to the minimum absolute temperature at which heat may be
rejected to the environment.¥* The minimum temperature is a function of the
application and of ambient conditions. For example, it may be as low as 60 F
for a plant located in proximity to a suitable supply of cooling water. On
the other hand, it may be as high as 300-400 F in cases where an adequate
cooling medium may not be available. ‘

The upper temperature limit is fixed by the nuclear reactor. De-
pending on the choice of reactor type, it may assume a wide range of values.
Because increased maximum temperature, and hence increased heat engine tempera-
ture ratio*¥*, leads to the conversion of a greater proportion of the heat en=
ergy produced in the reactor to useful work, there exists a large scale effort
to increase the maximum available temperature for the existing reactor types,
and to investigate those apparently capable of higher temperatures. For this
reason it is necessary to examine the various heat engine alternatives and to
outline, from the viewpoint of thermodynamic efficiency, those most suitable
for various ranges of temperature. With this information in hand, it becomes
possible to intelligently consider the other factors involved in the selection
of a suitable arrangement for a given application.

1.2 General Discussion of Thermodynamic Factors

As is well known from the Second Law of Thermodynamics, the greatest
thermal efficiency which is possible for a heat engine cycle operating between
prescribed temperature limits is that of the Carnot cycle (Figure la), where
heat 1s received and rejected at constant temperatures, equal respectively to
the prescribed upper and lower cycle temperature limits, and where expansion

and compression are accomplished isentropically. This maximum efficlency may
be expressed as

*  The general relations are well illustrated in Reference 1l.

*% It should be emphasized that this efficiency increase is generally a function
of temperature ratio and not simply of additional temperature. Thus the
possible efficiency increase for a fixed temperature increase becomes less
for higher temperatures.

7
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T. - T
Mth = Zin ~ “out Where T refers to the absolute

Tin temperature scale.

The Ericsson and Stirling cycles (Figures 1b and lc) are also theoret-
ically capable of attaining the maximum possible thermal efficiency between
prescribed temperature limits. In the first case the isentropics of the Car-
not cycle are replaced by constant pressure, and in the second case by con-
stant volume processes. In both cases heat is received and rejected along
constant temperature lines as in the Carnot cycle. Here it 1s necessary to
postulate a regenerator so that heat rejected along 1-2 may be reabsorbed along
3-4., Thus it is implied that the working fluid be such that the specific heat
is not a function of temperature or pressure. (An example of such a fluid is,
of course, a perfect gas. )

Although it is not possible to duplicate these ideal processes with
actual machinery, they may be approached. In general, the degree by which
the ideal overall efficiency is approximated is controlled by the

1) approach to constant temperature heat admission and
rejection from the cycle at the maximum and minimum
temperatures available respectively; and by the

2) degree by which irreversibilities can be eliminated
from the cycle.

With these basic considerations in mind, one can examine the feasible
real cycles and postulate certain general statements as to their attainable
efficiencies.

1.2.1 Gas Turbine (Cycle

To attain theoretically the ideal Carnot efficiency with the
gas turbine type cycle, there are two alternatives. If the "simple"
cycle 1s considered (Figure 2a), consisting of heat source, expander,
heat sink*, aand compressor, the ideal efficiency can be attained only by
infinite pressure ratio. In this case, the heat addition and rejection
may be at relatively constant temperature compared to the overall tem-
perature spread (Figure 2b). This alternative is often used for aircraft
type powerplants where space and weight are of great importance, and
large heat exchangers prohibitive.

On the other hand, ideal efficiency may be attained with the
regenerative type cycle with an infinite number of reheat and expansion
stages. This cycle is illustrated in Figure 3b, where the arrangement

% In an "open" cycle, this component effectively becomes the infinte mixing
medium of the atmosphere. Thus thermodynamically there is no difference
between open and closed gas turbine cycles,

9
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closely approaches the previously described Ericsson cycle. The same
result would be approached by a regenerative cycle with no reheat or
intercooling but with a pressure ratio approaching zero (Figure 3c) since
here heat addition and rejection are accomplished at substantially con-
stant pressures (compared to the overall range ). Practically, this is
not a particularly useful approach because the work output per unit mass
of fluid would be very small and the required mass flow rates and machi-

nery sizes excessive.

A combination of these approaches, i.e. a cycle, with perhaps
one reheat and one intercooler stage, and with a highly effective re-
‘ generator appears desirable either for

1) an elevated-pressure closed cycle large output
plant (pressure ratio small so that all components
can be at reasonably high pressure to reduce machi-
nery and heat exchanger sizes), or

2) small output plants where the reduced flow rates
do not allow sufficiently high turbomachinery
efficiencies to profit fully from a high pressure
ratio cycle, and the large flow rate per output
is not embarassing.

1.2.2 Steam Cycle

The ordinary saturated steam cycle (Figure L4a) approaches the
Carnot cycle in so far as the main portion of the heat is added along the
constant temperature boiling line (and the expansion and compression are
. isentropic). If extraction feed water heating is employed, the approach
is closer, since, in the limiting case, all net heat to the cycle is
supplied along the constant temperature boiling line, and all net heat
rejected in the constant temperature condensing process.

Thus, in many cases, surprisingly high efficiencies are ob-
tained with a very limited maximum temperature with this type of cycle
(Army Package Reactor reports an overall thermal efficiency of 19.3%
with 407 F peak temperature. Reference 1). It has found general accep-
tance with the initial types of nuclear power reactors where only mode-
rate temperatures were possible because of the types of reactors employed.

Actually, of course, the turbine efficiency is severely penal-
ized by the necessity for handling a mixture of steam and water droplets
(involving, as well as destructive erosion, the inefficient momentum
transfer between the slow moving droplets and the steam). It has been
found desirable in past experience with fosgil-fueled plants to utilize
superheater-cycles (Figure L4b) so that the expansion may be entirely

12
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with dry steam. This affords an arrangement whereby the temperature
level of the cycle can be ralsed without increasing the pressure level.
Thermodynamically it does not take the maximum advantage of a given
available temperature. However, for a given pressure level, it is sup-
erior in efficiency to the saturated cycle because of the increased
temperature ratio, and also the increased turbine efficiency which can
be attained. The pressure level, with a steam cycle, has perhaps more
influence on the machinery cost and feasibility than the temperature.
Therefore, a superheater is an economic advantage.

If the water is to be vaporized in the saturated region, the
maximum boiling temperature and pressure must necessarily be less than
the critical temperature and pressure (705 F and 3206 psia). Since the
boiling temperature is so limited, the desirable superheat (or combination
of reheat and superheat) temperature is also limited. In other words,
if the superheat temperature, for a cycle of a given pressure level is
raised beyond a certain point, the result is rejection of heat from super-
heated steam at a temperature in excess of the condensing temperature.
From the viewpoint of efficiency, this is not desirable.

It is as a result of these conditions, that supercritical cycles
(Figure Lhe) have been considered and utilized (reference 2) since advan-
cing metallurgy has allowed the use of higher and higher maximum tempera-
tures and pressures. With the supercritical arrangement it is possible
to utilize effectively, from the thermodynamic viewpoint, whatever maxi-
mum temperature may be metallurgically feasible. However, higher tempera-
tures necessitate higher pressures, reaching the range of 5,000-10,000
psig (reference 2). This may become economically and mechanically in-
convenient. Also, from the viewpoint of the ideal cycle, the heat is not
added substantially at the maximum temperaturc, since no constant tempera-
ture addition is possible. Of course, the situation is improved consid-
erably by extraction feed water heating.

1.2,3 »sinary Vapor Cyclesg

The necessity for very high steam pregsures as more elevated
temperatures become feasible, makes apparent the advantage of a fluid in
which high temperature is not accompanied by high vapor pressure. Such a
fluid can be expanded through a turbine and condensed at a temperature
at which its vapor pressure (and density) reaches a minimum for feasible
turbomachine operation, but which is convenient for the addition of heat
to a moderate pressure and temperature sgsteam cycle.

These considerations led to the installation of several mercury-
steam binary cycle central station plants in this country in the years
prior to World War IL. The maximum temperature employed was only 958 F,
but the thermal efficiency (boiler losses excluded ) was hh%, accomplished

14



with a maximum pressure of only 365 psig (reference 3). This temperature
is too low for an advantageous recourse to a supercritical cycle.

Aside from the advantage of reduced pressure over the corres-
ponding steam cycle, there is the further advantage of increased effi-
ciency over the same limits of available temperature. This can be
explained theoretically on the basis that heat addition to the binary
cycle (with several extraction points) is substantially at a constant
temperature equal to the maximum cycle temperature, since the mercury is
used in a saturated cycle. On the other hand, in the superheated steam
cycle with which the binary cycle must be compared (since a saturated
steam cycle at 1000 F is not possible) the heat is added at a mean tem-
perature substantially less than the maximum available (i.e. at a tempera-
ture corresponding to the boiling temperature at the existing pressure,
say 550 F in this case).
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2.0 SPECIFIC CYCLE ARRANGEMENTS

2.1 Gas Turbine Cycle

As previously indicated there are two possible approaches to the
attainment of high efficiency in a gas turbine cycle. These are:

1) The utilization of very high pressure ratio and the
consequent elimination of bulky heat transfer equip-
ment such as a regenerator, and

2) The utilization of heat exchange equipment of maximum
effectiveness including a regenerator, compressor in-
tercoolers, and reheat stages.¥ This automatically
leads to the selection of a moderate pressure ratio
since the maximum efficiency occurs at such a value
(see Figure 6a of Part II for example).

It can be shown that, with attainable component efficiencies, a
higher cycle efficiency is feasible with the second arrangement, i.e. low
pressure ratio and maximum utilization of heat exchangers. The interrelations
of these efficiencies, the degree of their attainability, and the wvarious
alternative arrangements with various working fluids, are examined in detail
in Part II of this report. For the present purpose, a cycle including a
regenerator, a single intercooler, and & single reheat stage has been selected
to give approximately the maximum gas turbine cycle efficiency, which may
practically be obtained, as a function of temperature. This is not to say
that such an efficiency represents an optimum econamic design in all cases -
only that if generous weight, space and financial allowance may be made for
each component, this overall efficiency is obtainable for the imposed tempera-
ture limitations. For the purposes of the report, these temperature limita-
tions are largely a function of reactor design and ambient environmental
conditions.

The derivation for the thermal efficiency relation which was used
for this cycle is shown in Part IT (Section 8.1) and the assumed values of
component efficiencies (Table ITI, Part II). Although these values are
actually functions of the power level, pressure level, working fluid, tempera-
ture, ete. (these interrelations are examined in Part II), the values selected
for this computation are believed to be fairly realistic assumptions. To

* Heat source and sink, necessary to all heat engine cycles, are not included
in this discussion since from the viewpolnt of the cycle they do not allow
any freedom of choice. As a piece of physical equipment, the heat sink
exists in the closed cycle gas turbine, but, of course, not in the open.
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estimate the optimum efficiency for the given temperature level, curves were
plotted of efficiency against pressure ratio (Figure 5). The values shown
for the gas turbine cycle of Figure 11 represents the optimums.

A cycle utilizing a reciprocating compressor and/or expander for the
purposes of this report is also considered to be a gas turbine cycle. Such a
design might find application for low output power, in cases where the higher
component efficiencies for low flow rates of the reciprocating machinery
would be advantageous, and where the space-weight penalty not important. A
very real thermodynamic advantage of an internal combustion engine is that
high fluid temperatures are possible because of the intermittent nature of the
process. This situation cannot be realized in a cycle which depends on steady-
state heating as in a nuclear reactor. However, the possibilities of an inter-
mittent critical reactor in a reciprocating device have been considered by the
Baldwin Locomotive Company and others.

2.2 Steam Cycle

The steam cycle efficiencies plotted in Figure 11 for the various
temperatures are based on existing commercial plants as reported in the litera-~
ture. For the low temperature ranges, they involve simple saturated cycles
(references 1 and 3). As the maximum temperature is increased, superheat,
reheat, and extraction cycles are utilized where desirable (reference 3). For
the very high temperature ranges, supercritical plants were considered, in-
cluding both design studies and projected plants (references 2, 3, and 4).

The detailed assumptions and sources for this data are shown in the Appendix
(Section T.1).

As is well known, the applicability and the attainable efficiency of
high temperature and pressure steam cycles depends very strongly on the power
range. For example, it is shown in reference 4 that for a given inlet tempera-
ture the pressure for optimum heat rate increases with plant output. Also the
desirability of very high temperatures and pressures exists only in fairly
large plants, because of the small volume flow rates to the turbine. On the
other hand, if only moderate temperature is available, the saturated steam
cycle may well be the most suitable choice down to quite low power ranges
(reference 1 - considers a plant of 2500 hp output). However, in general,
for fairly standard temperature and pressure conditions, it appears that the
steam cycle is most suitable for power outputs in excess of 10,000 hp.

2.3 Binary Vapor Cycles

2.3.1 General Factors

As previously mentioned the required pressure for an efficient
high temperature steam cycle becomes extremely excessive. This is of
particular importance in the relatively low power ranges where the steam
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volume flow rate is not sufficient to allow an efficient turbine design.
Hence, the desirability of utilizing a fluid for which the vapor pressure
at a given elevated temperature is still moderate, is apparent. For these
reasons, several mercury-vapor and steam binary cycle central station
plants were constructed in this country and performed at extremely high
thermal efficiency (reference 3) at temperatures, high at that time (a-
bout 950 F) but today relatively moderate.

The efficiency of the mercury-steam cycle in the 950 F tempera-
ture range is considerably in excess of that of either the steam cycle
or the gas turbine cycle for the same temperature. Hence, it appears
desirable to consider seriously cycles of this type for higher tempera-
tures, which may eventually become avallable through advancing reactor
technology. As was mentioned before, (Section 1.2,3)there is good theore-
tical justification for the expectation of extremely favorable efficiencies
in the very high temperature range.

2.3.2 Working Fluids: Machinery and Nuclear Factors

In spite of its high efficiency, the mercury-steam cycle has not
enjoyed very extensive application apparently because of the mechanical
difficulties of sealing, pumping, etc. However, there have been very
great efforts expended in the last few years toward the development of
liquid metal pumps and seals in connection with the nuclear effort. It
is believed that a great many of the mechanical difficulties which existed
at the time of the original designs have been overcome.

Although the past operating experience with the binary vapor
cycle has been restricted to the mercury and water combination, there are
other possibilities for the high temperature fluid which may be more suit-
able in some applications. For example, sodium or sodium-potassium alloy
may be considered. Sodium has a much lower vapor pressure at a given
temperature than mercury, and would become applicable for maximum tempera-
tures of at least.the order of 1500 F. 1In this temperature range the vapor
pressure of mercury becomes quite excesgsive.

The principle difficulty with sodium lies in its extremely low
vapor pressure at temperatures suitable for transfer of the heat to the
water cycle. However, i1t turns out that the low pressure turbine blading
to handle sodium vapor at 1000 F is of the same order as steam turbine
blading operating to 3" Hg condenser pressure (Appendix, Section 7.2).
Since the sonic velocity of the sodium vapor would lie between that of
steam and air, no difficulty should accrue to the turbine design on this
account. The general practicability of liquid metal vapor turbines has
been demonstrated over the years by the performance of the steam-mercury
plants.
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The question of low vapor pressure at high temperature raises
the possibility of a trinary cycle wherein the sodium portion would serve
as a topping cycle to a mercury binary arrangement. ©Such a cycle is shown
on the T-S diagram of Figure 6. Another possibility which would lead to
a somewhat reduced efficiency would be the use of a sodium-steam binary
cycle (Figure 7) in which the sodium plant exchanged heat with a super-
heated steam cycle operating to about 1200 F. This involves a consid-
erable irreversibility in the heat transfer since a large portion of
the heat to the steam cycle would be delivered across a large temperature
differential. Another possible combination is a sodium topping cycle
discharging its heat to a gas turbine. This is shown in the T-S5 diagram
of Figure 8.

As a compromise between the low vapor pressure of sodium and
the high vapor pressure of mercury, there are the possibilities of sodi-
um-potassium alloy¥ or pure potassium. There are possibilities of other
metals also for which exploratory calculations have been conducted by
other agencies. However, since detailed thermodynamic data were avail-
able only for sodium and mercury, the preliminary calculations reported
herein consider only these two fluids. The vapor pressures for various
fluids at several temperatures are listed in Table I along with the
applicable references.

Sodium as a direct reactor coolant in some such device as a
sodium~boiler reactor is conceivable. Because of the high intensity gamma
radiation from sodium, the sodium portion of the machinery would require
extensive shielding. Since the pressure rises in the sodium are small,
it appears that either electromagnetic pumping equipment or Jjet ejectors
would be completely suitable, allowing a hermetically sealed system ex-
cept for the turbine. The ejectors have the advantage of serving also
as direct mixing heat exchangers and thus eliminating the necessity of
closed type heaters.

A cycle of this type could transfer its heat to either a con-
ventional water system or to a gas turbine system. In either case, the
efficiency is quite high. ©Since the density of the sodium working fluid
is low, the system might be quite adaptable to relatively small size
wits .  Calculations have been performed for the sodium-mercury-steam
cycle, for the sodium-steam cycle, and for the sodium-gas-turbine cycle.,
These are shown on T-S diagrams in Figures 6, 7 and 8 respectively. The
results of all the binary and trinary cycles are tabulated in Table II
where, for purposes of comparison, the best steam and gas turbine cycles
are also shown.

*¥ In this case the concentrations in the gas phase would depend on the partial
pressures existing at the temperature, and would not be a choice of the
designer.
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TABLE I. VAPOR PRESSURES FOR VARIOUS FLUIDS AT SEVERAL TEMPERATURES

Temperature Vapor Pressure
Fluid | OF psia Reference
Mercury 600 6.64 5
900 95.4
1200 509.5
1500 2000
Sodium 600 .01 6
900 1
1200 1.0
1500 9.0
1620 1h.7
Potassium 1400 1h.7 7
Rubidium 1270 4.7

Mercury, due to its high neutron capture cross-section, is not
in general a desirable reactor moderator or coolant. However, it can be
used as coolant for a fast reactor (Los Alamos Clementine) where high
capture cross-sections are not so disadvantageous. Potassium, and per-
haps other suitable fluids which may be determined, could be used with
varying degrees of success directly in a reactor. The mercury cycles
which were calculated are shown in the T-S diagrams of Figures 9 and 10.

2.3.3 Thermodynamic Calculations

In order to achieve optimum efficiency with cycles of these
types, it is necessary that irreversibilities in the heat transfer be
eliminated as far as possible. This has been approached by including
three extraction '"feed water™ heaters for both the liquid metal and the
steam portions. To take maximum advantage of the obtainable efficiency
with steam turbines operating with dry steam, the lowest liquid metal
extraction is used to superheat the steam. An efficiency of 0.85, in-
cluding reheat factor, was used. This was based on current figures for
large plant steam turbine efficierncy. A liquid metal vapor turbine
efficiency of 0.80, including reheat factor, was used. This reduced
value is assumed because of the unknown performance, and operation in the
saturated region. - In the case of the sodium-mercury-steam cycle a mer-
cury turbine efficiency of 0.83 was used because of the superheat afford-
ed by a sodium extraction.,

Several cycle arrangements with the mercury steam cycle were
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TABLE IT.

TABULATED EFFICIENCIES OF BINARY AND TRINARY
VAPOR CYCLES AT 1500 F INLET, 70 F COOLING WATER
(1" Hg cond. )

Cycle Description T-S Diagram Efficiency
1) Mercury-Steam, Extraction Fig. 9 .588
Mercury Turbine Eff. - .80
Steam Turbine Eff. - .85
Steam Superheated
2) Mercury-Steam, Non-Extraction Fig. 10 .550
Mercury Turbine Eff. - .80
Steam Turbine Eff. - .85
Steam Superheated
3) Sodium-Mercury-Steam, Extraction Fig. 6 .588
Sodium Turbine Eff. - .75
Mercury Turbine Eff. - .80
Steam Turbine Eff. - .85
Mercury and Steam Superheated
L) Sodium-Mercury-Steam, Extraction Fig. 6 .600
Sodium Turbine Eff. - .80
Mercury Turbine Eff. - .83
Steam Turbine Eff. - .85
Mercury and Steam Superheated
5) Sodium-Mercury-Steam, Extraction Fig. 6 671
Sodium Turbine Eff. - 1.00
Mercury Turbine Eff. - 1.00
Steam Turbine Eff. - 1.00
No Superheat
6) Sodium-Steam, Extraction Fig. 7 .518
Sodium Turbine Eff. - .80
Steam Turbine Eff. - .85
Steam Superheated
7) Sodium-Air, Extraction Fig. 8 486
Sodium Turbine Eff. - .80
Air Turbine Eff. - .89
Air Compressor Eff. - .89
Regenerator Effectiveness =~ .93
Precooler Terminal At -~ 20 F
Compression to Expansion
Ratio - 1.07
8) Supercritical Steam Cycle .485
7000 psig - 1500 F
Reference 4
9) Gas Turbine Cycle - 1500 F 448

Regenerator, Reheat, Intercooler
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investigated in the course of the study. However, it was determined that
the arrangement shown in Figure 9 is most suitable. Three extraction
points for the mercury and also for the steam are assumed, with the lowest
mercury extraction used to superheat steam. The calculated thermal effi-
ciency (considering no reactor losses) is 59.0% for 1500 F inlet and 79 F
condensate temperature. This can be compared to a similar cycle, which
had been calculated without extractions (Figure 10) wherein it was de-
termined that thermal efficiency under the same conditions is 55.0%.

Thus, the improvement due to the extraction heaters is 1.07.

Two trinary sodium-mercury-steam cycles were calculated with
three extractions in each phase but with slightly differing turbine
efficiencies (Figures 6a and 6b; the thermal efficiencies were 60.0% and
58.8%). Using the extraction sodium eycle discussed above, cycles in-
volving

1) sodium topping to steam cycle (Figure 7), and
2) sodium topping to gas turbine cycle (Figure 8)

were calculated. The resulting efficiencies for 1500 F inlet and 70 F
cooling water (giving 80 F steam condensate and 90 F air compressor in-
let) were .518 and .486 respectively. The latter cycle, when compared
with the regenerative gas turbine cycle with reheat and intercocler shows
an efficiency improvement of &M% (3.§ points). The former is about 2
points better than the corresponding super critical steam cycle and T
points better than the gas turbine (14%).

To more clearly illustrate the basic relations involved, a
simplified trinary cycle involving saturated Na, Hg, and H,O portions
with ideal turbines was calculated. This 1s shown on the %-S diagram of
Figure 6¢. The overall cycle efficiency was .694 compared to the Carnot
efficiency of .725. However, if the individuwal portions are compared
with the Carnot efficiency for that portion the results are as below:

Fluid :Ratio: Calculated to Carnot Efficiency
Na. 1.02k
Hg .985
H,0 -9k3

It is noted that the sodium portion shows an efficiency in ex-
cess of that of the ideal heat engine. The only possible conclusion is
that the degree of refinement of the sodium thermodynemic data as plotted
and listed (reference 6) is not adequate (linear extrapolation over large
ranges were necessary for this calculation). It is assumed that the
ratios of calculated to ideal efficiency for the mercury and steam cycle
are probably typical. Therefore the sodium portion efficiency has been
reduced by'a985/l.02h = ,962. On the basis that this correction should
be applied to the heat input to the overall cycle, the efficiency be-
comes ,671. This is a very conservative assumption since an equally de-
fensible procedure would be reduction of Na work only by this ratio.
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Estimates of the effect of turbine losses were made (method
of calculation is shown in Section 7.4.2 of the A.ppendix)° The results
are shown in Table III.

It will be noted from Table III that losses in the sodium tur-
bine have very little effect on the overall cycle. Losses in the mercury
turbine have slightly more, and losses in the steam turbine are most im-
portant. This 1s explained by the fact that losses in the topping turbines
result in additional heat to the lower turbines, and some of the loss is
thus recouped. This factor is often used in steam turbine design where
inefficient initial stages are employed to drop the pressure and tempers-
ture in a minimum number of stages to values which may be more economi-
cally handled. Therefore, an inefficient liquid metal turbine is not an
important handicap to a cycle of this type.

The approximate results agree very closely with the superheat
trinary cycle shown in Figure 6a where turbine efficiencies of 0.80,
0.83, and 0.85 (including reheat ) were used for the sodium, mercury,
and steam respectively. This cycle showed an overall efficiency of 60. 0%
as compared with 60.4% for the approximation in Table III. An additional
cycle with efficiencies of .75, .80, and .85 was calculated (Figure 6b).
The efficiency decreased by only 1.2 points to 58. 8% This confirms
the expectation that the efficiency of the liquid metal turbines is not
of great importance.

The effect of the irreversible heat transfer across the tempera-
ture drop between the various portions of the trinary cycle was estimated
(Section 7.5 of Appendix). It is noted that the efficiency is decreased
about 1.0 points on this account. The effect of a temperature differential
in the extraction heaters also was estimated (Section 7.6 of Appendix).
This involves an overall efficiency loss of only O. M% (0.2 p01nts) and is
thus quite negligible (no temperature differential at this point was
assumed in the calculations).

In the calculation of the sodium cycles it was assumed that the
sodium did not dimerize to form Na,. However, it is indicated in reference
6 that there is a likelihood of such an effect at high temperatures. It
is shown that the number of moles of a glven mass quantity of sodium will
be decreased by about 15% at 1500 F equilibrium on account of this effect.
If this is the case, there will be heat liberated during the expansion in
the turbine, so that the process will not approach an isentropic, and the
cycle efficiency will be somewhat reduced. This effect will be further
investigated as the work progresses.

Sample calculations, analytical procedure, and assumptions for
the one of sodium-mercury-steam extraction cycles are included in the
Appendix (Section 7.3). The results of all these calculations are tabul-
ated in Table II.
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TABLE IIT., EFFECT OF TURBINE EFFICIENCY ON TRINARY CYCLES

-,
| Cycle Conditions il Noarnot Noorr

Na Turbine - 1.00 .T00 725 671
1) Hg Turbine - 1.00

Ho0 Turbine - 1.00

Na Turbine - .80 .679 .725 .652
2) Hg Turbine - 1.00

H50 Turbine - 1.00

Na Turbine - .80 657 .T25 .631
3) Hg Turbine - .83

HEO Turbine - 1.00

Na Turbine - .80 .630 725 604
4) Hg Turbine - .83

H,0 Turbine - .85

Trinary Cycle I - Superheat

Na Turbine - .80 .626 . 725 .600
5) Hg Turbine - .83

HQO Turbine - .85

Trinary Cycle II - Superheat

Na Turbine - .75 .613 .725 .588
6) Hg Turbine - .80

HEO Turbine - .85

All cycles refer to inlet temperature of 1500 F and condensing temperature
of 79 F. Cycles 1, 2, 3, and 4 do not employ superheat. The values were
estimated as explained in Section T7.4.2 to show the effect of varying
turbine efficiency.
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3.0 COMPARISON OF VARIOUS CYCLES

The estimated attainable cycle efficiencies are plotted against
temperature for the gas turbine cycle, steam cycle, and binary vapor cycle
in Figure 11. In all cases, a cooling medium temperature of 7O F has been
assumed. On this basis, the steam and binary vapor cycles, considering the
good condensing for heat transfer coefficients, condense to 1" of Hg or 79 F,
whereas for the gas turbine cycles, a minimum gas temperature of 90 F was assumed.

The efficiency values are based upon an effective "boiler efficiency"
of 100%. In other words, no loss comparable to "stack loss" 1s assessed to the
nuclear reactor plant.¥ This is not to say that 100% of the energy actually
released in fission will find its way to the heat engine cycle. Actually,
there will be heat losses in and through the shielding, the neutrino loss,
and the conventional heat transfer losses in the primary loop, if the reactor
is not cooled directly by the working fluid. However, this is a function of
the particular design and can be applied to any desired case.

The assumed component efficiencies which enter into the overall cycle
efficiency calculations are believed to be attainable in large power output
installations where weight and space are not a factor per se. The quoted effi-
ciencies for a given cycle temperature are thus somewhat in excess of the
values applying to a transportation device where it may be desirable to com=
promise efficiency to some extent in exchange for size, weight, and perhaps
cost advantages.

It will be noted from the curve of Figure 11 that the attainable
efficiency of the gas turbine cycle, for a given temperature, is inferior to
that of either the steam or the binary-vapor cycles over the entire temperature
range. There is no doubt, however, that for the higher temperatures (1koo F
to 1500 F and above) where the proper utilization of the available tempera-
ture requires extreme pressures and considerable suxiliary equipment for the
steam cycle, that the gas turbine is the more suitable of the two in many
applications. An obvious point in case is the aircraft powerplant. Thus,
it appears that the developmental effort connected with producing a 1500 F
gas turbine plant with an efficiency approaching that shown would be much less
than that involved in producing a steam plant for these temperatures and effi-
ciencies, except perhaps in extremely large output ranges.**

¥ It is for this reason that (by a factor of about .85) the values given for
the steam and Yinary vapor cycles are higher than usually noted. This con=-
sideration does not affect the open cycle gas turbine since it is an inter-
nal combustion device.

*¥% As shown in reference 4, the supercritical steam cycle is limited to fairly
large power ranges because of the low volumetric steam flow rate in the high
pressure positions. This difficulty does not affect the closed cycle gas

turbine or the binary cycles to the same extent.
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The developmental effort involwved in a binary type plant is no
doubt large, but its true extent cammot well be estimated without more detailed
engineering studies. In its favor, of course, is the absence of high pres-
sure., As shown in the curve of Figure 11, the attainable efficiency from a
binary or trinary cycle is considerably in excess of that for either the gas
turbine or steam cycle, and follows quite closely to the Carnot efficiency which
is plotted as a reference. It is apparent that this will be the case for any
temperature if a fluid or fluids with a suitable liquid-vapor phase relation
can be found, so that heat addition can be at an approximately constant tem-
perature equal to the maximum temperature available. As higher reactor tem-
peratures become feasible, it appears that the possibilities of cycles of this
type must be given serious consideration, especially in view of the possibility
of integrating the coolant and heat engine fluids, as in the previously dis-
cussed sodium boiler reactor. As previously shown, a sodium topping cycle
of this sort may be combined with a low temperature gas turbine cycle to give
an overall efficiency in excess of the ordinary gas turbine cycle over the
same temperature range.
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4,0 FUTURE WORK APPLYING TO PART T

Preliminary work on the basic thermodynamics of the various possi=-
ble cycle arrangements has been completed, as here reported. Additional
efforts, continuing from this basis, becomes desirable. Such work will in-
clude the following:

a) Investigation of various possible working fluids from
the viewpoint of radioactivity effects; i.e. the degree
of machinery shielding, accessibility considerations,
etc, which are involved;

b) Further consideration to other possible working fluids
in addition to those discussed in this report;

¢) Further consideration of the binary type cycles from
the viewpoint of evaluating probable developmental
difficulties and costs;

d) Consideration of possible combinations other than
those already investigated.

Considering the combined possibilities of a direct-boiling liquid metal re-

actor and the extremely high efficiencies of the binary-vapor cycle, this
arrangement seems likely to represent one logical path for future developments.
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5.0 CONCLUSIONS

A broad investigation of various conceivable heat engine cycles and
working fluid combinations has been conducted. Their attainable thermal effi-
ciencies as a function of temperature have been calculated. The results are
plotted in Figure 11, and tabulated for 1500 F in Table II. These overall
efficiency values are consistent with component efficiencies which are gen-
erally attainable in large scale plants where efficiency is of primary import-
ance. They represent a maximum envelope curve for the given cycle and tempera-
ture.

The results show that the binary and/or trinary vapor cycles have
an efficlency advantage of about 33% (15 points) over the optimum gas turbine
and about 23% {11 points) over the steam cycle for an inlet temperature of
1500 F. The combined sodium-vapor-gas turbine cycle has an advantage of 8.5%
over the simple gas turbine at 1500 F (3.8 points). Efficiency-wise the gas
turbine is somewhat inferior to the other alternatives at any except extremely
high temperatures. The gas turbine cycle efficiencies shown apply roughly to
any diatomic gas as working fluid. Monatomic gases show a slightly reduced
efficiency for equal component efficiencies.

It is believed that the high temperature highly efficient gas tur-
bine is more easily attainable development-wise, especially in small sizes,
than the alternatives presented. In many applications where weight and space
are a factor, and capital cost of especial importance, it is no doubt the most
suitable selection. However, there appears the strong possibility that a
development of a boiling liquid metal reactor combined with a binary-vapor
cycle or a vapor-gas~turbine combination cycle might achieve efficiencies and
operating economies which are in excess of those attainable by other methods.
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7.0 APPENDIX - PART T

7.1 Assumptions for Steam Cycle Efficiencies (Figure 11).

7.1.1 Low and Moderate Temperature Steam Plants

Operating data for low and moderate temperature steam plants
was abstracted from various portions of the literature. The data util-
ized and the sources are shown below,

T.1.1.1 Kent's Mechanical Engineers Handbook - Power, J. Kenneth
Salisbury, 12th Edition, Reference 3.

Table XXIV, Section 8 (Part II) presents data calculated for various
cycles under the following conditions:

1) Overall turbine efficiency 82%
2) Moisture at turbine exhaust (full load) 11%

3) Terminal difference on feedwater heaters of 5 to
20 I for feed temperatures of 100 to 525 F

L) Steam generator efficiency (including air preheater

if used) 85%

5) Pressure drop between boiler and turbine, bleed
points and heaters, reheater piping and reheater 10%
6) Radiation loss - Bleed point to heater 2%
Reheat lines 3%

7) Normal auxiliary power allowances, with 20
kw-hr /ton as power for pulverizing coal

8) Feed water heated in equal temperature steps to
75-80% saturation

9) Final vacuum 29" Hg

It was assumed that five feed water heaters would be used. It was
also assumed that there were no heat losses between the reactor

and the working fluid. This is not actually the case. Factors such
as reactor shielding losses, heat transfer loop losses, etc. exist,
However, they depend on the specific design and are usually not
large. Thus, to provide an equal basis for the comparison of the
various heat engine cycles it was determined to assume zero losses
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of this type. Therefore, the nuclear plant efficiency is deter-
mined by dividing the conventional plant efficiency by the steam
generator efficiency which is 0.85 for these cases.

Heat Rate Conventional  Nuclear Plant
Cycle Conditions Btu/kw-hr  Plant Eff. Eff.
400 psia, 800 F 12,400 275 .323
600 psia, 900 F 11,590 .294 346
1200 psia, 1000 F 10,220 .33k .393
3226 psia, 1000 F 9,550 .358 o2

T.1l.1.2 Additional Sources

7.1.1.2.1 Liquid Metal Fuel Reactor steam plant. Reference 9.
Calculated data is given for a steam plant designed in connec-
tion with an IMFR-type reactor which operates with steam at 1265
psia and 900 F.

Abstracting the heat balance of Figure 6, Reference 9.

Heat Input to Cycle = 1,915,080 (1438.3 - 458.5)

= 1875 x 106

Work Output = 202,130 x 3413 _ 759 y 100

.98

(.98 is generator efficiency. )

Efficiency = _729 = .389
1875

T.1.1.2.2 Army Package Power Reactor - Reference 1
Cycle conditions call for LO7 F, 200 psia, steam conditions.
Anticipated overall efficiency is 19.25%.

7.1.1.2.3 Kent's Mechanical Engineering Handbook. Reference 3.
Table 17, pp. 8-73.

This table gives the calculated non-extraction ideal turbine
heat rates for various conditions. In the use of these points
the following assumptions were made:

l) Improvement in heat rate due to five feed water heaters
as given in Figure 43, Section 8 (Part II) of Reference
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2) Auxiliary losses are 5%;
3) Turbine efficiency is 0.85.

Then for an 800 psig, 650 F cycle:

Efficiency = 3413 x .85 x 1.115 x .95/8757 = .352.
For a 200 psig, 650 F cycle:
Efficiency = 3413 x .85 x 1.09 x .95/10140 = .296

7.1.2 Supercritical Steam Cycles
7.1.2.1 Reference 4 data.

Calculated data for supercritical steam cycles ranging from 1050 F
to 1450 F, and from 4000 psia to 10,000 psia are given. It is
shown that for large capacity plants (1000 MW, 300 MW, and 150 MW
are discussed) the desirable pressure at a glven temperature is
greater. It is also shown that larger plants for the same tem-
perature and for optimized pressure are capable of higher efficien-
cies. A steam generator efficiency of .89 was used in the calcu-
lations and thus the reported efficiency must be corrected by this
ratio toc give the corresponding value for a nuclear plant. All
losses ascribable to an operating plant were considered and evalu-
ated for the wvarious cases. The data used in the plot of Figure 11
is shown and reduced below.

Heat Rate Conventional Nuclear

Cycle Conditions Btu/kw-hr Plant Eff. Plant Eff.
4,000 psia-1050 F, 150 MW 9050 .378 hos
4,000 psia-1050 F, 300 MW 8820 .387 435
6,000 psia-1250 F, 300 MW 8320 H11 .b62
7,000 psia-1450 F, 300 MW 7970 429 482
10,000 psia-1450 F,1000 MW 7770 Lho Lol

Tn all cases condenser pressure is 13" Hg.

7.1.2.2 Philo Plant Operating Data (Reference 2).

This plant is to utilize steam at 1150 F, 4500 psia and to operate to
1" Hg condenser pressure. The full load output is 125 MW. The final
anticipated heat balance shows an overall thermal efficiency, as a
fossil-fueled unit of 3413/8530 = .400, Since the steam generator
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efficiency is .896, the corresponding nuclear plant efficiency

would be .400/.896 = .Lu6.

7.2 Liquid Metal Turbine Design Characteristics

7.2.1 Successful turbine design for high efficiency operation requires
that the Mach Number of the flow relative to the blading be subsonic.
Thus, if the sonic velocity for a particular fluid is very low with re-
spect to the conventional working fluids, turbine design might be seri-
ously circumscribed. The approximate sonic velocities for various of
the possible liquid metal vapors are listed in Table IV below. It will
be noted that with the exception of mercury they do not differ tremen-
dously from alr. However, mercury turbines have been constructed and
operated satisfactorily.

TABLE IV. SONIZ VELOCITY OF LIQUID METAL VAPORS AT 1500 F

Fluid Molecular Wt. ft/sec 1500 F
Na 23 2350

K 39 1800

Rb 85.5 1220

Hg 201 795

Air 29 2090

HQO 18 2650

7.2.2 Sodium Turbine = Low Pregsure Blading

Assume t = 1040 F in condenser. This is the value used in the
calculations. Then p = .20 psi (Reference 6). This is the equivalent
of about .4 in Hg. Sodium flow rates are about similar to steam rates
for the same power output (see Figures 6 and 7). Thus the low pressure
stage of such a turbine would be about comparable to the low pressure
stage of a steam turbine in a plant of the same power rating, condensing
at 1" Hg, or twice the flow capacity of a steam turbine condensing to
1" Hg.

7.3 Trinary Na-Hg-H~rO Cycle, Sample Calculations and Assumptions

7.3.1 Sample Calculations and Assumed Values

Two Na-Hg-H,O trinary cycles, a Na-H,0, a Na-Air, and two
Hg-H,0 cycles were computed. The results are shown in Figures 6, 7, 8,
9, and 10, and tabulated in Table IT.
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The calculating methods are the same for all the cycles. The
trinary cycle of Figure 6 - Cycle II is chosen as an example for illus-

tration.

The following assumptions were made for this cycle:

Turbine Efficiencies:

Na Turbine 75
Hg Turbine .80
HQO Turbine .85

Condenser Back Pressure:

HEO 1" Hg

Maximum Temperature:

Na 1500 F

Cycle Arrangement:

Na: 3 extraction points. Saturated cycle.

Hg: 3 extraction points. Superheated by one of
Na extractions.

HoO: 3 extraction points. Superheated by one of
Hg extractions.

Pump Work:

Pump efficiency .50
No credit for pump work input.

Extraction Feed Heaters:

Zero temperature and pressure differentials (see
Section 7.4 for comment).

The thermodynamic points were computed from the data of refer-
ences 5 and 6 for sodium and mercury respectively. No dimerization was
assumed. Steam data was taken from Reference 10. The expansion lines
were computed on the basis of the assumed efficiencies, considering the
drops between extraction points individually. No further credit for
turbine reheat was assumed.

For the steam expansion line, for example, the first drop (be-
tween the steam chest and first extraction) is computed in the following
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manner s

n
]

S5 = 1.521k, b, = 780 F, hl = 1362.35, p, = 1275

1
D} = 360

b} = 1228.9

Ant = 1362.35 - 1228.9 = 133.45
Ah1_2 = .85 x 133.45 = 113.43

h, = 1362.35 - 113.43 = 1248.92
by = 497.9 F

Sp = 1.5426

The locations for the extraction points were selected on the
basis of a more or less equal division of the feed water enthalpy rise.

The extraction quantities were computed on the basis of a sim-
ple heat balance. For example, the highest steam extraction becomes:

x (1248.92 - 412.67) = (L - x) (412.67 - 269.59),
x = 143,08/979.33 = 0.1461.

In this manner the other extractions were computed and the
corresponding flow rates through the turbine.

Then the work from the steam cycle becomes:

113.43 + 0.8539 x 118.382 + 0.7638 x 102.483 +
0.6696 x 14k.15 = 113.43 + 101.086 + 78.27k + 96.520

W

il

i

389.31 Btu/1b-H0.

The extraction quantities and work for the Na and Hg were com-
puted in similar manner. The only difference in procedure involves the
additional extraction flows for superheating of the subsequent fluids
which must be included in these cases.

The matching of flow quantities between the various fluids is
accomplished as a simple heat balance. The steam cycle flow was used
as a basis, and it was assumed that 1.0 units H.O was the quantity of
flow through the HEO steam generator. The Hg f%ow necegsary to superheat
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this steam was computed, as previously mentioned, along with one of the
extraction flows. The quantity of Hg to boil the HEO is computed in a
heat balance as shown below.

# - Hg cond
# - HoO boil

- 1179.8 - M12.67 _ ¢,
128.437 - 18.513 gk

The cycle points which correspond to the enthalpy values used may be
noted from Figure 6b. :

The same procedure was utilized to relate the flow quantities
in the Na and Hg cycles. All work and heat units were then referred
back to Btu/lb of water boiled.

On this basis the contributions to the total work from the Na,
Hg, and HEO portions of the cycle are:

Na 263 Btu/1b Hy0 boiled
Hg 262.84 " " "
Heo 389-3]. 1" 19 1"
Total 915 Btu/1b Hy0 boiled

The heat input to the cycle is that quantity of heat necessary
to heat the Na from the highest feedwater heater exit point to the satu-
rated vapor condition corresponding to 1500 F, This quantity becomes

Q;, = 0.7877 (2225 - 350) = 1480 Btu/lb H,0 boiled.

Then the cycle efficiency would be, considering pump work

= Work - 908 - 00613

Heat In 1480

As explained in Section 7.3, this result is reduced by a
factor of .96 to account for an apparent discrepancy in the Na data.
As is explained in that section, this is a very conservative assumption,
since a factor of .99 would be equally defensible.

7.3.2 Comments on Assumptions

The cycle calculations were somewhat shortened by the following
approximations:

1) No credit.for pump work reducing heat input;
2) No temperature and pressure differentials in feed water heaters;

3) No allowance for pump suppression head following each heater;
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L) No allowance for radiation losses;

5) Uniform but very low pump efficiency assumption applied to all
cases;

6) Division of turbine expansion lines into four portions only,
thus neglecting some of the existing reheat;

7) Use of only three feed heaters in each portion. A larger num=-
ber would increase efficiency to some extent.

It will be noted that assumptions 1, 5, 6, and 7 tend to re-
duce cycle efficiency while the remainder cause it to increase. However,
all of these effects are quite small and it 1s believed that they fairly
closely cancel each other. The final application of a factor of 0.96
to the overall efficlency 1s very likely to be highly conservative.

Thus the final cycle result, for turbines of the stated efficilency, is
believed to be conservative.

7.3.2.1 Turbine Efficiencies

For trinary cycle II, turbine efficiencies of .75, .80,
.85 ( including reheat effect beyond the four divisions of the ex-
pansion line for each fluid) were selected for Na, Hg, and Hy0
respectively. For cycle I, values of .80, .83, and .85 respective-
1y were used.

For the Hgmﬂgo cycles (Figures 9 and 10) turbine effi-
ciencies of .80 and .85 for Hg and H,O respectively were used (in-
cluding reheat as above). In general the attainable efficiency is
a function of the flow rate and hence depends on the size plants.
No evaluation of attainable efficiency for given cases was made,
but the values used apply generally to fairly large installations.
The high temperature liquid metal turbine efficiency has been
assumed lowest because of the unknown characteristics of the work~
ing fluid and the fact that it must operate with saturated vapor.
The intermediate turbine in the trinary cycles has been assumed
to be somewhat more efficient because it utilizes superheated vapor.

7.3.2.2 Liquid Metal Cycle Pump Designs

7-3.2.2.1 Mercury Cycles

Consider a 60,000 KW binary plant. As shown in these-
calculations the water flow rate is about 60 lb/sec and the mer-
cury flow rate about 850 lb/secq Then the respective flows are
about 550 GPM for the mercury pump and 420 GPM for water. Thus
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the pumping requirements will be of the same order of magnitude.

7.3.2.2.2 Sodium Cycle

The sodium flow rates are similar to those for the
water portion of the cycle since the enthalpies and densities
are similar. However, the total pressure rise in the sodium
cycle is only about 15 psi. Thus the possibility of electro-
magnetic or jet pumps is strongly suggested.

7.4 Estimation of Effect of Turbine Efficiency on Tdeal Trinary Na-Hg-Hgg

Cycle . OCorrecitions to Na Data.

7.4.1 Ideal Trinary Cycle

Utilizing the same temperatures, and thermodynamic data, which

were used in the calculation for Trinary Cycle I explained in Section 2.3,
a trinary cycle was computed using lOO% turbine efficiency for the three
turbines. The other assumptions and the calculations procedure was as
per Section 7.3 except that superheat was not used for any of the fluids.
The resulting efficiencies were compared to the Carnot efficiency for
each portion. The results are as listed below.

Cycle N e n/nc n/nc corrected
Na, .2395 234 1.024 .985
Hg .280 .28k .985 -
Hs0 52 479 .93 -
Overall 700 725 . 966 . 928

7.4.1.1 Correction to Na Data

It is obvious that the Na data (reference 6) is not suffi-
cient for these calculations. It 1s assumed that sodium and mercury
should give cycle efficlencies about equally proportionate to the
Carnot efficiency. Therefore, it has been assumed in all calcula-
tions that the heat input to the Na portion (which is of course the
total input to the cycle) must be increased by .985/1.024 = 0.962.
An equally defensible assumption would be that the heat input to
the sodium cycle is correct but that the work output is reduced by
this ratio. Then the effective reduction of the overall efficiency
would be only about 0.99. The true situation probably lies between
these extremes.

bt



T.4.2 Effect of Changing of Turbine Efficiencies

The ideal trinary cycle discussed in Section 7.4.1 was used as
a basis for the determination of the effect of changing of the various
turbine efficiencies.

As a first step, the Na turbine efficiency was decreased from
100% to 80%. This has the effect of decreasing work output from the Na
portion of the cycle, but increasing work outputs (i.e. flow rate/Na
flow rate) of the Hg and Hgo portions since more heat becomes available
in the Na condenser. On this basis, the heat/per unit Na flow rate to
the Hg portion is increased by a factor of 1.06 and the Na turbine work
decreased by .80.

Originally (all turbines at 100%) the work output was

HoO
Na .. _Hg . 22 = 32,300
10,880 9720 11,700
and with the above corrections this becomes
Na, - Hg HQO

10,880 % .80 + 1.06 (9720 + TL,700) ~ 3hH00

Thus, since heat input to the Na cycle is unchanged (Na flow rate un-
changed}, the cycle efficiency becomes (uncorrected for Na data)

.700 (31,4%00/32,300) = .679
a reduction of only .02L for a turbine efficlency reduction of .20.

In addition, as a second step, the Hg turbine efficiency was
reduced to .83, By a similar analysis, the cycle efficiency becomes
.657, a further reduction of ,022 for a Hg turbine drop of .17.

Finally, the steam turbine efficiency was reduced to .85. This
has the effect of reducing overall cycle efficiency to .63, a drop of
027 for an HEO turbine drop of .15. It will be noted that this final
result, derived approximately, matches very closely the more exact re-
sult of Trinary Cycle II (Figure 6b) where the same turbine efficiencies
were used, but where the Hg and H_. O cycles were superheated. This result
is to be expected in that the superheat does not inherently improve the
thermodynamic gituation in this case since it is only a matter of intra-
cycle heat transfer. The superheat is Jjustified, actually, as a means of
increasing attainable turbine efficiency.
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7.5 Effect of Finite Temperature Differential Between Various Portions of
Binary and Trinary Cycles

Consider as an example a binary Carnot cycle versus a simple Carnot
cycle as sketched below.

T s 25—

—— Ty — - — T_—_._ﬂx_
T I |
T A i
AT
fl)_l' cr e —— — —— —— —
= — —5
S )

In either arrangement the heat input to the cycle is TlﬁA Sl' In
the binary cycle, heat, in amount T, A S5;, must be transferred across the
temperature differential AT to become the heat input to the lower porticn of
the cycle, T3zx Suo

By continuity, TEA By = T3A S)y. Since To> T3, AS) > ASy. Heat
in amount T) A S) is rejected from the binary cycle and T) A Sq from the simple
cycle. The heat rejected from the binary cycle is greater than that rejected
from the simple cycle by the ratio ASL/A 8 = TQ/T3. Since heat inputs to
the cycles were equal, the work output and efficiency of the binary cycle are
less than for the simple cycle.

The amount of this reduction can be estimated for a typical example.
Suppose 1 g g = .60, Tp = 1500 R, and AT = 30 F. Then Tp = 1500/1470 = 1.02

N = Heat In - Heat Out . 7 _ Heat Out
Heat In Heat In

In this case

Heat OQut 40O
Heat In )

If Heat Out is increased in proportion to T2/T (i.e. 1.02), Heat Out is in-
creased by the same factor. Thus Heat In

N becomes 1 -~ .40 x 1.02 = .592
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Thus, for this type of cycle, there is an efficiency loss of about
1 point for every 30 F additional temperature differential between the portions.
Inherently, then, the trinary cycle is perhaps 1 point less efficient than a
comparable binary arrangement.

7.6 Effect of Temperature Differentlal in Extraction Feed Heaters

Ag stated in Section 7.3, no temperature differential was assumed
for the feed heaters. Practically, this case might be attained for the sodium
cycle by the use of godium ejectors rather than feed pumps, since the pres-
sure differential ig very low. However, for the mercury and steam cycles it
is only an approximation. A rough estimate of the magnitude of the discrepancy
introduced by this approximation is made in this section.

Suppose we assume a 20 F differential for each feed heater. Roughly
we may assume that the effect is similar for any of the portions of the tri-
nary cycle., Thisg effect is the reduction of turbine work caused by a removal
of a portion of the working fluid at a temperature 20 F greater than implied
by the zero temperature differential assumption which was made.

Say we conslder the portion of one of the Hg cycles in a trinary
cycle between the gecond and third extractions as typical. In this region
of the turbine expansion line there is a Ah of approximately 1.7 Btu/lb
corresponding to a &t of 20 F. The flow extracted at this point for feed
water heating is .189 out of a total flow of 8.89 or .021 of the total. Since
the total turbine enthalpy drop is about 37 Btu/lb, the loss on this account
is proportionately

L7x .01 . 00006
37

Since there are three extractions per fluid the total proportion-
ate loss is about 0.003 and is thus quite negligible.
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PART II, GAS TURBINE DETAILED STUDIES FOR NUCLEAR POWERPLANTS

1.0 CENERAL, THERMODYNAMIC FEATURES OF GAS TURBINE CYCLE

1.1 Approach to Ideal Efficiency

For the appraisal of any thermodynamic heat engine cycle, it is
first desirable to investigate its degree of approach to the ideal heat engine
cycle effiriency which, according to the Second Law of Thermodynamics, sets ‘
the maximum possible efficiency for given temperature limits. This situation
is examined in some- detail in Part I.

It is concluded that the gas turbine type cycle can approach the
ideal efficiency limitation either through the utilization of the "simple
cycle" (Figure 2 of Part I) with a pressure-ratio approaching infinity or
through an ideal regenerative cycle (Figure 3 of Part I) which approaches
the Ericsson cycle. This latter involves an infinite number of reheat and
also intercooler stages in the ideal case. Practically, of course, a com=-
promise gomewhere between these two extremes is required.

In past practice with fossil-fueled gas turbine plants, the first
possibility, i.e. the use of a high pressure ratio with no heat exchanging
equipment, has been applied to cases where size and weight of plant were of
more importance than efficiency. A case in point is the aircraft gas turbine
plant. However, where efficiency assumes proportionately more importance,
as for most land-based and marine applications, plants utilizing highly effect~
ive heat transfer equipment and a rather low pressure ratio seem more suit-
able. If practically attainable component efficiencies and effectivenesses
are assumed, it may be shown that plants designed according to the latter
philosophy zan achieve considerably higher thermal efficiency values for
any imposed temperature limitations. This fact is illustrated graphically
by a comparison of Figures 6e and 6d. Figure 6e is a plot of thermal effi~-
ciency against pressure ratio for a plant including regenerator, intercooler,
and reheater, as well as the universally required heat sink and source. It
is noted that, In this case, the maximum thermal efficiency values for source
temperatures of 900, 1200, and 1500 F respectively are 25.0, 3L4.7, and L41.5.
On the other hand, Figure 6d shows the maximum efficiency against pressure
ratio for a plant with no regenerator, intercooler, or reheater. Here it is
noted that the maximum efficiency values occur for considerably higher pressure
ratios (about 5.5 instead of 3.5 for 1200 F). However, the maximum efficiency
values are only 12.8, 19.3, and 2k.6, at the same temperatures.

1.2 Selection of Basic Cycle

High efficiency appears essential for any but perhaps airborne
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nuclear powerplants. Therefore, it was declded to base the study on the cycle
arrangement which i1s capable of the higher efficiency. As explained in the
last section, the choice of the regenerative type cycle is dictated. A basic
arrangement (see Figure 1) is assumed which includes regenerator, intercooler,and
heat source and sink, as well as turbine and compressor. (Thermodynamically
the decision as to whether the turbine would be divided into a power and com-
pressor drive turbine and the.decision as to whether the cycle 1s open or
cloged is of no significanaeo) This cycle was used as a basis from which the
effects of the possible variations in component arrangement, efficiencies,

and effectiveness could be evaluated. For this "basic cycle", the assumptions
listed in Tabie I were made.

TABLE I, ASSUMED COMPONENT FFFICTENCIES FOR THE BASIC GAS TURBINE CYCLE

Turbine Efficiency 85%
Compressor Effiziency 85%
Regenerator Effectiveness 93%
Ratio of Compregsor Presgure Ratio to Turbine Expansion Ratio 1.07
Cooling Medium Temperature 70 F
Minimum ¥iuld Tempersature 90 F

These values are believed to be attainable in large scale plants
where efficiency 1s of considerable import compared to capital cost. The re-
lations between the relstive importances of capital cost and efficiency depend
on the particular gpplication and no general statements may be made. For a
nuclear plant these relations may differ considerably from a fossil=fueled
plant. They depend very strongly on the type of reactor because of the in-
fluences of fabrication and reprocessing costs for the fuel elements, as well
as the price of uranium. A further study of this situation seems a logical
extension to the work which has been already accomplished.

A closed cycle type installation 1s assumed in the selection of
these component efflciencies. This is apparent in the case of the regenera-
tor. It 1s believed that,for a fairly large plant operating at elevated
pressure, that considering the consequent increase in heat transfer coeffi~
clents, a regenerator effectiveness of 0.93 is reasonable. This is particular-
ly the case for plants utilizing helium instead of air, where there is a fur-
ther improvement in heat transfer.

In genersl, the turbine efficiency will exceed to some extent the
compressor efficiency, and each of these values will increase for large flow
rates. This increase is somewhat obviated with the closed-cycle, elevated-
pressure plant, since the turbomachinery volume flow rates may be too low for
optimum efficiency in an optimized plant. This is the case becaugse the pres-
are level selection for an optimum plant design may be influenced more strongly
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by the regenerator requirements than by the turbo-machinery. It is believed
that the selection of a rather high réegenerator effectiveness with more moder-
ate turbomachinery efficiencies may represent a reasonable compromise for
the closed-cycle plant. Therefore, an assumption of 0.85 for turbine and
compressor efficiency has been made for the "basic cycle." It is not implied
that the turbine and compressor efficiencies are equal at 0.85, but that they
achieve values (turbine somewhat higher than compressor) which are the equiv-
alent, so far as the overall cycle efficiency is concerned.

1.3 General Relations with Perfect Gas

The calculations reported in this section are based on the assump-
tion of a perfect gas. There is no question of a mixture of combustion products
with the working fluid for a nuclear plant as in the case of the conventional
open-cycle fossil~fueled gas turbine. Therefore, the perfect gas assumptions
are believed to be fairly close to the actual case. The relations for the
thermal efficiency of the basic cycle and for the various permutations of this
cycle which were studied are derived in the Appendix (Section 8.1) and listed
in Table IT,

It will be noted from the expressions for the thermal efficiency
listed in Table II that the thermal efficiency is not a function of the work-
ing fluid. The only characteristic of a perfect gas working fluid which is
involved in the expression for the theoretical cycle thermal efficiency is the
ratio of specific heats. Thus, as far as the perfect gas assumption is ap-
plicable, a certain thermal efficiency is attainable with any diatomic (k = 1.k4),and
another with any monatomic (k = 1.66) gas, assuming no change in the attainable
component efficiencies and effectivenesses. This is, of course, not the gen-
eral case since the optimum heat exchanger designs for a given application
strongly depend on many characteristics of the gas not considered in this type
of analysis, and the optimum turbomachine design depends on such factors as
the Mach number and Reynold's number.

Under the agsumption of a perfect gas working fluid and constant
component efficiencies and effectivenesses, it can be shown that for any given
temperature limits the attainable thermal efficiency increases as the ratio
of gpecific heats decreases. This is illustrated in Figure 11 where thermal
efficiency at optimum pressure ratio is plotted against the ratio of specific
heats. The same effect is also evident from an examination of Figure 6, where
in all cases the maximum thermal efficiency for the k = 1.4 value exceeds by
one or two points that of the k = 1.66 value. Thus, under the assumptions of
this study, gases such as alr or nitrogen are inherently capable of higher
cycle thermal efficlencies than helium or argon. On this basis, gases with
a sgtill lower k value such as carbon dioxide would be even more suitable. As
far as actual machinery design is concerned this may not be the case. The
machinery required to extract the required efficiencies and effectivenesses
from the heavier gases may be more extensive than that required for helium,
so that the optimized plant for a given application may well show a higher
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overall efficiency with helium as working fluid than air. It 1s felt that this
situation degerves further examination and will be considered at greater length
in a continuing investigation.
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2,0 OPERATING PARAMETER VARTATION EFFECTS ON EFFICIENCY FOR PERFECT GAS

2.1 Bagic Cycle

As was explained in Section 1.0, a "basic cycle" was postulated,
consisting of a compressor with a single intercooler, a turbine, a regenerator,
and a heat source and sink (Figure 1). Along with the "basic cycle", four
other cycles, including the elements as listed below, were considered.

a. Compressor with single intercooler, turbine, heat source and sink,
(i.e. no regenerator). (Schematic Figure 2, performance Figure 6b).

b. Compressor, turbine,regenerator, heat source and sink, (i.e. no
intercooler ). (Schematic Figure 3, performance Figure 6c).

¢c. Compressor, turbine, heat source and sink, (i.e. no intercooler
or regenerator). (Schematic Figure 4, performance Figure 6d).

d. Compressor with single intercooler, turbine with single reheater,
regenerator, heat source and sink. (Schematic Figure 5, perform-
ance Figure 6e).

The "basic cycle" is also used as a basis for the determination of
the effect on thermal efficiency of changing each of the significant cycle
parameters individually with all other factors held constant. From the data
presented it is possgible to estimate the efficiency of any gas turbine cycle.
The estimate is obtained by correcting the "basic cycle" efficiency value
by the proportionate efficiency change caused by each of the cycle parameter
variations involved. The data is plotted in all cases as a function of pres-
sure ratliojand thus the optimum pressure ratio for given conditions can be
selected from the curves. Also, the proportionate loss of efficiency to be
expected from operation (as perhaps at part load) at pressure ratios other
than the optimum may be estimated. In all cases, data is presented for both
a monatomic and a diatomic gas {i.e. for k values of 1.66 and 1.l respective-
ly) and for inlet temperatures of 1500 F, 1200 F, and 900 F. The cycle dia~
grams are presented in Figures 1 through 5, and the performance curves in
Figures 6 through 9. Listed in Table III are the various cycle conditions
which are presented in this report.

2.2 Results of Theoretical Performance Calculations

Several important points are apparent from this study. At 900 F,
25% is approximately the maximum obtainable efficiency. This value corre-
sponds to the cycle with a reheater. Without a reheater, the approximate
maximum is 2395%, At 1200 F the maximum thermal efficiency with reheater
approaches 35% and without reheater 34%.
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At 1500 F however, the relation is reversed and the efficiency is
42% with reheat and 44% without.* It will be noted that these values are
greatly in excess of those for the cycles without a regenerator. For exam-
ple, with an intercooler but without regenerator or reheater, the approximate
obtainable maximum efficiencies at 900 F, 1200 F, and 1500 F, respective inlet
temperatures are 13.5, 20.0, and 25.0. These values are obtained at a much
greater pressure ratio than is optimum for the regenerative cycles. The
optimum pressure ratios for the cycles with regenerator are in the order of
2.5 to 4.0 whereas for the non-regenerative cycle they are in the order of

5-10.

In all the cycles which are plotted, it is seen that a greater in-
crease in thermal efficiency is realized for the temperature increase from
900 F to 1200 F than for the increase from 1200 F to 1500 F. This result
is to be expected since it will be noted from the tabulated thermal effi-
ciency functions in Table IT that thermal efficiency is a function of tem-
perature ratio across the cycle and not simply of temperature difference.

In considering the suitability of various gases for working filuids
in such a cycle it has been noted in Section 1 that the molecular weight of
the gas does not enter into the determination of the efficiency. The only
effect of using various '"perfect gases" with fixed component efficiencies
is through the ratio of specific heats. This is relatively minor. Con-
sequently, all diatomic gases are equal in efficiency and also all monatomic
gases. The monatomlc gas optimum efficiency is always a few points less than
that of the diatomic gas. In fact, (Figure 10), optimum thermal efficiency
increases consistently with decreasing ratio of specific heats. Of course,
as was previously mentioned, these results may be misleading,'since for a
given physical heat exchanger component, the effectiveness may be higher
with helium, for example, than with air, because of superior heat tréhsfer
properties. Then, for this case, the cycle efficiency with the monatomic
gas may be superior to that with the diatomic gas.

The advantage of a diatomic over a monatomic gas decreases as the
inlet temperature is increased. At 900 F, the thermal efficlency decreases
from 23.5% with a diatomic gas in one case (Figure 6a) to 21.5% for the
monatomic, and at 1500 F, from MQ% for diatomic to hl% for monatomic.gases.

The optimum pressure ratio increases as the maximum thermal effi-
ciency increases. However, the extent of the increase is greater with g
diatomic gas than with a monatomic gas. The cycle efficiency for a mona-
tomic gas also tends to decrease more rapidly at pressure ratios above the
optimum than for a diatomic gas. Thus the monatomic gas cycle does not
allow as broad an operating range at high efficiency as does the diatomic.

* However, in all cases, reheat will considerably reduce mass flow rates.
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It would appear for this reason that the monatomic cycle would be at a
somewhat greater disadvantage compared to the diatomic in off-design com-
ditions (as part load) than for the design condition; i.e. if part load were
to be achieved by reducing ma:chinery speed rather than the alternate possi-
bility for a closed cycle plant of reducing the operating pressure level by
removing gas from the system.

Tt will be noted that the optimum pressure ratio also increases
with reduced heat exchanger effectiveness. Figure 7 shows the effect as re-
generator effectiveness is reduced from .93 to .75 to .50. In fact the
optimum pressure ratio for the 1500 ¥ cycle without regenerator (Figure 6b)
is over 10, while it is only 4.2 for the 1500 F regenerative cycle with re-
heat and 3.2 for the regenerative cycle without reheat. It is only 2.3 for
this cycle at 900 F (Figure 6a).
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3.0 EFFECT OF PLANT SIZE AND REAL WORKING FLUID ON OTHER PLANT PARAMETERS

3.1 General Considerations

The data presented in Figures 1 through 10 and discussed in detail
in Sections 1 and 2, Part IL of this report are based on perfect gas relations
and certain component efficiencies and effectivenesses. These are assumed
to be typical regardless of plant size or actual working fluid. They are
then arbitrarily varied to agcertain the corresponding change in overall
plant thermal efficiency.

It is the purpose of the work reported in this section to attempt
to evaluate the actual efficiency values which may most probably be obtained
under various conditions of plant size, working fluid, operating pressure
level, and available source and sink temperature. To date this work has
been concerned mainly with the variation of turbine and compressor efficiency
as a function of the above parameters and the corresponding effect on the
overall plant efficiency. It appears useful to examine the heat exchanger
components in the same way, including the interrelations of capital cost
and operating cost for specific applications. ©Such an investigation will
involve the cogt of uranium processing, fuel rod fabrication, etc.

The present work has assumed given effectiveness levels for the
heat exchangers. It 1s obviously possible to attain any desired effective-
ness for such a component, the only question being one of the balance of
capital cost, welight and "fuel" cost. The situation is somewhat different
with respect to the turbomachinery. There is an approximate ceiling on the
efficiency for a given application depending on flow rates, Mach numbers,
Reynold's numbers, and the state of the art for this type of machinery, It
is desirable in almost all caseg to approach this ceiling value fairly
closely; i.e. to utilize a sufficient number of stages at proper speeds,-etc.
Possible exceptions are alr-borne devices where size and weight may be of
especially overbearing importance compared to efficiency. This latter is
particularly true of a nuclear plant, since in many cases, a reduction in
thermal efficiency of the heat engine device will not increase the size of
the reactor, or decrease the range of the vehicle or missile, It will only
result in an increase in the replacement fuel costs. In many cases this
would be of no importance whatsoever.

Efforts have been made to evaluate the ceiling value for turbo-
machinery efficlencies as it is affected by size of plant, working fluid,
temperature, and pressure. The evaluation has been conducted for a closed
cycle arrangement ("basic cycle"), which includes a compressor with a sin-
gle intercooler, a turbine, a regenerator, and a heat source and sink. To
the present time the evaluation has included air and helium as working
fluids for plants ranging in size from 600 to 60,000 horsepower, for inlet
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temperatures from 1500 F to 60C F, and for operating pressure levels, i.e.
compressor discharge pressure, from 45 to 1000 psia. In the future the
study will expand to include carbon dioxide. Air, helium, and carbon di-
oxide were chosen for the initial work since they cover a wide range of
molecular welght with the corresponding variation of the other applicable
quantities (sonic velocity, specific heat, ratio of specific heats, density,
viscosity, etc.)

In order to simplify the calculations to some extent, a pressure
ratio of 3.0 was gelected for all the conditions. This is fairly close to
the optimum for the "basic cycle' with high heat exchanger component effect-
ivenesses for the entire range of temperatures for both diatomic and monatomic
gases, as illustrated in Figure 6a. 'The other cycle constants which were
agsgumed for the study are listed in Table IV.

TABLE TV, THERMODYNAMIT ASSUMPTIONS FOR PLANT DESIGN CALCULATIONS

Regenerator Effectiveness 0.93
Ratio of Compressor Pregsure Ratio to Turbine Expansion

Ratio 1.07
Cooling Medium Temperature TO0 F
Minimum Working Fluid Temperature 90 F
Compressor Pressure Ratio 3.0
Insulation and Auxiliiary Losses 3%

The results of the study may be used to estimate the probably effi-
ciency of plants in which the cycle constants differ somewhat from those
chosen. This can be accomplished through the use of Figures 7 through 9,
where the loss of efficiency from the "basic cycle" optimum, chargeable to
various changes in the cycle parameters considered separately, is illustrated.

3.2 Gas Propertiesg

The air properties utilized in the study are as given in reference
1. References 1 and 2 were used Tor the viscosity data. These data con-
sider the variation in the specific heat with temperature, but assume that
the properties are constant with pressure. If the variations with pressure
as presented in references 3 and L4 are considered, it is found that over the
range of interest to this study the effect is negligible, i.e. the thermal
efficiencies which are computed from the air properties as corrected for
pressure variation are very close to those computed directly from the tables
of reference 1.

For helium, perfect gas data was used. Extreme-case cycle effi-
clencies computed on this basis were compared with efficiencies computed from

80



the data given in reference 5 and it was found that the difference was negli-
gible. Viscosity data for helium was taken from reference 2.

3.3 Turbomachinery Types Considered

The type of turbomachinery to be selected for a given application
depends on:

1) flow rate,
2) efficiency desired,
3) temperature,

L) +type of fluid {corrosive, lubricating qualities, abrasive
qualities, necessity for seal integrity, ete. )

5) pressure level,
6) variation from design point.

In the selection of components for a gas turbine plant, flow rate
and off-design performance are of the greatest importance. For a nuclear gas
turbine plant, there may be introduced complications involving the necessity
for absolute sealing if the fluid is radioactive, the necessity of preventing
any admixture of lubricant and fluid, and the necessity for remote mainte-
nance. In any closed cycle plant, if the fluid is other than air, there is
the necessity for a very good sealing arrangement on the basis of the re=~
placement cost of the fluid. For air, it becomes simply a matter of auxi-
liary power to operate the make-up compressor.

For the present, only the fluid-dynamic flow path design has been
considered. The study will be expanded to consider the mechanical difficul-
ties which will be involved if radiocactive working fluids are to be utilized.
However, the fluid-dynamic flow-path considerations dictate the cheoice of
axlal flow machinery for the large sizes, both for compressors and turbines
for the attaining of optimum efficiency values. In general as the volume
flow is decreased, because of low power requirements or high pressure levels
at moderate power, the possibility of a centrifugal compressor and/or tur-
bine exists. (For sufficiently small output, the centrifugal compressor
efficlency surpasses that of the axial flow machine.) Because of its more
stable operating conditions over a broader range, it may become the logical
choice for small plants. If very small flow rates are to be considered,
there is in fact the possibility that positive displacement machinery may
show to advantage in certain applications. If weight and space are not
important, it is certainly true that the efficiencies in small sizes of such
a device (reciprocating or rotating) may be superior to the centrifugal or
axial machines. However, in a closed cycle nuclear plant there may be
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added. difficulties of sealing and of preventing any contamination of the
working fluid from lubrication.

The same considerations of applicable type of machine versus flow
rate may be applied also to the turbine. However, due to the favorable
direction of the pressure gradient in the boundary layer, turbine design is
not nearly so sensitive a matter as is compressor design. Hence, it is
believed that an axial flow type can be used for the entire range. This is
not to say that centripedal or centrifugal turbines, or even positive dis-
placement expanders, may not be more applicable for certain situations, but
only that the axial-flow turbine efficiency will be typical, and not too far
from the optimum,

For the cycle evaluations herein reported, axial-flow, centrifugal,
and positive displacement (as the Lysholm type) compressors were considered
in the applicable flow range. Axial-flow turbine designs were considered
throughout. It was assumed that a turbine of this type, with 100% arc of
admission, was feasible to a wheel diameter of 5 inches with a 5/8 inch
blade height, Because of the necessity of high efficiency in this type of
plant, no partial admission designs were deemed suitable. Thus the oper-
ating pressure level for the minimum output plant considered is based on
reagonable volume flow requirements for such a turbine.

3.4 Methods of Efficiency Estimation

Efficiencies were estimated for the compressors and turbines pri-
marily on the basis of correcting the handbook values as quoted for given
flow rates with air at nominal pressures, according to the Reynold's number
and Mach number effect. This takes account of both pressure and working
fluid variation from the air machines. For the relatively large machines
the data was abstracted from reference 6 for axial, centrifugal, and posi-
tive displacement Lysholm type compressors. This data was plotted as shown
in Figure 12 and extrapolated into the low ranges according to data avail-
able from private sources. It is assumed that the efficiency of air com-
pressors, with the fixed pressure ratio of 3 and drawing suction from at-
mospheric air follows the curve shown. While there are no doubt examples
of numerous machines which vary substantially from these values, it is
believed that the curve is typical and certainly illustrates the correct
trend. A division between the ranges of axial, centrifugal, and positive
displacement machines was made. This is more or less arbitrary but follows
the information of reference 6. It is assumed that the actual efficiencies
obtainable with axial and centrifugal machines of a given size is a function
of the Reynold's number and the Mach number but that these parameters have
no effect on the efficiency of the positive displacement machine. It is
believed that the assumptions are well substantiated by experimental results.
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3.4.1 Axial Flow Compressors

To correct the efficiencies from the values applying to air
at standard temperature and pressure suction, the Reynold's number and
Mach number for the gstandard air case as well as the actual case under
consideration must be computed and compared. To accomplish this, cer-
tain assumptions with respect to the compressor design must be made.
It is assumed that symmetrical staging will be used as a typical although
not necessarily optimum solution, with a pressure ratio per stage of
1.082 for air. The vector diagram is illustrated in Figure 13. Using
typlcal blading angles, the axial velocity becomes 200 ft/sec, which is
again a reasonably typical value. It is assumed that the hub/tip dia-
meter ratio is 0.75 and that the ratio of blade height to blade spacing
measured perpendicular to the flow stream is 0.500 of the blade height.
Then the hydraulic diameter of the blading flow path becomes 0.667 x blade
height. (On the basis that the guidance of flow need not be as close
in the turbine as in the compressor, a blade height to passage width
ratio of 0.48 was assumed for the turbine. This is believed to be in
the direction of optimization since the frictional loss becomes less
with the reduced blading surface area.)

From these relations the compressor wheel dimensions were
computed and are tabulated for the various plants in Tables V through
IX. The Reynold's numbers for each condition (all dimensions and com-
putations refer to the first stage for both compressor and turbine),
based on relative blading velocity and passage hydraulic diameter per-
pendicular to the flow, were computed. These also are tabulated. On
the same basis, Reynold's number values for the standard temperature
and pressure air machines were computed and listed.

To estimate the actual efficiency of an axial flow compressor
for given conditions with a given working fluid, the efficiency for a
machine of the same volumetric capacity pumping air at standard tempera-
ture and pressure suction conditions is first noted from the curve of
Figure 12. It is then necessary to consider those changes in condition
between the air fluid and that under consideration, and to apply suitable
correction factors.

It is usually considered that the efficiency of an axial flow
compressor will be affected by mechanical losses, leakage losses (both
shaft seals and blade tip leakage), and by fluid dynamic losses asso-
ciated with the blading. The mechanical losses are usually quite small
compared to the overall power. These are assumed as a constant pro-
portion for the invegtigation. Leakage losses are mainly a matter of
dimensional control (i.e. a certain portion of the prescribed flow path
area through the blading is available for leakage flow around the tips;
shaft sealing losses are also a function of the clearances) and so, for
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a given physical size of machine they are approximately a constant
proportion of the through flow. Such an assumption is utilized for
the study.

The fluid dynamic losses through the blading are a function
of the blading geometry as well as Mach number and Reynold's number.
The influence of the geometry is evident through such factors as aspect
ratio logss, friction losg*, and blading form, involving the concepts of
angle of attack, 1lift, and drag. The blading form is intimately con-
cerned with the required pressure ratio per stage.

For the purposes of this investigation it is assumed that the
blade width to height ratio, the pressure ratio per stage, and the blade
forms are always optimized. In this connection a pressure ratio per
stage of 1.082 is assumed. Such a value is believed to be reasonably
typical of high efficiency designs. Therefore the only factors which
cause a variation in efficiency from the standard air machine are Rey=
nold's number and Mach number. If closed-cycle air gas turbine plants
are considered, there is no substantial variation of sonic velocity at
compressor inlet from that obtained in the conventional open-cycle,
since the sonic velocity is not a function of pressure. If the same
velocity triangles are assumed, there is no Mach number effect. It will
be noted that the maximum Mach number, based on relative velocity, is
about .308. If clogsed cycle helium plants are considered, and the same
velocity magnitudes are used, the Mach number at compressor inlet will
be reduced from the air case by a factor of about 2.9 and compressibility
effects will be negligible if the air velocities are used. Thus, it
appears that a high efficiency helium compressor can be safely designed
for considerably greater gas velocities than an air compressor. The
limit would then be one of wheel stresses. The ratio of the number of
helium stages required to obtain a given pressure ratio to the number
of air stages, 1f identical fluid velocities are assumed, is about 7.
(See Appendix Section 8.5.) However, if the Mach number were held con-
stant between the machines, the number of stages would be roughly the
same(except for variation in k). See Appendix, Section 8.3 for deri-
vation. The air compressor wheel speed assumed for the study is about
385 fps (see the velocity diagram of Figure 13). In view of the low
temperature of the fluid in the compressor, it seems reasonable to
assume a wheel speed for helium of about 2-1/2 times the value for air
or 962 fps. From this viewpoint, the number of stages for the helium
compressor for a given pressure ratio does not greatly exceed that for
air and the diameter for a given volumetric flow i1s considerably less.

*  Controlled by blade width. There 1s an optimum between increasing blade
width to reduce sharpness of turning and decreasing it to reduce friction
loss.
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This increase of velocity results in a very substantial reduction in
turbomachinery size for a given application. However, in substituting

a smaller machine there is a consequent efficlency reduction (Figure 19).
Thus the efficiency “ceiling” is not approached as closely for helium

as for air. However, it seems a reasonable assumption that the large
saving in cost and size should more than overbalance the loss in effi-
ciency. The diameters are tabulated in Tables X through XIV and plotted
in Figure 16. The number of compressor and turbine stages (turbine as-
sumptions are considered later) for various pressure ratios are tabulated
in Table XV.

For carbon=dioxide, the Mach number effects (as compared with
air) are in the opposite direction from helium. If the air velocity
diagram were assumed for a carbon-dioxide compressor, the Mach number
would be increased over the value with air by a factor of about 1.248.
Thus for carbon-dioxide the velocities should be reduced by this factor
if the efficiencies are to be compared. For a glven volumetric flow
rate and pressure ratio, the dlameters and blade heights for the carbon-
dioxide compressor will be somewhat greater than for the air unit. The
calculations for this fiuld are not pregently complete and will be re-
ported at a later date.

It 1s assumed in these estimations, that the Mach numbers must
be limited to those of present day conventional practice if the high
efficiencies, reported in the literature, are to be obtained. It is
telieved that the assumption of a drop of efficiency with increase of
Mach number 1s well substantiated by present experience, but may well
be a function of the state of the art and not an inherent limitation.
For example, it is known that a certain degree of success has been ob-
tained with transonic and supersonic compressors, although the operating
characteristics and efficiencies for the preliminary attempts have not
been as favorable as was hoped.

To sumarize the egtimating procedure to this point, the
compresgsor flowpath designs are assumed to be arranged in such a way
that the Mach numbers, blading designs, leakage areas and vector dia-
grams are the same as those for a "typical" series of air designs for
which the efficiencies as a function of flow rate are known. The only
remgining variable parameter is the Reynold's number. This has been
computed as explained previously for the "typical" air designs and is
plotted in Figure 14 as a function of inlet volumetric flow rate (which
of course determines the physical size of the machine under the stated
assumptions)° Now, to egstimate the efficiency of an axial flow com-
pressor with given flow, temperature, pressure, and fluid, 1t is
necessary to rough out the design of the machine under the assumptions
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TABLE XV

REQUIRED NUMBER OF COMPRESSOR AND TURBINE STAGES
FOR INCREASED PRESSURE RATTOS

(Pressure Ratio/Stage per Figure 13)

Plant
Fluid Component Pregsure Ratio No. Stages
Air Compressor 2 9
3 1h
b 18
6 23
8 26
10 29
Air Turbine 2 6
3 9
4 12
6 16
8 18
10 20
Helium Compressor 2 10
3 16
L 20
6 26
8 30
10 33
Helium Turbine 2 13
3 21
L 29
6 37
8 L3
10 L7
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previously described, compare its blading Reynold's number with that
of the "typilcal” air machine, and make the proper efficiency adjustment.¥

For the closed-cycle air machines, this involves first the cal-
culation of the inlet volumetric flow rate, blading passage dimensions,
and Reynold's number. Then comparison is made with the Reynold's number
for the same inlet volumetric flow rate (and hence same size machine)
which 1s plotted for the "typical" air machines in Figure 14. For the
helium or carbon-dioxide units an additional step is necessary in that
the calculated inlet volumetric flow must be corrected for the change
in velocity diagram (due to the requirement of constant Mach number )
to determine an adjusted flow for comparison with the same size "typical"
alr design. The results of these calculations are tabulated in Tables
V to XIV and sample calculations for typical cases are shown in the
Appendix, Section 8.4

It is generally true in fluid flow work that the loss coeffi-
cient for any given condition decreases with increasing Reynold's num-
ber. A very common case in point is pipe flow. This same trend ap-
plies to turbomachinery flow passages; thus blading loss coefficients,
which are a function of Reynold's number, are applied to estimate the
efficiency of a given machine. Blade loss coefficient data, showing
the loss as a function of Reynold's number and turning angle are plotted
in Figure 17. This is based on test work conducted by one of the well-
known manufacturers of this type of equipment (results not published in
the open literature) and is believed to be fairly typical. Certainly
the trend illustrated is correct. Somewhat similar results are no doubt
available through NACA work in this field, and also through recently
reported work at MIT (reference 7).

The compressor designs considered for the study utilize sym-
metrical blading. Thus the loss coefficient is to be applied both to
stator and rotor, and affects each equally. For the purposes of this
study, it is simply necessary to note the loss coefficient for the
"typical® machine at the glven flow rate, and that of the closed cycle
machine, and then adjust the "typical™ efficiency accordingly. The
resulting efficienclies and the major steps in the calculation are
shown in Tables V to XIV.

* The machine efficiency is assumed to vary in proportion with the blading
efficiency because the rotor and stator kinetic heads (to which the loss
coefficlent is applied) are equal and are always about 1/2 the enthalpy drop
per stage for the assumed velocity diagrams. Thus the loss coefficient
is effectively applied to 1/2 the stage enthalpy drop for both rotor and
stator, or to the whole enthalpy drop for each stage, as is nécessary if
the assumed type of variation is to exist.
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3.4.,2 Centrifugal and Positive Displacement Compressors

As previously explained, and illustrated in Figure 12, 1t is
assumed that positive displacement or centrifugal compressors should
replace the axial flow machines below a flow rate of about 2,000 CFM.

It seems a reasonable assumption that size of machine alone influences
the efficiency in the case of the positive displacement device, parti-
cularly if rotary units are considered. Typical efficiencies for Ly-
sholm type rotary positive displacement blowers for standard temperature,
pressure air are to be found in reference 6. It is felt that this type
of machine, due to its broad operating range, relatively high efficiency,
and reasonable size and weight has a good possibility for application

in fairly small gas turbine plants. 1In fact, it has been previously
used successfully in such an application by the Elliot Company (reference
8). Hence it is on this type of machine that the efficiencies are based.
It is realized that there are other possibilities and that these would
give somewhat differing efficiencies. However, the results are more or
less typical.

The lower end of the curve of Figure 12 is determined by the
positive displacement machine efficiencies and the upper end by the
axial flow. While the axial flow efficiencies are affected by Mach
number and Reynold's number considerations, the positive displacement
efficiencies are not. Between the axial flow and the lower positive
displacement ranges, largely overlapping the positive displacement
range, is the area of application of the centrifugal compressors. These
are affected by Mach number and Reynold's number in the same way as the
axial flow machines. Since the range of application is approximately
the same as that of the positive displacement machine, and since ade-
quate data relating these effects are not available to the authors, it
has been assumed that below about 2,000 CFM there is no Mach or Rey-
nold's number effect. Therefore, to determine the efficiency of a
closed cycle compressor, with an inlet CFM below this value the effi-
ciency corresponding to the applicable CFM is simply noted from the
curve of "typical™ machine efficiencies of Figure 12,

3.4.3 Turbines

As previously stated, it is assumed that axial flow, full
admission, impulse turbines are suitable over the entire range of the
study. Although centripedal, centrifugal, or positive displacement
expanders might be selected for given applications, it is believed that
the assumed axial flow machine will give at least comparable efficiency.
Thus, it is chosen as the basis for the efficiency estimation.

For the larger flow rates, where both turbine and compressor
are of the axial flow type, it is assumed that turbine efficiency and
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compressor efficiency are equal. It is realized that in general, for
any given set of conditions, 1t is possible to design a turbine of high-
er efficiency than the corresponding compregsor tecause of the favorable
direction of the boundary layer pressure gradient. However, due to the
more difficult mechanical conditions applying to the turbine (i.e. high-
er tempersture), it is usually desirable to increase the work per stage,
and thus the Mach numbers in the turbine, over those existing in the
compressor. Thus the irherently obtainable efficiency advantage of the
turbine tends to be offset to some extent in actual practice. To re-
duce gomewhat the length of the required calculations, it was decided to
asgume for the purpoges of this study, that these opposing factors bal-
anced for the axial flow range 2ad that the turbive and compressor effi-
clencies are the game.

of the allowable work per stage is one of thermal-centrifugal wheel
gtregses. From this viewpoint a reagonably conservative value, for the
pitch-line velocity, consistent with all but perhaps aircraft practice,
is 1000 ft/sec.* However, since the turbine and compressor generally
run at the same RPM, a somewhat lower value may be desirable, both to
avoild excessive diameters and to allow higher efficiencies. A typical
veloclty diagram, which iz considered applicable throughout the range
of the study, is shown in Figure 13. The relative Mach number with air
is only .39% even for the case of 900 ¥ inlet. Therefore no possi-
bility of a transonic or supersonic turbine exigts and usual data is
gubgtantially applicable.

For this reason, in the general case, turbine and compressor
rotating speeds wiil be equal. This ascumption iz made in the deter-
mination of the turbine wheel diameters which are plotted against tur-
bine output for wvarious fluid and operating conditiors in Figure 15.

To avoid excessive diameters the turbine wheel dimensions are based on

the assumption of a peripheral velocity 1.25 times (in the case of air)
that for the compressors. In some caseg, it may be desirable to reduce
the diameter and number of stages by allowing an RPM greater than that

of the compressor. Numbers of stages, for different pressure ratios

In many installations, there is the likelihood that the come
pressor may be divided into a two shaft, high and low pressure machine.

* The use of a 1000 ft/sec turbine with a 385 ft/sec compressor would of course
lead to a considerable mismatching of diameters if direct coupling is assumed.
Considering the very large power transmitted between compressor and turbine
(several timeg the output power, any interposed speed. reduction mechanism

seems a serious handicap.
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In this case, the shaft speed for the higher pressure unit will probably
exceed that for the low pressure, since volume flow is less, and a high-
er speed high pressure turbine could be conveniently coupled to the high
pressure compressor. For this type of design, the low pressure portion
of the turbine would be coupled directly to the low pressure compressor.
Thus it is not necessary in all cages that the rotating speed (RPM) of
the high pressure turbine match the low pressure portion of the compres-
sor.

For helium, there has been no increase from the compressor
design in the assumed turbine peripheral velocities {as there was for
air) since the tip speed limitation due to stress is applicable even
though the Mach numbers are quite low (Figure 13). The axial turbine
velocity was reduced from 500 ft/sec to 400 ft/sec to allow more rea-
sonable blade heights, since in most cases the first stage turbine vol-
ume flow is less than the first stage compressor flow. For fluids with
a sonic velocity less than air, as carbon-dioxide, it is felt that a
reduction in peripheral velocity is necessary to maintain the assumed
efficiency (i.e. maintain Mach numbers equal to the air machines ) con-
gsidering the present state of the art. The assumption of equal turbine
and compressor efficiencies in the axial flow range is made for helium
as well as for air.

An arbitrary ceiling of turbine and compressor efficiency of
0.90 is asgumed as the flow rates become increasingly large. This is
based on the consideration that it is impractical to build a single
machine above a certain physical size and that compromises with opti-
mum velocities, or even the dividing of the flowpath into two parallel
machines, becomes advisable. It is for this reason that there is the
leveling-off of the efficiency curves shown in Figures 18 and 19 where
turbine efficiency is plotted against turbine horsepower output for
various pressure and temperature levels. The logarithmic nature of
the plot distorts the curve from the intuitive expectation especially
at the high flow end. This type of plot is necesgsitated, however, by
the wide range of outputs considered.

As previously mentioned, it is arbitrarily assumed that full
admission axial flow turbines are suitable down tc a minimum size of 5
inches tip diameter and 5/8 inch blade height. The power levels corre-
sprding to this size, at the different pressure and temperature levels
investigated, is used as the lower cut-off point for the assumed velo=
city diagram (Figure 13 ). For power outputs below these points, it
is assumed that the peripheral speed is reduced, increasing the re-
quired number of stages. Efficiencies for each of these designs is
estimated on the basis of the blade loss coefficient data previously
discussed and plotted in Figures 18 and 19 (these calculations deter-
mine the lower portion of these curves). Leakage loss estimation was
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based on the assumption of a blade tip clearance of 0.010 inches, which
seems reasonable for a 5 inch wheel., Mechanical efficiency of 0.97 was
assumed. Sample calculationsg are shown in the Appendix (Section 8.L4).

3.5 Results and Tabulations

The final turbine and compressor efficiencies are tabulated in
Tables V through XIV for air and helium plants (carbon-dioxide results will be
reported at a later date) ranging in output from 60,000 to 600 horsepower, from
45 to 1000 psia in compressor discharge pressure, and from 1500 to 900 in tur-
bine inlet temperature. In all cases, 2 compressor pressure ratio of 3.0 is
assumed. As previously mentioned, this is fairly near to the optimum for the
type of cycle studied, for all the cases. The remainder of the cycle assumptions
were given previously in Section 3.1 and include notably a regenerator effec-
tiveness of 0.93 and a ratio of compressor pressure ratio to turbine expansion
ratio of 1.07. These latter assumptions appear generally on the optimistic side.
However, they appear feasible for an economically optimum closed-cycle plant.
In this type plant the heat transfer coefficients are considerably improved
over those common to a conventional open cycle installation. For plants vary-
ing in the different parameters and arrangement from those assumed for these
studies, it is possible to estimate the attainable efficiency or the bagis of
the curves of Figures 6 through 9. These show the change in efficiency due to
a change in any one of the operating parameters with all others constant, as
explained in Section 1.

Considering the listed turbine and compressor efficiencies, to-
gether with the other cycle assumptions, it is possible to compute the overall
cycle efficiency. This has been done for all cases, using the sources for gas
data given in Section 3.2. The regulting plant thermal efficiency values ar
tabulated in Tables V through XIV and plotted in Figures 20 and 21. These
efficiencies do not include reduction gear or generator losses, or any shield-
ing or transmission heat losses which may be agsociated with a given nuclear
reactor plant. A 3% radiation loss from the gas turbine ducting was assumed.

3.5.1 Discussion of Results

There are several interesting points which may be mentioned
in connection with these tabulated and plotted results. As might be
anticipated, the attainable plant efficiency drops considerably with.
power cutput, for any given temperature limit and for any pressure
level. This, of course, is the result of decreasing turbo-machinery
efficiency with decreasing flow rate. Also, except at very high out-
puts, where the arbitrary physical machine size cut-off is imposed,
the efficiency is less for higher operating pressure (EEE) in general,
pressure ratio). This results from two opposing trends. As pressure
level is increased, density increases directly in proportion, whereas
hydraulic diameter {for a given mass flow under given temperature and

118



dH LNV
-0l 0! ! 2 o

::_O
E=
K|

%
!
s
¢

Qe
"
<)
o

©
M

\ 1
T w
~ = i _|'-+
e ov
SEERRANI = ot ] Ll
7] et i

4%}




Ol

dH —LNVd

Ol

Ol

I

..

10

| > " T
= .} X : —
BEEE i EERR. Vm\\ﬂq
3] ———

L o—m m

i ol o—.mo m ¢ - -
™ -
© b o ™~ -4

14N

80°

oI

oz

ve

ot

144

-120~



dH —LNVd

5

&

-121=

I
t
I
[
t 1 9
.8 | ) | ! § o |
1T T
iSRSl I
! i E A 1
T 1 T T 1] L I i
1 T 1 i T AN A T 1
I I : T 1 T
] I I t T T T
m t 44 m L] Aﬁ
! t ! i
! !
181 8 ! 1
TR I 1
juEs aaRR : i) ,
! O i L1 ;
Hb ; H_ﬁ !
T : i !
r T ]
|
s - e i
it it i I
t 1 = T
Al ﬁ W I
4,- a | I o
i I :
; 1 ] ,
i Pl
B0 A AR n
i
S ieean el ggns |
ame =
1 =
e
141 -
08 I
1
L |
ot s {
1 ! :
N
.
; T
i
1
ST ]
1 TS 1
1§ EERN T i
i It }
1 | I
- 1
t . o
1 Ji
W, e fu e
+
8981 008 t
1 — i
AT 1
] 117 '
T YRS T
H e T I
] t
T
L
T - ?
iy 1 !
_m ,ﬁ
1
T
1
! [ !
“. 1 “
®» 0 ~ © n L
o o ™~ 0 0 <
T oM W N @ v < ™ o~ - o o~ -




(o]

dH—1NVd

Ol

Ol

80

T

[+

)
h
o

X
1}

1Y
1

10

el

9l’

oz’

ver

823

H1

2e’

234

25’




Ol

8t

s

-— LNVd
QO_ dH ﬁo_ | NO_
1
|
! ]
W
”
:
v i~ T
t . m
| 2L T ,W
I
I
ﬂ,
[
[
i
I
|
I
I
[
; !
t i !
! i H !
i ] - i e
T ! 64 “ & e
+ o156 000~ =t e ===
p nmnw § 7 = N i LT -
158002~ T = T
e TS L o WS = i i
gis fES 22 23 00\= |
: - o,.mw Wdumu m
; 9 : n,
= ‘W o\ i r - i Am ,1
. HHF ; - W !
i
o~ i o o ~ - L3 o o~ - * © -

10

-123-



i

B

Ol

dH—LNVd

o]l

ol

\4 €
A ¥ I n
6 }
1 3 H
“ 64
I o,mGOOF
‘mm H“mu ”‘ﬂ i) __ i -t = l” ¥
150000\ =it :
— i = ” i o ) B mu W
i & O—mo @G\\ +
P R T T
m:m_ooofumu\ i e »
4m
[-; i
o o ~ © w3 -t [ -t

10

80°

40

91’

o¢’

24

as’




velocity conditions) decreases only as the square root of the pressure.
Since viscosity does not change substantially with pressure, (not at all
for a perfect gas), the Reynold's number increases with pressure. How-
ever, the physical size of the machine decreases. The effect of this
change on the component efficiency as abstracted from the data of
reference 6 and plotted in Figure 12 is more pronounced than the effect
of the increasing Reynold's number (see Tables V through XIV). There-
fore, the component efficiency decreases. In practice of course, the
use of high pressure will result, up to a point, in the reduction of
equipment cost and weight. This factor will, in many cases, overcome
in an economic analysis the corresponding efficiency loss. Stated
another way, for a given capital outlay, it may be possible to achieve
higher efficiency at higher pressure because a more highly effective
regenerator, more adequate ducting, and a more nearly optimum (in
number of stages) turbomachine design can be obtained. The balance of
these various factors is of extreme importance and will be the subject
of additional analytical effort.

There is, of course, a large decrease of efficiency with
source temperature level. This is of extreme importance in many cases.
A further disadvantage of low source temperature is that the flow rate
and hence machinery size (see Tables V to XIV and Figures 15 and 16)
becomes excessive. This factor may be as important in an economic bal-
ance for a given application as the reduced efficiency, since it results
in a greatly increased machinery capital cost. Additional investigation
of these factors will be conducted.

It will be noted (Figure 21) that the cycle efficiencies
shown for helium under given power, temperature, and pressure conditions
are considerably legs than for air under the same conditions. Partially,
this is the result of an inherently lower monatomic gas efficiency (Fig-
ure ba for example) with the same component efficiencies. It is also
the result of the fact that the pressure ratio assumed for this study
gives theoretical efficiencies further reduced from the optimum for he-
lium than for air (monatomic gas efficiency is considerably more sensi-
tive to pressure ratio than diatomic which is a real disadvantage of
the monatomic gases). An additional factor is the use of higher velo-
cities (almost equal Mach numbers) for helium than for air. This re-
sults in smaller machinery than would otherwise be the case and hence
reduced efficiency (Figure 12). However, it appears likely that the
additional efficiency obtainable from a reduced velocity design could
not balance economically the increased machinery cost. These factors
will be further evaluated in the continuation of these studies.

A very high regenerator effectiveness has been assumed for

these studies. Even though this may be feasible, it may not be de-
sirable where there is a requirement for low temperature heat, as
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perhaps for area heating, low pressure steam, etc. In these cases, a
low regenerator effectiveness is advantageous from the viewpoint of
capital cost reduction, without prejudice to overall thermal efficiency.
since, as with steam extractions in a steam plant, extraction of low
level heat at this point is thermodynamically more advantageous than
the supplying of the heat requirement directly from the high level heat
source.
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4.0 FUTURE WORK

The work to this point has furnished a basis for the estimation of

the attainable cycle efficiencies and the general size of the turbomachinery
for gas turbine cycles operating with either air or helium over a wide range
of power outputs, pressures, and temperatures. However, this basic work sug-
gests the degirability of various avenues of extended effort which would help
to complete the overall picture of the gas turbine plant as applied to nu-
clear reactor power-plants. Among those additional desirable points of in-
vestigation which will be pursued are the following:

1)

2)

L)

5)

An extension of the basic study to include economic optimization
of typical nuclear plants. This would then include the effects of
heat exchanger effectiveness, operating pressure level, working
fluid, temperature, etc. vs. capital and fuel costs.

Extension of the work to include carbon-dioxide to give a
broader range of molecular weights and the corresponding basic
fluid quantities. Other gases of particular interest from the
viewpoint of nuclear or other special desirability may be in-
cluded.

Study of the effects of radiation on the various gases and the
degree of machinery contamination involved in their use as direct
reactor coolants. This phase of the study can be broadened to in-
clude an estimation of the mechanical and developmental difficul-
ties which may be expected with the various fluids, for cases
where they are,and also where they are not,used as direct reactor
coolants.

Problems of control of an integrated reactor-gas turbine set.
This will involve feedback to the reactor through such parameters
as the reactor temperature coefficient.

Preliminary study of the possibility and desirability of the
design and erection of a small-scale gas turbine plant, capable
of operation with a minimum of alteration with various fluids
under various operating conditions. Eventually, such a plant
could be a portion of a reactor mock-up, and would serve to pin-
point the problems likely to be encountered in a full scale
design.

127



5.0 CONCLUSIONS

A broad investigation of the gas turbine cycle as it applies to
nuclear powerplants has been conducted. On the assumption that efficiency
is likely to be of more importance than size and weight for this type of
device, the study has emphasized the regenerative cycle with highly effective
heat exchanger components and relatively low pressure ratios. A "basic cy-
cle" was assumed and optimized with respect to pressure ratio for both
diatomic and monatomic perfect gases. Variations of each of the significant
parameters including cycle arrangement and operation were assumed singly,
and the effects on the plant efficiency computed. Thus a basis is provided
for the estimation of any gas turbine cycle efficiency if the component effi-
ciencies and arrangement are known. An interesting result of the study is
the fact that the perfect gas efficiencies do not depend on molecular weight,
but only on pressure ratio and ratio of specific heats. As it turns out,
the attainable cycle efficiency with given component efficiencies is some-
what greater for diatomic than for monatomic gases. However, if a cost bal-
ance is included, the balance may in some cases favor the monatomic gas on
the basis of higher component efficiencies for a given capital outlay.

A further detailed study for air and helium plants, utilizing the
"basic cycle" over a wide range of power output, pressure, and temperature
is included. This has resulted in the tabulation of overall cycle efficiency,
turbomachine component efficiencies, turbomachine sizes and types. The
study assumed constant heat exchanger effectiveness at a rather high level,
with the variations due solely to the change in attainable turbomachinery
efficiency with power level, pressure, and temperature. As expected, this
has shown the very serious disadvantage of low inlet temperature, both with
respect to efficiency and machinery size and cost. Under the assumptions of
the study, it has been shown that increasing pressure level results in
reduced component size, but, in general, also in somewhat reduced turbo-
machine efficiency due to the lower volumetric flow rate. Also, the overall
efficiency for a helium plant, with optimized turbomachinery, but fixed heat
exchanger effectivenesses, is considerably less than that of an air plant
with the same heat exchanger values and optimized turbomachinery. However,
it is a question of optimization between efficiency and capital cost for
the heat exchangers as well as the turbomachinery. Such an optimization
has been beyond the scope of the investigation to date. A listing of de-
sirable future endeavors along the lines of this work is included.
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6.0 NOMENCLATURE

temperature (noted as F or R)
pressure (psia)

pressure ratio

temperature ratio

area (sq. in.)

blade height (in.)

diameter (in.)

mass flow or work (1b/sec or ft-1b)
volume flow (cu. ft/min)

Reynold's number

gas constant (53.3 for air)

heat input from prime heat source (BTU)
heat input from reheater (BTU)
778 ft-1b/BTU

specific heat at constant pressure
specific heat at constant volume
ratio of specific heats (Cp/Cv)
viscosity (1b/hr. ft)

enthalpy (BTU/1b)

efficiency

horsepower

relative velocity (ft/sec)
absolute velocity (ft/sec)

wheel velocity (ft/sec)

axial velocity (ft/sec)
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a - sonic velocity (ft/sec)

£ - blade spacing normal to relative velocity (inches)

Subscripts

T - turbine

C - compressor

th - thermal

hyd - hydraulic

h - hub

t - tip

R - regenerator

P - friction pressure
u - peripheral

Numerical subscripts refer to Figures 1 through 5 of Part II.

Superscripts

Prime refers to the ideal state.
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8.0 APPENDIX

8.1 Derivation of Thermal Efficiency Equations

The derivation of the equation of thermal efficiency for the
basic cycle (Figure 1) is based on the following:

k-1/k
= k m PR - 1
e k-1 R - k-1/k
PR
k-1]2k
Wo = 2 R Tg k PR I -1
o k-1
TIR = TlO - T
Tl‘_ - T9
PR
N, = T
R,
PR, = PR
_ k-1 R
7E s Cpd
TR = E;
Te
Q= (1 - 10) Oy
T9 - T6 = wC‘
20,7
W
T, = Ty = _L_
1 L
Cpd
. output WT - WC
th  input 2

from which

- 2
TR (1 - ()7 - 5 (72 -1

th
=7 - 2
{1 - g gy [0 - (PR) e TR e

- 1]

il
c
o
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The derivations for the other cycles are similar. The elimina-
tion of the recuperator (Figure 2) can be considered simply by letting
MR = 0 in the previous equation.
For the case of the basic cycle without intercooler (Figure 3)
the work of the compressor becomes

1 x k-1[k
o= ﬁ; T R T [ PRy - 1],
hence,
TRy [ 1 - (0 PR)7] - 57 [ BRY - 1]
en = P
_ -1
TR {1 - g +ogng L1 - (npB) 70w B e kg - 1)
c

Considering a simple cycle of compressor, turbine, heat source
and sink, i.e. without intercooler and recuperator (Figure 4), the thermal
efficiency reduces to:

- v
TRy, [ 1 - (nPR) 7] - L (PR - 1]
Yn= T P o

TR - = [ PR” + n, - 1]
Ule! C

With the basic cycle supplemented by reheat between turbine stages
the thermal efficiency is affected by both the increased work of the tur-
bine and the additional heat input to the system.

Thus, k-1[2k
PR -
T
wo=2n X RT k-1[2k

T k-1 1 PRy,

1

and the heat added by the reheater, QR, equals (T5 - T2) CPJ. The resulting
thermal efficiency is

—f2 .
2rgTR [ 1 - (n BR) ol ] - %E Cer?l? -1

ﬂth = -y [2 -1 2 2
TR{ 1-ng + Tgny 1-(n PR) 7/ 1+ {PRy/ + MgLITR(L "(”leQ 7/]
P

Mo
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8.2 Velocity Vector Diagram Calculations

Velocity vector diagrams of approximate designs for both the tur-
bine and compressor were made considering axial flow symmetrical stage
machines. A pressure ratio per stage within the range of current industrial
practice was used. The diagrams which are shown in Figure 13 for the first
stage only of the turbine and compressor of the air and helium powerplants,
i.e. the temperature assumed was for the inlet to the turbine 'and compressor.

The overall pressure ratio of the compressor is 3.00 and of the
turbine 2.79 due to 7% frictional duct and heat exchanger pressure losses.
The pressure ratio per stage of the compressor is maintained at approximate-
1y 1.08. 1In the case of the helium compressor the peripheral velocity of
the wheel was reduced to keep within a tolerable wheel stress level., Similar
velocity diagrams were considered for both helium and air machines, so that
the helium pressure ratio per stage 1s reduced to 1.07.

The compressor calculations were based on the following perfect
gas relations.

k-1/ k
WC=-JCPT6[1—PR /I (1)
uAC
Yo =t (2)
My =g (3)

(%)

<
e
i
e
1
Q
f
~~
\!/

(5)

=
H
]
a8
L]
—
i_-l
i—.J
1
o)
\m/
| O

(6)
T (7)

For the compressor,

k-l/k 2

gor, [ 1oL ] - wACu _ ACu u”

p6 P2 g ug
. &2 . R _ k-1
6 gkR ’ ICp T K
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Then,

( >k l/k Mue o)

or
Py k /k-1
(PR)stage=(@*2-) trege = [T AR D) m, ] / )
dnd,
_ Pl) 7k [k-1
(PR, = (ﬁﬁ Tot = [ 1+ 22 2 (k-1) M % / (9)

where 7 is the number of stages, and where the subscripts 1 and 2 refer
to the higher and lower pressures respectively.

The derivation for the turbine follows a similar pattern, and gives

k/k-l

(R -5 1) ) (10)

stage

As a sample calculation consider the case of the compressor for

air.
Overall P.R. = 3.00
v = 200 fps
k = 1.k
Assume initially:
vastage =1.08
AC%/u = .368

Z
Overall P.R. = [P.R./stage]
where Z is the number of stages
5.00 = (1.08)%

- 14.35
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Since the number of stages must be an integral number it is taken
as 14 and the P.R./stage is then 1.082.

Then using equation 8:

N [1- (P.R./stage)k—l/k]

" &) (k-1)

v o= [rl1l- (1.082)0'286] _ .30k
u (.368) (.k4)

u=Ma-= (.39%) (1150) = 453 fps

cu = 2% x u = (.368) 453 = 167 fps
u

The calculations of the triangles (assuming symmetrical blading)
through triganometric identities gives C; =W, = 246 fps, Cy =W, = 369 fps,
8 =P, = 32.8°, and 8, =Py = 54.5°. The blade turning angle (angle be-
tween the two relative velocities, W, and W5) is then equal to 21.7°.

Since it is desired to have a blade turning angle of approximately
30°, the calculations were repeated with a ACu/u = .510. Mach no. then =
335, u = 385 fps, ACu = 196.5 fps, and the blade turning angle = 30.3°.

The compressor velocity diagram in Figure 13a presents the complete results
of this calculation.

The helium compressor velocity vector diasgram was determined
through the same procedure. Table XVI summarizes the results.

8.3 Effects of Gas Turbine Plant Size. Sample Calculations

As typical examples, consider sample calculations for a 1500 F,
100 psia, 20,000 HP helium plant with axial flow compressor and also an
air plant of the same size. In addition a 1200 F, 100 psia, 600 HP helium
and also an air plant are shown. The cycle schematic for all cases is
shown in Figure 1.

8.3.1 Helium Plant, 20,000 HP, 1500 F, 1000 psia

8.3.1.1 Compressor

The compressor inlet conditions are:
p = 1000/3 = 333 psia
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TABLE XVI. AXTAT, COMPRESSOR AND TURBINE VECTOR DIAGRAM TABULATION

Compressor Turbine

Air Helium Air Helium
Pressure Ratio 3.00 3.00 2.79 2.79
Pressure Ratio Stage 1.082 1.0712 1.121 1.0502
No. of Stages 14 16 9 21
Axial Velocity (v) 200 fps 500 fps 400 fps L0oOo fps
Wheel Velocity (u) 385 fps 962.5 fps 481 fps 962.5 fps
Mu .335 .286 .2h0% .16h*
Blade Turning Angle 30.3° 30.3° 76.3° 76.2°

* Based on the 1200 F case which represents the mean of the inlet tempera-
tures used.
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ct
]

90 F = 550 R

__ 333 x I _ 5 o0g 1b/ft3.
154§/h x 550

It was estimated from approximate efficiencies that
required flow rate is

w = 41.7 lb/sec.
Then the volumetric flow rate at compressor inlet is
G = w[P = 41.7/.226 = 184.5 ftB/sec = 11,100 ft5/min.

Referring to Figure 13 it is noted that the axial in-
let velocity is 500 ft/sec compared to 200 ft/sec for a typical
air machine. Therefore, the physical size of the helium machine
is similar to that of an alr unit handling 200/500 x CFM =
200/500 x 11,100 = 44ko CFM.

The efficiency of such an air unit is taken from
Figure 12 and is noted to be .822. The blading Reynold's number
for the air unit is taken from Figure 14 (derivation of these
figures is shown in Section 8.3.2) and is 152,000.

The blading Reynold's number for the helium unit is
computed as below. All calculations are for the first stage of
both compressor and turbine. It is assumed that the efficiency
of subsequent stages will be similarly affected.

The absolute viscosity for helium at 90 F is taken
from reference 2 and is .0459 lb/hr. ft. (viscosity is substan-

tially independent of pressure).

The blade height is computed from continuity util-

izing the assumption that Dh/Dt = .75. (1)
Then A = .785 (D2 - D.°)
na=. t ~ “hn (2)
D -D
h,, =
pa = _t - h (3)

Substituting (1) in (3) we get

g = (&)



Substituting (3) and (1) into (2) we get

2 2
A= .785 (Dt2 -7 D, ) = .34k D (5)
or
D, = Ja //.586 (6)
_ _NE _ A
M = g% 586 5.68 ()
G x 14h 184.5 x 1hk .
A, = = = 53.2 sq. in.
¢ 500 500 23.2 sq. In
J5%3.2 .
by g = %;gg = 1.55 in. D, = 8x 1.55 = 12.} in.
The blading Reynold's number is
VD P L
Rec = __hyd ~ , and it is necessary to evaluate
1
Dhyd-

By definition D4 = A
Y Wetted Perimeter

If it is assumed that the blade height is 2 blade
spacing (#) normal to the relative velocity, then

2

A = ,X,@=hbd

"od 5
Wetted Perimeter = E(hba_+ L) = 3 h

s D

2
Ln s f2
hydz.__;éé;[_ = .667 b = .667 x 1.55 = 1.0k in.

3 by

From the velocity diagram of Figure 13 the mean rela-
tive velocity is about 300 ft/sec. Then,

750 x 1.04 x .226 x 3600 3
o = 15 % L0450 = 1152 x 107,

Re

The efficiency for the helium compressor is assumed
to be equal to that of the "typical" air machine of the same
physical size, operating with STP suction, corrected for the
difference in Re. The air machine efficiency (Figure 12) is
.822, and the corresponding R, (Figure 1k4) is 152,000.
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Since the machines are comparec¢ c¢n the basis of the
same physical size (i.e. same leakage, etc.) and same Mach number,
the only efficiency cifference is that due to Reynold's number.

Blading loss coefficients from typical test data from
one of the manufacturers in this field are plotted in Figure 17
as a function of Reynold's number ané turning angle. These co-
efficients are expressed in terms of energy loss. Since sym-
metrical staging 1s assumed they apply equally to stator and
rotor and thus directly to the efficiency of the machine.

The blade loss coefficients applying to the air mach-
ine (Re = 152,000) is 0.043; that applying to the helium machine
(Re = 1,152,00C) is 0,027. The correction to the helium machine
is +.016. Since the loss for the helium machine is less than
for the ailr unit, the efficiency must be corrected upward. Thus
compressor efficiency for this case is 0.838.

8.3.1.2 Turbine

it is assumed that turbine efficiency is the same as
compressor efficiency. This reflects a counterbalancing, as
explained in the text, of the more favorable flow conditions
in a turbine against the mechanical desirability of a reduced
numker c¢f stages.

Thus turbine efficiency is also 0.838.

8.3.1.2,1 "Turbine Dimensions

It is generally necessary that turbine and com-
pressor RPM be the same, since interposed gearing would
necessarily handle 3 to 4 times the output power. Thus
it is not usually possible to cdesign an optimum turbine
Tlow path as considered on its own merits.

in a convencional air plant, the turbine diameter
would. be somewhal greater than the compressor diameter,
since a greater pressure ratlo per stage and peripheral velo-
city is permissible. However, for the helium compressor,
allowing reasonable Mach numbers, the tip speed is limited
by stress coasiderations. Therefore, since stress is even
more important for the high temperature turbine, it has
been assumed that the turbine wheel tip diameter is equal
to that of the compressor.

Then the blade heights are computed on the basis



of continuity. Since the volumetric flow for the turbine over
most of the temperature range studied is less than for the com-
pressor, the axial velocity has been reduced to 400 ft/sec (at
least for the first stage) to allow more reasonable blade height
(see the velocity triangle of Figure 13).

w=41.7 lb/éec.
_ _ 1000 x 14k 5
o= P/RT ~ 1545/ x 1960 11905 lb/ft
~ RS p)
G = W/p = Ti§5§ = 219 ft /sec.
G x 1hk 219 x 144 . 2
A= L{-OO = )-I-OO = 78.9 in.
2 2
D,” - D" = _A (1)
.785
(Dy = Dy) =2 Iy @)
- = A
(D = D) (D + By) = e (3)
Substituting (2) into (3)
on, . (D, +D, - 2h o) = _A_ ()
Poa (P * B - pa) = —
bd ‘Pt T Ypd 785
2 A
- D e = 0
g - gyt g (©)
n ° A
ba "~ Mpals tx <O (™
2
D, - /D% - Lp/x
hbd" t t (8)
2
In this case:
2
no - 2.4 - \/12.1+ - b x 78-9/1f = 2.5% in.
bd 2
D, = 12.h

8.3.1.3 Thermodynamic Cycle Calculations

The following assumptions have been made:

a) Compressor ratio/turbine ratio = 1.07
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b) Regenerator effectiveness = .93
c¢) Heat sink at 90 F
d) Perfect gas data applicable.

8.3.1.4 Compressor Work

W =2 o7 [PR k';/gk - 1]
c g r1 c

1545 _
R-252 - 386 n, = 838
k = 1.66 ¢ = 1.25

D
PR, = 3.0
T, = 550 R
Then

s 66/3.32

W, = 555 x 1.25 x 550 [ 3.0 - 1] = 401.0 Btuf1b.
8.3.1.5 Turbine Work
1
Wy = 1,0 [ 1 - ZE-TE |
g = .838
Tl = 1960 R
PR, = 5.0/1.07 = 2.79
1

_ X _ 66[1.667 _ ;

W, = 838 x 1.25 x 1960 [ 1 2.79 [1.667 - 686.% Btu/ib.

8.3.1.6 Regenerator

Compressor discharge temperature;

T =T, + YQ* = 550 + 4ol = 710 R
9 76 gcp - T.25 x 2

Turbine discharge temperatures:

It

250 F

W 686.3
I - I - 'I’ — R — -
fu i — 1960 125 1412 R = 952 F



Regenerator Outlet Temperature = (Effectiveness) (Tu - T9) + Tg

Typ = .93 (952 - 250) + 250 = 903 F

8.3.1.7 Heat Input to Cycle

Qip = Cp (Ty - Typ) = (1500 - 903) =52 = 771

(a 3% radiation loss is assumed.)

T

10 regenerator outlet temperature

Ty

il

maximum cycle temperature
Combining of previous relations gives,
Qg = -09%2 (Tl - 550) - .0361 wC + ,959 W,

for the assumptions previocusly listed.

8.3.1.8 Work from Cycle

Wpey = Mg - W, = 686.3 - 401.0 = 285.3 Btuf1b.

8.3.1.9 (Cycle Efficiency

W
ey = net _ 285.3 _ 270

8.3.1.10 Mass Flow Rate

20,000 x 2545 20,000 x 2545

= = Lo, .
W__. X 3600 285.3 x 3600 9:5 lb/sec

This compares with the originally assumed value of 41.7 lb/sec based
on approximate efficiency assumptions. A recalculation based on the
corrected value would have little effect on the efficiency. It
would affect only the Reynold's number, and the corresponding effi-
ciency effect is small. The diameters and blade heights should
theoretically be corrected. However, the assumption of velocities
is not rigid and may easily be changed by thils amount.

8.3.1.11 Air Machine Efficiencies

The data from Table IX given in Section 10 of reference 6
for typical air machines was plotted in Figure 12. It was extra-
polated as required. It was arbitrarily assumed (as explained in
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the text) that an efficiency of over .90 was not feasible for a
standard air machine since the size would become prohibitive and
compromises at the expense of efficiency would be necessary. Thus
the efficiency curve is assumed asymptotic to .90.

It was assumed that the compressor and turbine designs
were similar to those shown in the velocity diagrams of Figure 13.
The Reynold's numbers were computed on the assumption that Dy =
%,667 as shown in Section 8.3.1 and that the relative velocity
was 300 ft/sec (Figure 13).

The absolute viscosity for air at 90 F, 14.7 psia is

0436 Ib/hr.ft. and p = B = T x Wb o953 3 fpe 3,
/ =% T 53.3x 550 /

Assume for example a 10,000 CFM unit

_Gx 144k 10,000 x 1hk

2
- t _ 120 in.
4 200 x 60 120 in

A

as shown in Section 8.3.1

Ja J120 ,
hbdzr—_6 = m :2.3)4' in.

and,

It

Dh 667 hbd.= 667 x 2.34% = 1.56
Then

TOPuyd 300 x L0723 x 1.56 X 3600 _ p33.0 x 107
0 12 x .0436

R =

8.3.2 Air Plant, 20,000 HP, 1500 F, 1000 psia

The air plant differs in several particulars from the helium.

8.3.2.1 Compressor

The compressor calculations follow the same procedure as
for the helium plant with the following exception. No velocity
correction is necessary between the "typical"™ air machine and the
closed cycle machine under consideration. Thus the volumetric
flow for the closed cycle machine can be applied directly to the
"typical" efficiency curve of Figure 12. The remainder of the
procedure is identical.

The resulting diameter and blade height values are
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2.2% inches

UJ’D"
ol

17.8 inches

\w}
il

It is noted that these are larger than the helium machine
by a factor of about 1.45 (the helium blade height and diameter are
1.55 and 12.4 respectively).

The estimated compressor efficiency is .416 compared to
the helium plant efficiency of .370.

8.3.2.2 Turbine

Again it was assumed that the turbine efficiency was
equal to that of the compressor.

Although an optimum turbine design might utilize peri-
pheral velocities about double that of the compressor, (for the
case of air, this would be allowable with respect to both Mach
number and stress), the factor of constant RPM would then lead to
inconveniently short blading and large wheel diameters. Thus it
has been assumed that the turbine diameter will be 1.25 x compressor
diameter. The air turbine velocity diagram (Figure 13) is identical
to that for helium. The blade heights are computed in the same
manner as shown in Section 8.3.1.2.1 for the helium turbine. The
resulting height and diameter are

hde= 1.05 inches
Dy = 21.hk inches
c
It will be noted that this diameter is about 1.7 times that for the
comparable helium case, but the blade height is less than 1/2 that

of the helium turbine.

8.3.2.3 Thermodynamic Calculations

The remainder of the calculations and assumptions are the
same as for the helium case. Thermodynamic data from reference 1
was used instead of perfect gas data.

The resulting cycle efficiency and mass flow rate are

Mep = 16

W= 275 1b/sec

G, = 11,900 CFM
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compared to

g = 970
W= 49.5 1b/sec
G, = 13,200 CFM

for the helium cycle.

8.3.3 Helium Plant, 600 HP, 1200 F, 100 psia

8.3.3.1 Compressor

The compressor inlet conditions are computed as before
and an approximate flow rate estimated. The volumetric flow rate
is computed to be 7140 CFM.

Referring to Figure 12, it is noted that a machine of
this volumetric capacity falls within the centrifugal or positive
displacement range. Therefore, it is assumed as explained in the
text that the efficiency is not strongly affected by Reynold's
number or Mach number, but is primarily influenced only by volu-
metric flow rate. Consequently the compressor efficiency is sim-
ply read from Figure 12 and is .810.

8.3.3.2 Turbine

The volumetric flow rate for the turbine is computed as
shown in Section 8.3.1.2.1 and is 7190 CFM. If the 400 ft/sec
axial velocity previously considered were used, along with a rea-
scnable Dt/D ratio, the turbine would become extremely small. It
was arbitrarily assumed that the minimum turbine of practical in-
terest would be one with a tip diameter of 5.0 inches and a blade
height of .625 inches. It was assumed that this turbine would be
operated at whatever speed (and hence velocity) was required in
view of the available flow (i.e. the possibility of partial ad-
mission was excluded on the basis of efficiency).

Typical turbines were computed for 1500, 1200, and 900 F
at 1000 and 45 psia, for air and helium. These were plotted to

show the trend for intermediate machines (Figures 18 and 19;i.e.
pressures ).

The efficiency of a typical air machine was estimated,
operating under the following conditions:

T, = 1200 F PR = 2.79

in
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P, = 45 psia h' = 102.8 Btu/1b
Voial = 438 fps C' = 2269 fps
o = .0731 1b/rt3

The impulse velocity diagram sketched below was assumed, since the
simple highly-loaded impulse turbine seems desirable for such small
units.

azl.e

pa— u =008 2
AC =218

Figure 22. ©Small Turbine Velocity Diagram

There is no problem of matching between compressor and turbine in
these cases, since centrifugal compressor design is quite unre-
stricted compared to axial compressor design in this respect, and,
if a positive displacement unit is employed, gearing will be nec-
essary in any case.

The loss coefficient vs. Reynold's number data of Figure
17 was utilized to estimate the efficiency.

For the stator:

The nozzle angle of turn is about 67°. The nozzle
Reynold's numbers were computed assuming blade spacing (normal to
flow) = .48 blade height (as for the compressor).

On this basis the R, is 154 x 103 and the loss co-
efficient for 67° angle from Figure 17 is .067. Thus nozzle effi-
ciency for this case is .933 and the velocity coefficient for the

nozzle is +.933 = .966.
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For the rotor:

hyg = .625 inches, Dhyd = .ho5.

A blade spacing normal to flow of .3 inches for the .625 inch blade
was assumed.

Repq = V1PDyyg = 1221 x 0731 x 4Ok x 3600 = 11k.9 x 107
n 094k x 12
tbg = .1%36 based on 135° turning angle (See Figure 17 and
vector diagram)
Eag = -0085 (estimated = aspect ratio loss)

Mg = 1 - ba - &g = -850

CVbd = .9255

Wy = 1221

wp = 1130

Work = UACu _ 1008 x 2181 87.8 Btu/1b
g %2.2 x 778
12 2

Tnput = _L+ = 2269 = 103.0 Btu/lb
og L.k x 778

n = Work _ 87.8 - .85

L Input 103
Assume mechanical efficiency = .97

Leakage loss = .060 (This assumes .O4LO for tips and .020 for
seals: based on a tip clearance of .010 giving leakage loss =

T .
Dt - 220 - .0ko).
hDy sin B .625 x sin 22.8

Then stage efficiency = .852 x .97 x .94 = .778 for a standard
air machine of these dimensions.

The ratio of turbine efficiency to stage efficiency for
these conditions is estimated to be 1.02. Then the turbine effi-
cilency is .793.

The turbine horsepowers are computed on the basis of
continuity, utilizing the axial velocity, density, Ah', and the
computed efficilency.
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For the case of 1200 F, 45 psia air inlet, the horsepower
is computed as shown below.

Axial area through the first stage of blading is

Ao 2625 (5.0 - .€25)x _ 57 gt
1hh

BHP = GAh%nT; G = Avp

_ . (Do L/KZ
P = L0731
2 = Z =1
P 2.79 -

1/1.k4

- 718 4 438 x L0731 1 102.8
BHP = .597 x 550 x 438 x .0731 x (5_75) X 8 x

.

.793 = 106 hp

For other cases of pressure and temperature, the volumetric

flows were computed and the blading Reynold's number for a machine

of these dimensions. The efficiency was then corrected according

to the differences in loss coefficient from Figure 17. The turbine
horsepower output for each of these units was computed and plotted
in the curves of Figures 18 and 19 where the variation of turbine
efficiency with power, pressure and temperature is shown. The com-
puted values are shown below for both air and helium. Slight vari-
ations were made in the plotted values to allow smooth curves.

Ratio of Stage to Turbine Efficiency:

For turbine stage work -

W [1- 1

st = NgeCpT1 k-1’
P gy

then for the second stage -
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1

T13 =T, 3=y, (1~ (Pllpg)E_I/Zk M=m L2,
1
(1- E-T]7K )]2
(py /)

ete., If we define

1
r=[1-7, (1- T=T77K) ]
then
! 2
= - k-1/k Z2-1
wturbine nsthTll [ 1 (Pl/bg) ; I(L+r+1r + ...0777)
then
l .
W [1- K-1/7k |
T
o (py fo,) : 2o
st 1 r - 1)

LT e

If an evaluation is made for the air and helium cases it is found
that

W

(Wg ) . ~~ 1,02 for 2 stages and total pressure ratio of
st’air 2.79.
and
Wy
(Wr ) ~~ 1.03 for 8 stages and total pressure ratio
st "helium of 2.79.

The upper portion of the curves of Figures 18 and 19 apply to the
large axial flow compressor units, where it was assumed that turbine
and compressor efficiencies were equal. Some slight alteration of
the points to achieve smooth curves was necessary.

The turbine efficiency for all cases where centrifugal or
positive displacement compressors were used was read from Figures
18 and 19,

Thus for the 600 HP, 1200 F, 100 psi helium unit, turbine

efficiency is .810.
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TABLE XVII. SMALL TURBINE DESIGN TABULATION

P +
Fluid psia °F No. Stages u 7 BHP
Air k5 1500 2 771 L7792 117
1200 1 1008 .793 106

900 1 931 .799 95.5
1000 1500 2 806 837 2820
1200 1 1048 839 2530
900 1 949 . 848 2280
Helium 45 1500 10 881 .T48 159
1200 9 858 JT57 156
900 7 885 76T 159
1000 1500 10 9ké .822 4000
1200 9 920 826 3890
900 T oL6 832 3930

8.3.3.3 Thermodynamic Calculations

These are identical to the helium calculations previously
discussed ag 1s the remainder of the calculating procedure.

The resulting plant efficiency is .235.

8.3.4 Air Plant, 600 HP, 1200 F, 100 psia

The calculating procedures and methods are icdentical to those
explained in Section 8.3.3 for the 600 HP helium unit.

The alr plant resulting efficiency is 310 as compared to
.236 for the helium.

This large difference 1s the result of the fact that helium
is inherently less efficient at the same component efficiency, that it
is further from optimum pressure ratio at 3.0, and that the turbine
efficiency under the assumptions of this study is lower.

8.k Number of Compressor Stages for Air and Helium if Velocities are Equal

_ k-1/k ) v
W, = CpTl [ (pQ/Pl) - 1] ; Assume (pg/pl’air = 1.08 per stage
= 2%%2 = constant under the basic assumption.,
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Then

cair l 3 555 l

.398
w = lo2 T - =
Cpetium 5T, [ (pp/pp) 1] = .00535 T

%8 428 b
(Pp/P, Jpey =1 + -00k28 = 1.00428

(pe/pl)hel = 1.0108

For Pg/Pl = 1.08, seven helium stages are required.
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