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NOMENCLATURE

total heat transfer ares, ft2

inside heat transfer area per foot of length, ft2/ft.
metal area transverse to direction of heat flow, £t2
finside heat transfer area per foot of length, ftg/ft
heat capacity of fluid, Btu/l1b-°F

equivalent diameter of a tube defined by the particular
equation, ft.

outside diameter of tube, feet

root diameter of tube, feet

volumetric hydralic diameter of a tube, 4(free volume)

feet external heat transfer area
A

wetted perimeter hydraulic diameter, 2 , feet

outside diamter of tube, inches

root diameter of tube, inches
friction factor

mass air flow rate through minimum cross sectional spacing,
1b/sq.ft.-hr.

conversion factor &.17 x 108 ft/(hr)2.
d.-4

fin height, —95—3 , inches

Humidity of air, 1bs/lb of dry air

outside heat transfer coefficlent, = T 1

(exterior surface) 4T
0

, Btu/hr-°F-sq.ft.
o

mean inside heat transfer coefficient, Btu/hr—°F-sq.ft.

inside heat transfer coefficient at a particular point,Btu/hr-
°F-sq.ft.
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mean outside air film coefficient for a finned tube bank,
Btu/hr-sq.ft. (external area)

average air film heat transfer coefficient of row i, Btu/
hr-°F-sq.ft.

sverage air film heat transfer coefficient of a tube bank
containing i rows of heated tubes, Btu/hr-°F-sq.ft.

mean outside air film coefficient for a plain tube bank,
Btu/hr-sq.ft. (external area).

thermal conductivity of fluid, Btu/hr-°F-ft.
thermal conductivity of metal Btu/hr-°F-ft.

length of exchanger in direction of flow, ft equals n s_ or
for the tube banks studied here equels 0.866 n §,.

length of condensing path, ft.

number of fins per linear inch, fins/inch

number of rows in the tube bank

Prandtl number, dimensionless

heat duty, Btu/hr

rate of energy transfer to the air, Btu/hr.

rate of energy released by steam, Btu/hr.

Reynolds number, dimensionless

Psuedo fin resistance, hr-°F-sq.ft./Btu.

fin resistance, hr-°F-sq.ft/Btu

metal wall resistance to heat transfer, hr-°F-sq.ft/Btu.
outside fouling resistance to heat transfer, hr-°F—sq.ft./Btu.
Tube pitch for equalateral spacings, feet.

S; - S
average tube pitch, = —L—E——E, feet

xvi



max

Sl - St
average tibe pitch, = —'“5—'—, feet.

spacing between =zdjacent spaces of fins, equals (% - Y), inches
longizudinal pitch between adjacent rows of tubes, feet

longitudinal pitch between adjacent tubes in different rows
measured. on the diagonal, feet.

transverse pitch between adjacent tubes in the same row, feet
outside metal temperature at a point, °F.

mean outside fin metal temperature, °F.

mean osutside root metal temperature, °F.

mean outside metal temperature, °F.

mixed mean bulk stream temperature, °F.

temperature of saturated steam at condensing pressure, °F

maximum air velocity in the tube bank occuring at minimum
cross section for air = 0.074, ft/min.

linear dimension on section under consideration, feet
mean fin thickness, feet
pressure drop of air in flowing across a tube bank, lb/squft.

pressure drop of air in flowing azcross a tube bank, inches of
water,

viscosity of Fluid at bulk stream temperature, lb/ft—hr.
viscosity of fluid at the temperature of the wall, lb/ft—hr.
density of fluid, lb/cu.ft.

fin efficiency, dimensionless

functional relationship

xvii



SUMMARY

A review of the literature on the heat transfer and pressure
drop characteristics of banks of finned tubes with air in crossflow
indicates that there exists but a meager amount of reliable data.
There also exists a general lacx of agreement between the investiga-
tors as to the effect of some of the variables on finned tube bank
heat transfer and pressure drop characteristics.

The heat transfer and pressure drop characteristics of seven
triangular pitch finned tube banks and one triangular pitch plain tube
bank were investigated. ZExperimental pressure drop and heat transfer
data were obtained for air flowing under forced convection in crossflow
outside of the tupbes. The air was heated by condensing low pressure
steam inside of the vertical tubes. With one tube bank, individual
rows of tubes were heated to obtain the relative performance of
various rows. The turbulence level and velocity profile of the air
approaching the tube banks was also studied.

It was observed that the heat transfer and pressure drop
characteristics of the tube banks varied due to the difference in
geometry between the banks. Studies of the local variation in heat
transfer and fluid flow as reported in the literature indicated that
the air film heat transfer coefficient should be expected to be in-
dependent of the tube spacing and the spacing of adjacent fins. These
studies indicated that the important dimensional characteristics should
be the root diameter of the tube, the thickness of the fin, and the

diameter over the fin. The importance of these dimensions was predicted

xviii



to occur in the order given above.

A dimensional analysis of the systems investigated indicated
that the heat transfer coefficient should be a function of the follow-
ing variables:

hy = ¢ (Cp) W, kK, Vi, p, Dr} Do) S¢, Y)

The variables were arranged in dimensionless groups and the correlating

relationship was assumed to be of che following form:
Do\ /Do /Se\E
Nu = A Re? (=2 (—9 °f
D. S¢ Y

A least-mean-square-fit of the data for the finned tube banks
was made using the IBM 65C regression analysis program available at the
University of Michigan Statistical Research Laboratory. This program
was designed to give the best statistical values of the exponents and
automatically rejected any of the dimensionless groups which had con-
fidence limits below 97.> per cent. The results calculated by the

computer were reduced to :

0.45 0.
w o365 (B (Lf2 p3f3
T

This relationship indicates the relative order of importance of the
dimensions as predicted from the study of the technical literature.

A comparison of the experimental data collected and the
relationship obtained from the dimensional analysis indicated an average
deviation of + 7 per cent from the correlating line. A comparison of
the experimental data with relationships recommended in the literature
indicates that the data is not well correlated by any of the published

correlations.
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It was determined that the heat transfer coefficient of a bank
of finned tubes is dependent on the number of rows of tubes
in the direction of flow. This effect was found to be due to a differ-
ence between the performance of the first and the succeeding rows of
tubes. The performance of the first row is dependent on the conditions
of the air upyroaching the tube banks. Measurements of the degree of
turbulence approaching the tube banks indicated that the turbulence
level was below 2 per cent. The velocity profile was found to be
constant within 1.5 per cent.

The pressure drop of the air flowing through the finned and
plain tube banks were compared with correlations recommended in the

literature. The general correlation recommended is:

_O.ll\.{,j AP D_Vh O-l\st O-6S O.L"
= 0.8l Re = SAe VR (A ) (2b) (2e

n s

This relationship is a modification of the correlation of Gunter and
Shaw which was obtained from a study of the pressure drop character-
istics of plain tube banks. Other pressure drop correlations avail-
able in the literature were not found to be as satisfactory as that

of Gunter and Shaw.

XX



I. INTRODUCTION

A particular type of tubing, especially designed for heat
transfer applications, has been playing an increasingly impoertant role
in industrial heat exchange équipment in recent years. These tubes,
known as "helically finned tubes", have been used in a number of types
of heat exchangers, such as; shell and tube exchangers, double pipe
exchangers, immersed coil exchangers, air blast units, and others. In
these units a fluid, which is to be heated or cooled, flows outside the
tube and is called the finside fluid. The other fluid, flowing inside
of the tube, either supplies or receives the energy being transferred,
and is called the tubeside fluid. In many of the applications all or
part of the flow is transverse to the axis of the tubes(l). Consequent-
ly, it is important to the designer to be able to predict the heat trans-
fer and pressure drop performance of finned tubing with fluids in pure
crossflow. Figure 1 illustrates a typical helically finned tube of the
type used in this investigation.

In contrast to the simple geometrical configuration on the
inside of the tubes, where the heat transfer resistance and frictional
loses can be predicted with a relatively high degree of precision, the
geometry on the finside of a rectangular finned tube bundle are quite
complex. In the past one has had to rely on: (1) one of the empirical
(2:3); (2)

relationships available in the literature the meager amount

of data for specific tubes appearing in the literature(z’4’5’6’]); or
(3) private, unpublished data.

There are some difficulties assusciated with much of the fin

tube bank data appearing in the literature which raises serious
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Figure 1. Schematic Illustration of a Helically Finned Tube.



question as to their validity. In some cases there were an insufficient
number of rows of tubes to establish good mean heat transfer coefficients(B)
In other cases there existed an additional resistance to heat transfer

not taken into account due to incomplete bonds in the metallic surfaces

of bi-metallic tubes (2,4,6,7). These difficulties will be discussed

in the order given above.

The mean air film coefficient on the fin side of a bank of finned
tubes is a function of the number of rows deep in the bank. The depend-
ence of the mean coefficient on the number of rows deep is primarily due
to the relatively low performance of the first row of tubes. Since this
row is the one primarily affected by the free stream conditions of the
air approaching the tube bank, it would be expected that the effect of
the number of rows on the mean air film coefficient would depend upon
such entering air conditions as, velocity profile and free stream
turbulence. Therefore, in order to compare tube banks containing a differ-
ent number of rows, it is necessary to know the relative heat transfer
performance of the first row tested,as compared to subsequent rows or,
to have a sufficient number or rows deep in the bank to make the mean
heat transfer performance insensitive to the performance of the first
row. The latter situation requires tube banks having three or more
rows deep in order to compare the heat transfer performance when the
inlet conditions are not completely specified.

A second difficulty encountered in comparing finned tube
bank heat transfer coefficients reported in the literature is that of
a bond resistance encountered in bimetallic tubes. This resistance is

primarily due to the methods of duplex tube construction. The three
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primary methods of producing finned tubing at the present time consist
of; (1) wrapping the fins on the exterior of a plain tube, (2) wrapping
of the fins on the plain tube followed by a soldering process to bond
the fins to the tube and (3) a mechanical method of extruding the fins
from the outer surface of a tube, forming fins which are an integral
part of the root metal of the tube.

The difficulties occurring with the wrapped-on finned tubes
stem from two sources. The contact area between the fin and the tube
can be incompletely filled with the solder causing a partial gap be-
tween the two surfaces and consequently an extra heat transfer resist-
ance which is generally not taken into account in the calculation of
the air film coefficient from overall heat transfer coefficient data.
The second source of difficulty arises in the fact that the fins some-
times tend to vibrate loose from the root metal of the tube. For these
reasons, the conditions of the tubes of this type before and subsequent
to the investigation should be specified.

The difficulties with the extruded fin tube lie primarily in
that for reasons of corrosion or erosion resistance on the inside of the
tube, an inner liner of a different metal is sometimes placed inside
the finned tube. The bond between the liner tube and the finned tube
is purely mechanical and difficulties could be encountered with this bond.

Due to the relatively large ratio of external to internal sur-
face areas of finned tubes, a relatively small bond resistance can appre-
ciably affect the overall heat transfer resistance of the tube. Con-
sequently, the heat transfer results of investigations employing eicher

of these tubes should be viewed with caution unless the contact resistance



in the tube is known.

All of the tubes used in the tube banks reported in the liter-
ature have ratios of outside to root diameter values between 1.75 and 2.k,
with over 90% of the data having dg/dr values between 1.9 and 2.25. This
indicates that, except for a difference in fin spacing, the data gen-
erally available for design or evaluation purposes is on essentially
geometrically similar tubing. The existing heat transfer correlations
for banks of finned tubes are based on either some or all of this data.

In view of the paucity of data on the heating of air in cross-
flow through finned tube banks it was proposed to carry out an experi-
mental investigation of the heat transfer and pressure drop character-
istics of finned tube panks containing finned tubes having a wider range
of dimensional characteristics than previously studied. This was to be
accomplished by heating air flowing in crossflow through the tube bank
and condensing steam inside of the tubes. It was felt that with this
data, not only could the present correlations be tested for different
tube configurations, but possibly some insight as to the effects of the
geometry of the tube on the performance characteristics of the tube
bank and possibly new correlations of a more general nature might re-
sult. It was proposed to eliminate any possible bond resistance in the
tube by employing integrally finned-monometallic tubes and to study the
effect of the number of rows deep on the mean heat transfer coefficient.

A total of eight tube banks, seven containing finned tubes,
one containing plain, were used in this work. FEach tube bank contained
a number of identical tubes on an equilateral triangular pitch. The

finned tubes had root diameters which varied between 0.438 and 1.147



inches, Do/Dr ratios which varied between 1.18 and 2.04, and fins per
inch which varied from 5.13 to 19.5. The tube pitch used for all tube
banks equaled the nominal fin diameter of the tube plus a 3/16 inch
clearance. The air velocity generally ranged from about 300 feet per
minute to about 2000 feet per minute. The upper limit of the velocity

was dictated by the capacity of the motor used.



II. LITERATURE REVIEW

The literature concerning finned tubing can be divided into
five areas, namely; (1) fin efficiency, (2) performance data of finned
tube banks, (3) local heat trunsfer coefficients for finned surfaces,
(4) heet transfer correlations, and (5) pressure drop correlations.
The above five types of investigations will be reviewed in the order
indicated.

A, Fin Efficiency

For a plain cylindrical tube exchanging heat to a fluid
flowing outside of the tube, the rate of heat transfer is considered
proportional to the temperature difference between the fluid and metal
wall, the area of contact between the fluid and the metal wall, and
inversely proportional to the resistances to heat transfer between the
wall and the ambient fluid. This can be expressed algebraically as:

qQ = [—I“‘L“‘} Ao (tbs - tom) (l)

e
hgo o}

If fins, such as those used in this investigation, are formed
on the outside surface of the tube, it might be expected, for a first
approximation, that the rate of heat transfer would increase in pro-
portion to the increase in surface between the fluid and metal inter-
face. However, upon closer examination of the problem, it is realized
that not only can the exterior resistance to heat transfer change (due

to the change in the geometry of the tubes) but also there is a decrease

in the average temperature difference driving force between the ambient
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fluid temperature and the skin temperature of the metal surface. This
decrease in temperature difference is due to a temperature gradient
which must be maintained in the fin metal. The temperature gradient
for a two dimensional system is given by tle basic Fourier equation
qa = -kA %% (2)
In order to solve this differential equation it is necessary
to relate the rate of heat transfer and mean metal area to the position

n,n
X .

The integrated solution to equation two is generally obtain-
ed in terms of a fin efficiency which is defined as:

L/Af
h(tpg - tp) dA

p = 2 (3)

hmean Af(tbs -fmr)

However, in the solution of equation two it is generally
assumed that the outside heat transfer resistance is constant, so that

equation 3 reduces to:

¢ = bs mf ()4)

where the term "tmf" denotes the integrated mean fin temperature.
A number of papers have been presented relating the fin
efficiency to the geometry of the tube and the heat transfer conditions

outside of the £in(S-14).

The most definitive work to date was pre-
sented in a paper by Gardner which both summarizes previous work in

this field and gives the solution for many fin shapes of practical
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interest The fin efficiency for a circular fin of constant thick-
ness as obtained by Gardner is reproduced in Figure 2.

Kayan(lS) studied the efficiency of a particular fin by use
of an electrical resistance model for the purpose of studying the
validity of some of the assumptions made by Gardner in his derivation.
He concluded that the assumptions were essentially valid for the shapes
tested.

Dusinberre has recently given a simple, approximate relation-
ship for Gardner's fin efficiency curves, valid down to fin efficiencies
ot 75%16).

The use of the fin efficiency i1s illustrated in a recent

article by Young and Ward<17)

and will be further discussed in the
analysis of the data.

B. Performance Data For Finned Tube Banks

All of the data appearing in the literature on the heat trans-
fer and pressure drop performance of finned tube banks involve the heut-
ing or cooling of air flowing in crossflow outside of the tubes. The
heating medium used inside the tubes was commonly steam, but occasion-
ally hot water was used, whereas the cooling medium always involved
cold water flowing in the tubes.

The first data appearing in the literature on the heat trans-
fer and pressure drop of air flowing through finned tube banks was pre-
sented by Katz, Beatty and Foust(lj). The two tube banks studied con-
tained integrally finned, helical finned tubes. Steam was condensed
inside the tubes to heat the air which flowed over the tubes from a

blower placed upstream of the tube bank. One of the tube banks studied
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contained only & single row of tubes, while the second contained two rows
of tubing. As will be subsequently shown, it is difficult to compare
tube banks containing less than three rows of tubing. Consequently,

this data is of limited velue in preparing heat transfer correlations.

At the same time that the above article appeared, Jameson(q)
presented the results of an investigation of the heat transfer and
pressure drop performance of a number of triangular pitch finned tubes.
The finned tubes used in this investigation consisted of fins wrapped
around and soldered to the exterior surface of circular tubes. As
indicated earlier, this method of fabrication of the finned tubing raises
the question of a possible bond resistance to heat transfer in the tube.

Jameson's study was primarily concerned with the effect of
the tube specing in finned tube banks. He also included the effects
of number of rows on heat transfer and two different fin spacings.

His primary conclusions were that the effect of tube spacing on heat
transfer are small, within the range of his investigation. There did
exist a measurable effect of tube spacing on the pressure drop across
finned tube banks.

Jameson's heat transfer curves are presented in Figures 3, 4,
and 5.

London, Kays and Johnson(6) published the results of an invest-
igation of four different finned tube banks. Three of the tube banks
were mwde up from bimetallic finned tubes which were subsequently found
to have relatively high bond resistance values. The results on these
tubes will not be considered here. The fourth tube bank was made from

monometallic integrally finned tubes. The heat transfer performance of
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this tube bank was determined from results of heating air flowing in
crossflow outside of the tubes with steam condensing inside of the
tubes. The results of this investigation are shown in Figure 6.

Katz and co-workers(Y) assembled the heat transfer and pres-
sure drop results of thirty different tube banks from a variety of
sources for correlation purposes. Six of the tube banks have already
been discussed(5’6>. Of the remaining triangular pitch tube banks,
only five units had more than three rows deep and contained monometsallic
tubes. The heat transfer and pressure drop performance of these five
units are presented in Figures 7 and 8. Two monometallic in-line fin-
ned tube bunks were also reported.

Schmidt(g) tested four triangular pitch finned tube banks.

He studied the effect of different longitudinal spacings between the
tubes on the tube bank performance. The type of tube used in this in-
vestigation was not reported. Schmidt noticed no effect of longitudinal
spacing on the heat transfer performance. The variation in pressure
drop performance was about the same as that noted by Jameson(q). The
performance curves of the individual rows of tubes were reported along
with the overall heat transfer performance of the tube banks. These
results will be further discussed in a later section. The heat trans-
fer and pressure drop curves reported by Schmidt are give in Figures

9 and 10.

C. Local Rates of Heat Transfer to Finned Surfaces

Two investigations have appeared in the literature dealing with
Jocal rates of heat transfer to finned surfaces. M, L. Ghai<l8) reported

local heat transfer coefficients for two parallel straight fins which
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were electrically heated at the base of the fins. The fins were attach-
ed to a non-conductive wall. The local heat transfer coefficient on the
fin varied both with the angle from the leading edge of the fin and with
the distance from the tip of the fin. The variation from the root to
the tip of the fin was particularly large. This is indicated in Figure
11 for one of the tests. This figure indicates that the heat transfer
coefficlent at the tip of the fin is much greater than at the root.

Weiner, Gross and Paschkis(l9) measured local retes of heat
transfer on a single finned tube with water flowing perpendicular to the
axis of the tube. The heat transfer coefficients for various areas on
the fin were computed on the basis of the heat flux from the section
under consideration to the ambient water. The difference between the
skin temperature of the surface and the temperature of the water
approaching the tube was used as the driving force.

The results were described by dividing the finned area into
three sections; an active zone where the heat transfer coefficlients were
50 per cent or more larger than the mean heat transfer coefficient; a
recirculation zone where the heat transfer coefficients were less than
half of the mean coefficient; and a mean zone where the coefficients
were between 0.5 and 1.5 times the mean coefficient.

At the 90° position (90° from the leading edge)
the heat transfer coefficient was found to be relatively constant and
independent of the distance from the tip of the fin. This is contrary
to the findings of Ghai for straight fins. This difference in findings
can probably be attributed to the effect of the cylinder on the fluid

flow over the finned area. This will be further discussed in a later

section.
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The relative size of the "active" and "recirculation" zones
on the fins were found to decrease with increasin; flow rates.

D.IkmfhmmﬁrCdeaﬁmg

Three heat transfer correlations for helically finned tubes
have been presented in the literature. In chronological order they
result from the work of Schmidt(2), and Katz and co-workers(3: 7).

Schmidt's correlation, which appeared in a very brief
article, was obtained from a comparison of the performunce of single
Plain and finned tube data and the performance of a plain tube bank
pPlus a laminated cooler. In his studies on single tubes, Schmidt observ-
ed that the ratio of the finned tube heat transfer coefficient to the
plain tube heat transfer coefficient was a function of the fin height
and fin spacing. Using the single tube data he obtained a relation-

ship of the form:

_ 0.63
.E_Q. = 1-0.18 [ﬁdo_g(_i_r_M} (5)
P

where hO air film heat transfer coefficient for a finned tube bank

and h

D air film heat transfer coefficient for a plain tube bank.

This relationship for single tubes gave good agreement with the experi-
mental results obtained on a laminated cooler having five rows of in-
line tubes. Substituting the following relationship for air flowing
across triangular pitch plain tube banks which is recommended by

MeAdams (0)

h.D DG 0.6
T o o.3o< rm) (6)
He
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into equation (5) gives:

o o.3o<i9§gé>3'6[l - 0.18 {?9:92) ﬁ}9'63J (M
e 2

Ke

Katz and co-workers studied the results of a number of in-
vestigations on heat transfer to finned tube banks. They presented
two heat transfer correlations for air, which can be put in the follow-
ing form:

h = BD V (8)

where the equivalent diameters of finned tubes, De’ is defined as
2
S ND
() (3 (9)
r

(De), = S, <%>0.3 o)

The constunt b, used in the above correlations, had a value of 0.56,

(0e),

and the constant m, had values of -0.5 and -1.0 for equations (9) and
(10) respectively.

E. Pressure Drop (orrelations

Four pressure drop correlations for finned tube banks have

appeared in the literature. These correlations resulted from the work

(&) (21)

of Jameson‘ ‘, Katz and co-workers(7), and Gunter and Shaw .

These correlations will be discussed in the order given above.
L
Jameson( ) correlated the pressure drop data from a number
of tube banks and obtained the following correlation for air near

atmos pheric pressure:

AP - 425 x 1077 D0 1T (11)
n
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where

De (12)

Dyn
[<§>M (a@i L afs_:;_lﬂ
dr ar

Jameson stated that this equation fairly well correlated the data for
tube banks in which the free area in an individual row of tubes is
less than that in the diagonal openings between two successive rows of
tubes.

Katz and co-workers(7) presented two correlations for the
pressure drop of air flowing across triangular pitch finned tube banks.

The first correlation can be reduced to

)O.D Dro'j v 1.70
0.6 n

22 - 152 x 107 (NDg (1)

Sp

The second correlation is shown on Figure 12.

(21)

Gunter and Shaw presented a general correlation for
pressure drop across various surfaces with fluids. in crossflow. The

proposed relationship for flow in the turbulent region (Re > 200) is

given by:

A Pge Dvh p u -1k vhG 014 0.6 N0k
2 =0.9 S
G- L Hw K
(14)

For air at 100°F this reduces to:

& = 5.8 x 107




20

-26-

oD
|

(o]

T TTTT]

0.8
06

04
0.3

0.2

0X[0]
008

0.06

AP DeI ( INCHES WATER PER ROW)(FT)

IR

0.04
0.03

M | L L]

200

Figure 12,

400 8001000 2000 4000 10,000
MAXIMUM AIR VELOCITY, FPM

Finned Tube Pressure Drop Correlation of Katz, et al.



ITI. EXPERIMENTAL EQUIPMENT

The experimental equipment used in this investigation consist-
ed of a twenty-six inch diameter wind tunnel designed in such a manner
that a heat transfer unit could be placed between the entrance section
of the wind tunnel and the wind tunnel itself. An overall view of the
equipment is given in Figure 15. The equipment can be divided into the
following sections:

1. The wind tunnel and auxiliary equipment

2. The tube banks.

5. BSteam side equipment.

L. Instrumentation and measuring devices.

These are described in detail below. The equipment used to determine

the performance of the tube banks was modified for severzl special tests.
The modifications for these tests are described in the last part of this
section.

A. Wind Tunnel and Auxiliary Equipment

The wind tunnel was composed of the following five sections:

a) Entrance section
b) Test section
¢) Calming section
d) Blower
e) Exit section
The air traveled from the entrance section through the remaining sections

in the order given above.

-27-
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The entrance section was designed to give an essentially
uniform velocity profile immediately prior to the test section. Frontal
and side views are pictorially shown in Figures 14 and 15 respectively.
As indicated in these figures, this section consisted of a sheet metal
duct transcending smoothly from frontal dimensions of 32 inches by 48
inches to an 18 inch by 27 inch rectangular section. The duct was 19
inches long and was curved for approximately two-thirds of this dis-
tance. A rectangular angle iron frame riveted to the back of the en-
trance provided a flange for bolting to the test section, which was

composed of one of the tube banks, and will be described below.

Figure 13. Overall View of Wind Tunnel With Tube Bank Installed.
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Figure 14. Frontal View of Entrance Section.

Figure 15. Side View of Entrance Section.
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The calming section was composed of a hollow sheet metal
tube interposed between the test section and the blower in order to
keep any back hmixing, which might occur due to the blower, from
affecting the last rows of tubes. It consisted of a rectangular
section, also 18 inches by 27 inches in cross section, 12 inches
long followed by a hollow cylindrical section 112 inches long.

The end of the cylindrical section was friction fitted to a flange on
the blower.

The blower was a Number 4 Sirroco fan made by the American
Blower Corporation. The fan is rated at L4O0O0 cubic feet per minute
of air at one inch of water pressure drop. The blower was powered
by a five horsepower, shunt wound, D.C. motor. The speed of the
motor was controlled by a system of variable resistors placed in
the field and/or armature circuits of the motor. By placing addition-
al resistance in the field circuit of the motor, the speed of the
motor was increased., The motor speed was reduced by placing addi-
tional resistances in the armature circuit of the motor. The re-
sistors in the armature circuit were connected by means of knife
switches which allowed them to be placed in series or parallel
operation, By means of this control, the motor speed could be
varied between 150 and 1100 rpm. The normal speed of the motor was
800 rpm. An ammeter was also included in the control circuit to
prevent an excessive overload of the motor at the higher speeds.

The blower, motor, and speed control are pictorially shown in Figure 16.

The outlet section consisted of a rectangular sheet metal duct

which allowed the air to pass out of the building. The section was
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fastened on one end to the outlet of the blower and on the other end
to a plywood board which replaced a window section having a rectangular
hole the size of the duct opening. A rectangular steel plate hinged on
the top served as a damper to further control the air velocity at the
low speeds. This demper also served to protect the blower and exit sec-

tion from the exterior weather elements.

Figure 16. Blower, Motor and Speed Control System.

B. Tube Banks

Frontal views of the eight tube banks used in this investigation
are shown in Figure 17 through 20. The dimensions of the tube banks are
summarized in Table I. This table indicates the unit numbering system.

This identification is adhered to throughout the remasinder of this text.
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Frontal View of the Eight Tube Banks Investigated.

Figure 17.

Units 1 and 2.
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Frontal View of the Eight Tube Banks Investigated.

Figure 18.

Units 3 and 4.



_35_

Figure 19. Frontal View of the Eight Tube Banks Investigated.
Units 5 &nd 6.
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Figure 20. Frontal View of the Eight Tube Banks Investigated.
Units 7 and 8.
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The tube banks were each made up of three components: the
tube sheets, the sides, and the tubes. The tube sheets were made from
5/& inch thick hot rolled carbon steel plate with holes drilled through
the plate on the tube pattern desired. All but two of the tube sheets
were 27 inches long by 12 inches wide. The pair used for tube bank
number 8 were 27 by 21 inches. The tube sheets were drilled in pairs
in order to insure alignment of the holes for the ends of the tubes.
The holes for the tubes were drilled 0.0l2 inches (i 0.005 inches)
larger than the outside diameter of the turned ends of the tubes. The
dismeter of the plain ends of the tubes and of the tube-sheet holes
are given Table II. The holes were laid out on equilateral triangles
with sides equal to the nominal ocutside diameter of the tube plus
three sixteenths of an inch. A typical tube sheet layout is schemati-
cally sfiwn in Figure 21 for tube bank number 8. A top view for one tube
sheet for unit number > is given in Figure 22. As indicated in these
figures, the odd number rows (commencing from the inlet end) contained
one more tube than the even numbered rows.

The sides of the tube banks were made from l/4 inch thick steel
plate. The width was made equal to that of the companion tube sheets
and the length was held constant at 19 1/2 inches. Lengths of angle iron
were welded to both sides of each unit at distances corresponding to the
even numbered rows in order to prevent the air from flowing between the
outer tubes of the rows and the side panels. These strips were made 18
inches long and were placed with the right angle projecting into the
tube bank. Different sizes of angle iron were used in the different

tube banks. The positioning of the angle irons are indicated in Figure 21.
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TABLE II

DIAMETER OF TUBE ENDS AND TUBE
SHEET HOLE DRILL SIZES

Unit Tube O.D. Drill Size
(turned ends) inches
inches
1 0.750 0.762 + 0.005
2 0.625 0.637 + 0.005
% 0.525 0.557 + 0.005
b 0.525 0.537 + 0.005
5 0.405 0.417 + 0.005
6 1.125 1.157 + 0.005
7 1.125 1.137 + 0.005
8 1.125 1.157 + 0.005

The finned tubes used in the investigation were integral helically-
finned tubes. The process used in forming these tubes consists of the cold
extrusion of the fins from the walls of an initially plain cylindrical tube.
The tubes produced in this manner are similar to hollow rods threaded over
their entire length. Assuming constant fin thickness, the finned tubes
can be described by the four dimensions, outside diameter, root di=meter,
fins per inch, end fin thickness, or dg, dy., N, and Y respectively. Faur

of the different finned tubes were made of aluminum while three were made
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Figure 22. Top View of Unit Number 3.

of copper. The dim:@nsions of the tubes are summurized in Teble III. The
tubes are pictorially compared in Figure 2).

The overall length of all tubes was constant at 19 1/2 inches,
with a 5/4 inch long bare section on each end for insertion in the tube
sheet. This left an 18 inch long section over which the tube was finned.

The tube bank was fabricated from the above three components
by first inserting the ends of the tubes in the tube sheet holes, follow-
ing which the sides were welded to the tube sheets. The tubes were then
expanded against the tube sheet by means of a conventional tube expander
powered by a quarter inch reversible electric drill. The tube expanders
were designed to expand the walls of the tube approximately 0.055 inches.

On some tube banks where a single expander could not provide a tight joint
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Figure 23. Comparison of the Tubes Used in the Investigation.

between the tube and tube sheet, a second expander was obtained and the
tubes were expanded a second time with a larger expeander,

The top and bottom steam chests were then welded in place, legs
were attached and angle iron flanges were welded and drilled for attaching
the unit to the adjacent sections of the wind tunnel. The unit was then
ready for instullation as the test section.

Frontal views of the eight test sections are given in Figures
17 through 20. A buck view of unit number 6 showing the location of the
angle iron on the even rows (row number 4 shown) is given in Figure 24,

A top view of unit number > with the steum chest attached is given in

Figure 22.



Figure 24, Rear View of Unit Number 6.

C. OSteam Side Equipment

A schematic illustration of the steam side equipment employed
is given in Figure 25. As shown in this figure, the steam ceme from the
60 psig service mains, was throttled to 3 psig by means of control valves
A and B prior to entering the upper steam chest through twin supply lines
in the top of the chest. The pressure of the steam was measured with a
pressure gauge which, along with the thermometer shown on the figure,
cllowed the determination of the number of degrees of superheat of the
incoming steam. Impingement baffles were provided in order to evenly

dispurse the steam and prevent the in-rushing steam from affecting the
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steam condensing coefficient immediately below the openings. Two purge
lines were also located on the top of the steam chest. The condensate
was collected in the bottom steam chest. The condensate flow rate was
controlled by means of valves C and D of Figure 25 from which it flowed
by gravitational force through a sub-cooler to a weigh barrel.

One inch galvanized steel pipe was used the entire length of
the steam supply line. The by-pass section,which included valve B of
Figure 25,was made up of l/h inch pipe. The top of the steam chest was
a rectangular section of 1/4 inch steel plate with holes drilled on the
periphery about every four inches. These holes were used to bolt the
top of the steam chest to the steam chest sides with tw: nty 5/8 inch
bolts. A rubber gasket was used between the top and sides of the chest
to prevent leaks. The sides of both the top steam chest aund bottom
steam chest were made from four inch channel iron welded to form &
rectangular box. The bottom of the bottom steam chest was a rectangular
shaped box having sloping sides as indicated in Figure 25. The sides re-
duced down to a two inch by three inch rectangular section on the bottom.
A sight glass was located near the bottom of the section in order to see
the condensate level. The condensate return lines were of 1/2 inch pipe
with the exception of the by-pass line containing valve D which was of
1/8 inch pipe. The condensate sub-cooler was a double pipe heat® exchanger
made up from a three foot long section of 1 1/4 inch steel pipe for the

outer shell and & 1/2 inch pipe for the inner section.
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D. Instrumentation and Measuring Devices

The instruments and measuring devices employed on the steam
side of the exchanger were: a pressure gauge, thermometer, sight glass,
weigh barrel and timer. The pressure gauge used 10 measure the pressure
difference between the steam in the steam chest and the atmospheric air
was located on the top of the steam chest as indicated in Figure 25.

The instrument was a standard bourdon-tube pressure gauge having a

range of 0-5 psig with 0.1 psig graduations. The gauge was calibrated
against a one-hundred-inch mercury column and was found to read correct-
ly. This gauge was ﬁsed throughout the investigation with the exception
of the first tube bank (unit number 1) in which the steam pressure was
measured (using the same pressure tap) by means of a water-filled mano-
meter. The temperature of the incoming steam was measured by means of

4 mercury-in-glass thermometer located in an elbow of the incoming steam
line ebout six inches agbove the steam chest also as shown in Figure 25.
The thermometer had a range of 0-300°F with graduations of 2°F. The
accuracy of the thermometer was checked against boiling distilled water
(the pressure being noted) by means of which it was estimated to read

not more than 0.5°F low. Due to the insensitive nature of the calcula-
tions on this reading it was deemed sufficiently accurate and no corrections
were made to this reading. A sight glass, located adjacent to the bottom
steam chest as previously described was used to maintain a constant level
of the condensate in the steam chest.

The weigh barrel and timer were used to measure the rate of flow
of the condensate. The weigh barrel, a standared fifty-five gallon drum

containing an emptying valve and spigot on the bottom, was placed on a
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platform type scale having &« range of over 1000 pounds with graduations
of 1 pound. The timer was a photographic type spring driven clock hav-
ing individual minute and second hands. The accuracy of the timer was
checked against an electric clock for two ten minute periods and was
found to read correctly.

The air side of the exchanger required a number of instruments
to determine the air pressure, humidity, temperatures, and flow rates.
The barometric pressure of the ambient air was measured with a mercurial
barometer having a Vernier scale by means of which the atmospheric pres-
sure could be read to within 0.1 mm of mercury. A thermometer was attach-
ed to the barometer for ambient temperature measurements in order to make

(22)

the standard corrections for differences in the thermal expansion of
the mercury and the glass. The air humidity was measured with a standard
sling hydrometer operated before each series of runs immediately in front
of the wind tunnel entrance. The pressure drop of the air flowing through
the tube bank was measured by means of a micro-manometer attached to the
static side of a pitot tube located in the main stream of air about six
inches behind the last row of tubes. The micro-manometer, shown in
Figure 26, was fubricated for this investigation. The inlet ambient

elr temperature was measured with a mercury-in-glass thermometer having
gradiations of 0.1°C. The readings of this thermometer were compared
with a U.S. Buresu of Standards calibrated thermometer in the range of
20°C to 30°C and were found to be in error by less than 0.1°C in this
range. The outlet air temperature was measured by means of a copper-

constantan thermocouple encased, except for the tip, in a three foot

length of copper tubing. The tubing was inserted through a cork held
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Figure 26. Micro-manometer Used in Investigation.

to the side of the wind tunnel approximately six inches behind the last
row of tubes. The thermocouple tip was moved horizontally behind the
tube bank at the centerline of the exchanger in order to make a traverse
of the air temperature leaving the unit. The thermocouple tip was
shielded from radiation by means of a short section of sterling silver
tubing placed over and flattened against the junction. The thermocouple
EMF was measured with a Leeds and Northrup precision potentiometer. The
cold junction temperature was measured with a mercury-in-glass thermo-
meter placed adjacent to this junction. This thermometer was also cal-
ibrated against a Bureau of Standards calibrated thermometer. The air

velocity was obtained from a Biram's vane type anemometer. This unit,
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shown in Figure 27, has a four inch diameter frame with three dials
reading to 10,000 feet. The movement has jeweled bearings, a dis-
connector, and an sutomatic zero setting attachment and is delivered
with calibration corrections obtained in wind-tunnel testing by the
Taylor Instrument Co. The calibrations are made by comparative tests
with standard instruments certified by the National Physical Labora-
tory (England) and the Bureau of Standards and are shown on Figure 28.
The angular velocity of the vanes of this instrument is dependent on
the square root of the inertia of the air approaching the vanes(25).
Since the square root of the inertia is proportional to the velocity,
the angular velocity of the vanes is proportional to the air speed.

The relative decrease of the frictional resistance of the moving parts

Figure 27. Vane-type Anemometer Used in Investigation.
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of the instrument with increasing speed are taken into account by the
calibration mentioned above. This type of instrument is generally
considered accurate within + 5%<24). The particular instrument used
in this study seemed to produce somewhat more consistant results than
the figure generally quoted. The elapsed time for the anemometer wus
obtained with a stop watch which could be read to 0.1 seconds. The
watch was calibrated against an electric clock and was found to give
correct readings within 0.2 seconds in 5 minutes.

E. Modification Employed to Obtain Row-To-Row Performance Datea

Tube bank number 8, containing eight rows of nominal 2 1/k
inch 0.D., 1.1 inch root diameter tubes was modified in order to obtain
the heat transfer performance of individual rows of tubes transverse
to the air flow. Figure 21 schematically presents the tube sheet
pattern of the tubes in this tube bank and indicates the numbering
scheme used to denote the various rows. It will be noted that the
numbering commences with the row nearest the air inlet and proceeds
down the tube bank ending with the row nearest the outlet.

The steam side portion of this unit was modified in order
to obtain the row to row performance of the tubes. Many types of modi-
fications were attempted, however, only the one found successful will
be described here.

The top cover and bottom collector of the steam chest were
removed exposing the ends of the tubes to the atmosphere. In the row
to be investigated the ends of the tubes were fitted with rubber stoppers
containing one hole drilled in the center of the stopper and a second

near the edge of the stopper. A rod, slightly longer than the tubes



(zbout 21 inches long) and threaded on each end was pushed through
the center holzs of the stoppers as shown in Figure 29. Nuts and
washers were then placed on the threaded ends and tightened aguinst
the tube until the stoppers were sufficiently compressed to prevent
any leakage of steam. A short 3-4 inch length of 1/4 inch copper
tubing was placed in the second hole of each stopper.

In the tops of the tubes (steam inlet end) the copper tubing
was directly connected to an inlet steam manifold by means of lengths
of rubber tubing. The inlet steam manifold, consisted of two - one
inch pipe nipples threaded into a pipe tee, closed on one end and con-
taining a valve and tube assembly on the other in order to continuous-
ly purge steam from the system. The one inch pipe nipples were drilled
and tapped for eleven - 5/8 inch pipe nipples on which one end of the
rubber tubing was fitted. One of the rubber stoppers was fitted with
a second section of copper tubing. This piece of copper tubing was
connected to the steam pressure gauge in order to read the steam pres-
sure within the finned tubes.

The copper tubing from the bottom of the finned tubes was
connected to a manifold. The condensate manifold consisted of a j/h
inch pipe drilled and tapped for 5/8 inch pipe nipples. The manifold
was closed on one end and contained a globe valve in order to control
the rate of flow of the steam condensate. Beyond the control valve
was fitted a short length of nominal 2 1/4 inch 0.D., 1.1 inch root dia-
meter finned tubing in order to subcool the condensate and prevent seri-

ous flashing of the steam condensate.
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Insulation was placed around the steam manifold and on bcth
tube sheets. A series of runs were then taken and then the entire unit
was moved to the succeeding row. In this manner; only a single row of
tubes were heated for a series of runs in this study.

F. Modifications Employed to Obtain Steam Film Condensing Coefficients

In order to simultaneously determine the two film resistances
governing the rate of heat transfer to the finned tube (air film resist-
ance and steam film resistance) it is necessary to know an intermediate
temperature, such as the wall of the tube. These date were obtained for
two of the tubes included in unit number 8 by fastening copper-constantan
thermocouples to the exterior of the tubes.

Thermocouples were attached to one of the tubes in the first
row and one in the last row by holding the wire against the outside
root portions of the tubes while placing a drop of thermosetting epoxy
plastic over the tip and against the tube wall. The thermocouples were
located approximately one foot down from the top of the tubes.

Since the resin used has a relatively low thermal conductivity,
the above procedure insulates the thermocouple junction from the outside
air.

G. Modifications Employed for Turbulence Measurements

A special test section used for measuring the degree of tur-

bulence is described in Appendix C.



IV. EXPERIMENTAL PROCEDURE AND DATA

The techniques developed in obtaining the experimental data
can be divided into four catagories. The four divisions listed below
include: (1) the procedure used and data obtainéd for the performance
characteristics of the tube banks; (2) the determination of the steam
condensing coefficients; (5) the heat transfer coefficients of individual
rows of tubes, and (4) the flow conditions of the air approaching the
tubé bank.

A. Experimental Procedure and Dates for the Performance Charucteristics
of Tube Banks

The experimental technique developed for obtuaining the per-
formance characteristics of the tube banks is listed below in approxi-
mate chronological order. The blower motor was generally started with
no external resistances in either the field or the srmature circuits.
The purge and outlet steam condensate valves were completely opened
with no water flowing in the condensate sub-cooler. The steam valves
were then opened sufficiently to produce a full scaie reading on the
Steam pressure gauge (5 psig). This condition was maintained for about
five minutes or until large quantities of steam were first seen to emerge
from the condensate outlet line, following which the stezm chest was
deemed purged of air and the condensate control valves were closed and
the steam throttled to produce 3 psig in the steam chest. Upon the
appearance of condensate in the sight glass, the condensate control
valves were adjusted so as to maintain the condensate level within the
range of the sight glass which was about 5 inches in length. Aiter

making minor corrections to the steam pressure and condensate control
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valves, the atmospheric pressure and humidity were obtained using the
instruments described in the previous section.

A steady state condition of the heat transfer was checked
with an uncalibrated mercury-in-glass thermometer placed in the exit
air steam. Upon obtaining a constant reading of this thermometer over
a five minute interval, a run was started.

The first step involved the simultaneous starting of the timer
and collection of the condensate. Readings were taken of the outlet air
pressure and inlet air and steam temperatures. The anemometer was placed
in front of the tube bank and started simultaneously with the stop-watch.
The outlet air temperature profile was then obtained using the thermo-
couple-potentiometer equipment previously described. Fourteen thermo-
couple readings were obtained during which time five anemometer and four in-

let air temperature readings were recorded. The outlet air pressure was

checked and the weight of condensate collected and time of collection
were then recorded. A minimum of fifty pounds of condensate was collect-
ed. The duration of a run was about one half hour except for a few
low air velocity runs where more time was required to collect the minimum
amount of condensate. The heat gained by the air and the heat lost by
the steam were then calculated from the data and, if the per cent dis-
crepancy between these two quantities was below 5% the run was finished
and a new run started.

For the second run of a series, the air velocity was changed
by addition of resistances to either the armature or field circuits of
the motor. Care was taken during the change in air velocity to maintain

a minimum of 2 psig steam pressure in the steam chest. The general
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procedure used was the same as for the first run except that the inlet
air pressure and humidity were assune d constant over a maximum period
of four hours. The data obtained for run number 709, unit number 7
are presented in Teble IV.

For any individual run the heat lost by the steam is related

to the condensate flow rate by:

@ = W, (AH) (16)
where: Qg = heat released by the steam, Btu/hr
W, = flow rate of vondensate, Lb/hr.
and A H = difference in enthalpy between the incoming steam

end exit condensate, Btu/lb.

Neglecting the sub-cooling of the condensate due to the temperature

drop across the condensate film, the enthalpy difference is given by:

AH = A+ (cp)S(A t) (17)
in which:
A = latent heat of vaporization of steam(gs), Btu/lb.
(cp)s = heat capecity of steam near atmospheric
pressure, Btu/lb - °F
and At = degrees of superheat of the incoming steam, °F.

The error resulting from the neglection of the sub-cooling was estimated
to be less than one-half of one per cent for the worst case, whereas

the superheat energy generally amounted to slightly more than one per
cent of the total energy released by the steam.

The energy geained by the air is given by:



TABLE IV

EXPERIMENTAL DATA OBTAINED FOR RUN 709

Barometer Reading = T42.2 mm Hg

Barometer Temperature = 22°C
(2z2)

Correction to be Added

2.8 mm Hg

Barometric Pressure = 759.4 mm Hg

Steam Pressure = 3 psig
Ap = 0.191 inches water
Steam Temperature = 234°F
Air Wet Bulb Temp. = T3°F

Air Dry Bulb Temp. = TO°F

Inlet Air Temperature

Rdg. °C
1 25.8
2 2k.0
) 2.3
L 2k.2
5 2k.6
avg. 24,2

Rdg.

ft.

240k
1981
3217
2288
3040

Position¥*
26 1/2

25
23
21
19
17
15
13
11

Wi 3 \O

average

M.V.
2.320
2.176
037
.08
.928
.952
.988
.001
.009
.940
.819
379
.820
.300

N RO W o

HHFHMDMDD DWW

2.621

Anb .
Temp. °F
79.0

80.1

80.9

80.0

Anemometer Readings

Time

10
8

15

9
12

avg.

Anemometer
Velocity, ft/min

240
2L8
auT
254
253

248

* Distance in inches from right wind tunnel wall, facing downstream



Q = Wyocp (At), (18)
where: Qp = thermal energy gained by the air, Btu/h:
W, = mess flow rate of air, Ib/hr.
¢p = heat ceapacity of inlet air at constant pressure,
Btu/Lb °F
and At = mean temperature rise of air, °F
The mass flow rate of the air was calculated from:
W.,=Ve x 60 x Ay x p (19)
where: Vf = velocity of air approaching the tube bank, ft/min.
Af = flow area of duct at air velocity measurement
position, a constant = >.37> sq. ft.
and p = density of air approaching the tube bank, Lb/ftj

The density of the air was computed for dry air from the
perfect gas law<26),and then corrected for the amount of water vapor present
(see Table V). The air velocity was obtained from the corrected
anemometer reading. The fact that the anemometer was placed in a
single location implies the assumption of & constant air velocity
over the area immediately upstream from the tube bank. This assumption
was checked without a tube bank in place and as will be shown later was
found to be in error by less than 1.5%.
The heat capacity for air is given in Table V for various
values of absolute humidity. These values were calculated from the

equation:

1 - H! -
¢p = 0.240 m)-i-obru «l_-f-li_'—) (20)



TABLE V

EFFECT OF HUMIDITY ON THE PHYSICAL

PROPERTIES OF DRY AIR

Absolute humidity Air heat Density of mixture
Lbs HEO/lbdry air capacity Density of dry air
Btu/lb °F

0 0.240 1.000
0.002 0.240 0.999
0.004 0.241 0.998
0.006 0.241 0.997
0.008 0.242 0.996
0.010 0.242 0.995
0.012 0.2k2 0.995
0.01k 0.243 0.992
0.0l6 0.253 0.990
0.018 0.2kk 0.989
0.0=20 0.244 0.988
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where:  0.240 heat cap cigy of dry air at 80°F and 1 atm.
J

pressure <0 Btu/lb °F
0.44 = heat capaiity of water vapor at 80°F and 1 atm.
pressure, 20 , Btu/lb °F
and H' = absolute humidity of the air, lbs of water vapor

per pound of dry air.

The mean temperature rise of the air in flowing through the
tube bank was calculated from the inlet and outlet air temperature measure-
ments. The inlet air temperature used in these calculations was the
average of five readings. The average outlet air temperature was computed
from the average of fourteen thermocouple readings taken every two inches
along the horizontal centerline behind the exchanger. The corresponding
temperature profile for the exit air is given for run nuuber 407 of unit
number 4 in Figure %0 where the temperature rise of the air is plotted
versus the distance from the vertical centerline of the unit. The general
nature of this particular temperature profile was characteristic of the
outlet air temperature measurements on this and the other tube banks
investigated.

The variation between the measured temperature rises at various
points is due to incomplete mixing of the air across the width of the
exchanger. In order to verify the general accuracy of the procedure
used in obtaining the mixed mean outlet air temperature, measurements
were taken every 1/2 inch along the same centerline for two runs at low
and high air velocities for unit number 7, a total of 53 points being
required. A further check of the accuracy of the general procedure was
made by obtaining a single air temperature measurement at a point approxi-

mately five feet down stream from the last row of tubes of the exchanger.
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The three air temperature measurements and calculated heut transfer

values are compared in Table VI fdt one of the runs.

TABLE VI

COMPARISON OF CALCULATED RESULTS FROM THREE
DIFFERENT OUTLET AIR TEMPERATURE MEASURING TECHNIQUES

RUN NO. 708

Average of Average of Single
Calculated Result 14 tempera- 55 tempera- mixed mean

ture meas- ture meas- measurement

urements urements
Outlet air temper-
ature, °F 162.2 16l.2 160.8
Air side heat duty
Btu/ar 288,000 285.000 284.000
Steam side heat
duty, Btu/hr 282,000 282,000 282.000
Per cent discrep-
ancy in Q's, % 2.1 1.0 0.7
Mean temperature _
difference A T, °F 95.5 93.9 94.1
Ugs Btu/hr - °F sq.ft. 11.55 11.40 11.54
h,, Btu/hr - °F sq.ft.  15.0 14.8 1k.7

The second run of this nature (Run 709) gave results compar-
ible to those presented above on a percentage basis. Examination of
Table VI indicates that the difference between the three measuring
techniques is small and the average of the fourteen points (used in all
experimental runs except two) yields reasonably accurate calculated

results.
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The overall coefficient of lfeat transfer is related to the

heat duty by the relationship:
Uy = :_%Z?) (21)
o m

The heat duty used in computing the overall coefficient was
taken as the average of the steamside and airside heat duties. The
heat transfer area was computed as the sum of the root and finned areas
of the tubes plus the area of the tube sheets under the steam chests.
The latter area was small compared to the area of the tubes, generally
amounting to less than 5 per cent of the total. The mean temperature
difference driving force is related to the saturated steam, inlet and

outlet air temperature by:

(tg - t4)
ATy = —S— (22)
4y (Lss ti)
tss't
in which: t, = mean outlet air temperature, °F
t; = inlet air temperature, °F
tgg = temperature of steam corresponding to the

absolute pressure of steam in steam chest, °F<43)
The mean air film heat transfer coefficient is related to
the overall coefficient and the other individual resistances to heat

transfer by (assuming no fouling):

A
T o RE @
in which: rp = resistance of the fin metal, hr-°F - sq.ft./Btu
r, = resistance of the root metal, hr-°F - sq.ft./Btu
h; = steam condensing coefficient, Btu/hr - °F-sq.ft.
and Ao/A4 = ratio of external to internal heat transfer area,

dimensionless.
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The fin resistance was computed from the relationship(l7):

2 §° j Do
Kn,Y ¥ D :
r, = =& - 5 (k)
1+ A <i + hy == Vrii>
Ap 3K, Y ND

which is valid for fin efficiencies between 80 and 100 per cent(16’17).

The resistance of the root metal wall was computed using the relationship:

(25)

The condensate film coefficient was calculated using the theoretical
relationship of Nusselt for flow down a flat surface. The relationship,

on a tube loading basis is(go):
1/3
h, = 0.826 kf os” gcl) <Q> (26)

However, since the physical properties and the condensing length of thce

steam are constant, equation 26 can be reduced to:

hy = 36,000 <%>l/5 (27)

where the area is the total inside area of the tubes.

The fin metal and root metal resistances are essentially
constant as indicated in Table VII for the tubes used in unit number
T, therefore a plot can be calculated, prlOIl! for eack unit giving
the sum of the metal and steam resistances versus the rate of heat

transfer, Q. Such a plot is given in Figure 31 for the tubes used in

unit number 7.
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TABLE VII

VARIATION OF FIN RESISTANCE WITH AIR FIILM HEAT TRANSFER
COEFFICIENT FOR THE TUBES USED IN UNIT NUMBER SEVEN

hy T,

0 0.00367
10 0.00366
20 0.00365
30 0.00364

root metael resistance - 0.00052

The air film coefficient can be calculated by substituting the value
of these resistances and the overall coefficient data into equation
25.

Tables VIII through XV summarize the heat transfer data
obtained on the seven finned and one plain tube bank. Also included
in these tables are the pressure drop data of the eight tube banks.
The heat transfer coefficients for the seven finned tube banks are
plotted on Figure 32 versus the maximum air velocities. This air
velocity is defined as the average velocity that the air would have
in passing through the minimum cross sectional area at a density of
0.074 pounds mass per cubic feet. This type of representation is

equivalent to a plot of h, versus G the pounds per hour - sq.ft.

max’

cross sectional area, since:

G, = Vyp 60 (28)
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A sample calculation of an individual run is given in
Appendix A.

The primary purpose of obtaining the data on the plain tube
bank was not to question the validity of the existing data, but rather
to provide a measure of the degree to which the data provided here
can be compared with existing heat transfer data. The experimental
heat transfer coefficients are plotted on Figure 33 and compared with
two other sources of data for geometrically similar units on Figure
5h(20’27). Examination of Figure 34 indicates reasonable agreement
between the data presented here for this unit and the data appearing

in the literature.

B. ©Steam Condensing Coefficients

The steam condensing coefficients were calculated from wall
temperatures obtained on one tube bank, unit number eight. Ignoring
the small metal resistance of the root wall, a heat balance indicates

that:

hiA; (tgg - tp) = Uoho (tgs - to) (29)

in which: Ai

Il

inside area of the tube, sq.ft./ft.

A, = outside area of the tube, sq.ft./ft.

tgs = temperature of saturated steam, °F.

ty = metal temperature of the root wall, °F.
and t, = mean outside air temperature, °F

Thus, from thermocouples attached to the root wall of the tubes, as
described in the previous section, intermediate temperature measurements

were made and the inside steam condensing coefficients calculated. The
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coefficients thus calculated are point coefficients for the positions
on the tubes where the thermocouples were attached. The relationship
between the point coefficients and the temperature drop across the
condensate film are derived in Appendix E, using Nusselt's condensing
theory, while a sample calculation for one run is presented in Appendix
A. The data obtained are summarized in Table XVI and Figure 35 where
the point steam condensing coefficients are plotted versus the tempera-
ture drop across the condensate film. Also included on this figure is
the line derived in Appendix E from Nusselt s condensing theory. As

can be noted from this figure, the data fall about the theoretical

TABLE XVI

SUMMARY OF EXPERIMENTAL AND CALCULATED
RESULTS - STEAM CONDENSING COEFFICIENTS

Run  Thermo-  tgut steam ‘wall Aty (hy) ex- (hy)
couple* op °F °F perimental Nusselt
Btu/hr-°F-sq.ft.

8o1 F 219.7 200.8 18.9 1190 1120
B 219.7 218.7 1.0 3300 2160
8oz F 219.7 197.7 22.0 1000 1090
B 219.7 217.9 1.8 1870 1900
803 F 219.7 198.8 20.9 1195 1100
B 219.7 216.1 5.6 1190 1620
805 F 219.7 200.8 18.9 1300 1120
B 219.7 218.5 3.6 3300 2080
806 F 219.7 202.4 17.5 1180 1150
B 219.7 219.0 0.7 3600 2350
807 F 220.5 206 . 4 13.9 1340 1210
B 220.3 219.0 0.4 4100 2650
808 F 220.5 207.5 12.8 1250 1250
B 220.5 220.0 0.3 4300 2800
809 F 220.3 209.6 10.7 1320 1300
B 220.3 220 .4 approx.- - -

¥ F = Front B = Back
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line except in the region of very low temperature differences. These
deviations could be due to either experimental error in determining
very small temperature differences or to some dropwise condensation

at these small temperature differences. The principle conclusion drawn
from these data is that for vertical tubes, the steam-side resistance
can be predicted using Nusselt's theory with a reasonable degree of
certainty.

C. Performance of Individual Rows of Tubes

The data in this series wereobtained in the same manner as
previously for the tube banks except that the condensate steam inter-
face was maintained between the glass tee and glass Y indicated in
Figure 29. The condensate was collected in a five gallon pail weighed
before and after each run.

The data obtained in this portion of the investigation are
summarized in Table XVII and Figure 36. The overall and air film heat
transfer coefficients were calculated using the same procedures previous-
ly indicated. The total outside area used in these calculations was the
outside area of the tubes in the heated row. No allowance was made for
the fact that a portion of the tube-sheet immediately adjacent to the
tube row being heated was hotter than the ambient air due to conduction;
however, during the runs on the first row of tubes, the tube sheet
adjacent to this row was felt with the hand. In this manner it was
determined that the tube sheet temperature decreased rapidly, feeling
relatively cool to the touch within a few inches. These data are com-
pared with the data available in the literature in Figure 57. Examina-

tion of this figure indicates that the data obtained here has the
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same general trend as that determined by Schmidt and Jameson.

D. Flow Conditions of Air Approaching the Tube Banks

The conditions of the air approaching the tube banks are defined
by the temperature, pressure and composition of the air and also by the
veloclity distribution and turbulence immediately upstream of the tube
banks. The temperature, pressure and composition of the air were taken
into account in each of the runs on all of the tube banks.

The velocity profiles or distributions were measured for two
different air velocities at the outlet end of the entrance section. The
measured velocity distributions, for mean air speeds of 2270 and 10w0
feet per minute are presented on Figures 38 and 39. The data are pre-
sented in Table XVIII.

The lower velocity used for these measurements was near the
limit of that which could be measured with any degree of precision.

For example, an error in the setting of the micro-manometer of 0.002
inches results in more than a 2 per cent error in the computed air
velocity, whereas, at the higher velocity, the same error in pressure
measurement results in less than one half of one per cent error in
velocity. Thus it is believed that a great deal of the scatter shown
on Figure 39 is due to experimental measuring limitations.

Examination of the mean line for Figure 38 indicates that ex-
cept in the neighborhood of the wind tunnel walls the velocity distribu-
tion varies less than one per cent from the integrated mean value.

The experimental procedure and data for the turbulence meas-

urements are given in Appendix C.
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TABLE XVIII
SUMMARY OF VELOCITY DISTRIBUTION DATA

High Velocity Run Vg = 2270 ft/min

g
Position* X  (X/X)** P v V/V
or Y, inches or (Y/Y) inches water ft/min ave
X -1 0.074 0.302 2285 1.007
2 0.148 0.307 2310 1.018
&4 0.296 0.303 2290 1.009
6 0. by 0.302 2285 1.007
8 0.592 0.301 2285 1.007
10 0.7k 0.301 2285 1.007
12 0.89 0.295 2250 0.991
1k 0.964 0.290 2245 0.989
15 0.89 0.295 2265 0.998
17 0.74 0.295 2265 0.998
19 0.592 0.500 2280 1.004
21 0.4y 0.300 2280 1.004
23 0.296 0.302 2285 1.007
25 0.148 0.300 2265 0.998
26 1/2 0.030 0.25 2080 0.911
25 0.148 0.29 2245 0.989
23 0.296 0.306 2310 1.018
X -1/8 0.01 0.048 913 0.868
2 0.15 0.063 1050 1.000
4 0.30 0.066 1070 1.020
6 O.4u 0.063 1050 1.00
8 0.59 0.00k4 1058 1.008
10 0.7k 0.0cb 1070 1.020
12 0.89 0.066 1070 1.020
13 0.96 0.065 10065 1.014
12 0.89 0.065 1065 1.014
10 0.7h 0.062 1059 0.990
6 0. k44 0.063 1050 1.000
L 0.30 0.061 1029 0.980
2 0.15 0.061 1029 0.980
1/2 0.04 0.054 1011 0.980
1/8 0.01 0.047 903 0.858
26 7/8 0.01 0.049 925 0.880
2 0.07 0.066 1070 1.020
25 0.15 0.068 1086 1.054
25 0.30 0.067 1078 1.026
21 0.4k 0.066 1070 1.020
19 0.59 0.064 1058 1.008
17 0.74 0.064 1058 1.008
15 0.89 0.062 1038 0.990
13 0.96 0.u62 1058 0.990
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TABLE XVIII (CONT 'D)
SUMMARY OF VELOCITY DISTRIBUTION LATA

Low Velocity Run Vav = 1050 ft/min

g
Position X (X/X) P v V/V
or Y, inches or/(Y/Y) inches water ft/min avg
Y - 14 0.4k 0.064 1058 1.008
12 0.67 0.064 1058 1.008
10 0.89 0.062 1039 0.990
8 0.89 0.062 1039 0.990
6 0.67 0.064 1058 1.008
L 0.4k 0.064 1058 1.008
1/4 0.03 0.051 9kl 0.895
1 0.11 0.060 1025 0.975
2 0.22 0.061 1032 0.983
L 0.4k 0.062 1038 0.989
6 0.67 0.064 1058 1.008
8 0.89 0.062 1038 0.990
19 0.89 0.065 1065 1.014
12 0.67 0.062 1038 0.990
14 0.4k 0.061 1032 0.983
16 0.22 0.060 1022 0.975
21 0.Lhy 0.301 2290 1.009
19 0.592 0.302 2290 1.009
17 0.74 0.297 2270 1.000
15 0.89 0.290 2240 0.987
13 0.964 0.298 2275 1.002
13 0.964 0.298 2235 0.985
Y - 1/4 0.02 0.200 1860 0.820
3 0.33 0.292 2250 0.991
i 0.4k 0.292 2250 0.991
6 0.67 0.288 2235 0.985
8 0.89 0.297 2275 1.002
10 0.89 0.304 2300 1.013

* The X pcsitions represent the distance from the wind
tunnel wall furthest from the windows, the Y's, dis-

tances from top wall, centerline values are X = 13.5
inches and Y = 9 inches.

The dimensionless value represents -the ratio of the
distance of the measurement from the nearest wall
to the centerline value.
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V. QUALITATIVE PREDICTION OF THE RELATIVE IMPORTANCE OF VARIOUS DIMENSIONS

The data for some of the tuybe banks and data appearing in the
literature will be discussed and analysed in the following order:
(l? effect of number of tube rows on the heat transfer
performance, and
(2) qualitative prediction of the effect of the tube and tube
bank dimensions on the heat transfer performance of finned

tube banks.

A. Effect of Number of Tube Rows on Heat Transfer Perfqrmence of Finned
Tube Banks.

The individual-row heat transfer data given in the previous
section for unit number 8, summarized on Figure 36, indicate the differ-
ent heat transfer performances attained by the various rows of a bank of
finned tubes. As indicated in this figure, the first row of tubes has a
significantly different heat transfer coefficient than succeeding rows,
which have essentially the same heat transfer coefficient. The heat
transfer coefficient for the first row of tubes is related to the maxi-

mum air velocity by the equation:
0.4
(), = 0.30 27 (30)
as compared with the relationship for the remaining rows which is:
(ho) = 0.09v, T n>1  (31)

This result is not surprising in view of the fact that at
least a portion of the heat transfer for a bank of finned tubes is due
to the jets and eddies caused by the upstream row(s) of tubes. The

first row of tubes having, for this particular case, no large disturb-

ances of the air upstream, it would be expected that this row would perform
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differently than the succeeding rows where disturbances are present.

The performance of the first row is dependent on the condition of the

air approaching the tube bank. It might also be expected that the

second and possibly later rows of tubes would also be dependent on

the condition of the approaching air. The data shown in Figure 36
indicate that this is not the case and that the second and succeeding
rows of tubes are virtually independent of air stream conditions approach-
ing the first row.

Since the first row of tubes is affected by the air stream
conditions it is necessary to define as completely as possible the con-
ditions of the air approaching the tube bank in this investigation.

The two principle properties whkich might affect the performance of
the Tirst row are the velocity profile and turbulence level of the air.

As preriquely mentioned, the air velocity profile was measured
neer th~ end of tiae inlct sectlion for the two different air velocities
ct 2270 and 1950 f=et per minute. The results are shown in Figures 38
and 39. As previously discussed, the air velocity of 1050 feet per
minute was somevhet higher than experimentally attained with the tube
banks in place and was near the lower limit of the air velocities which
could be precisely measured with the pitot tube and micro-manometer.

In fact, a great deal of the scatter which appears on Figure 39 is
attributed to the experimental error encountered in attempting to
measure a pressure difference of 0.063 inches of water. The average
deviation for these two air velocities is less than 1.5 % from the mean
air velocity values (except of course in the neighborhood of the entrance

valls). The air velocity profile approaching the tube bank is believed
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to be essentially constant.
It is a well known fact that the free stream turbulence of a
fluid approaching a tube affects the heat transfer from that surface.

(28)

This was experimentally shown by Comings who varied the turbulence
of a fluid immediately upstream from a cylinder transferring heat to
air. The results of his study are shown on Figure 40 where the mean
Nusselt number of the tube is plotted versus the turbulence of the air
approaching the surface at a constant Reynolds number. As shown in
this figure, increasing the turbulence increases the heat transfer
coefficient. Unfortunately, no measurements have been made of the
effect of the upstream turbulence level on the heat transfer perform-
ance of banks of.tubes.

Measurements were made near the end of the inlet section of
the wind tunnel using a turbulence measuriﬁg sphere in an attempt to
determine the turbulence level of the air approaching the tube bank.
The apparatus and procedure used, and the experimental results are
summarized in Appendix C. Due to the air velocity limitations imposed
b, the motor-blower combination used, the precise level of the turbu-
lence could not be measured. As is shown in Appendix C, however, the
turbulence level must have been below a value of 2 per cent.

The performance data for the individual rows of tubes allows
the calculation of a correction curve for the effect of the number of
rows in a particular tube bank. The total rate of heat transfer to the
air i1s equal to the sum of the rates of heat transfer of the individual

rows, or:

Qp = Q + Q& + Qg+ ----- + Q) (32)
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where: Q. = total rate of heat transfer, Btu/hr

Q; = rate of heat transfer from the first row, Btu/hr

and Q

The rate of heat transfer is related to the mean heat transfer coefficient

rate of heat transfer from the nbh TOW, Btu/hr

by:
Q = ho Ay (ATy) (33)
where: @ = rate of heat transfer, Btu/hr
h, = mean air film coefficient, Btu/hr - °F - sq.ft.
A, = total exterior area of tubes, ft2
and ATy = mean temperature difference between the metal and air, °F.

Substituting the relationship for the heat transfer coefficient from
equation 33 into equation 32 and simplifying (assuming equal area for

all rows):
(ho)l ATy + (hg)pA Tot ---- + (ho)pA Ty
ho(A Ty) = ~ (34)

n

The mean temperature difference driving force varies for the different
rows, béing highest at the inlet (first row of tubes) and lowest at the
outlet (nth row of tubes). For most practical applications however, the

temperature differences can be cancelled to give:

N (ho)y + (hg), + (h075 S R + (ho)y ]
(ho)Mn = n (57)
where: (ho)Mn = mean heat transfer coefficient for a tube bank
n rows deep
(ho)l = mean heat transfer coefficient of the first row
and etc.

Since however, the heat transfer coefficients of the second and

succeeding rows are constant, equation 36 can be written as:



(ho)i

(ho)l YA (56)

1

e

B n[\/lb

For a tube bank having a large number of rows, equation 36 can be reduc-

ed to: _
(Mo)pe = (Bo)y i>2 (37)

where: (ho)m » = mean heat transfer coefficient for an infinite number of
tube rows.

Teking the ratio of equations 36 and 37 the effect of number of rows on

the mean heat transfer coeffic%ent of a tube bank is:

<h°)Mn v (ho)i_+ féé(hO)i

S 2 (38)
(ho)MQ n(ho) "

The heat transfer coefficient of the various rows at any partic-
ular air velocity can be substituted into equation 38 to give the ratio
of the mean air film coefficient of a tube bank having n rows to the
mean heat transfer coefficient of a tube bank of infinite extent. This
is graphically illustrated in Figure 41 where this ratio is plotted
versus the number of rows for various air velocities. Although these
curves are actually discontinuous functions, since n must be an integer,
they are shown as continuous curves for illustration purposes. Also
included on this figure is the curve given by McAdams for triangular

pitch bare tube banks(go).

This curve, although actually velocity depend-
ent similar to the finned tube values, was taken as an average value for
the usual range of velocities. The use of this figure is illustrated in
an example found in Appendix D.

Two of the finned tube banks used in this investigation had

four rows of tubes, one bank had eight rows, and four tube banks had six.

In order to correlate the data, it is necessary to convert the results
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L0 a common basis, which for this particular case was arbitrarily chosen
as a tube bank containing six rows of tubes. The corrections, based on
the curves given in Figure 41 are given in Table XIX. As can be noted

from this table, the corrections are very small; consequently an average

value was taken to convert the heat transfer data.

TABLE XIX

CORRECTIONS USED TO CONVERT HEAT TRANSFER DATA
TO SIX ROW DEEP BANK

Number Correction at Correction at Average
of Rows Voax = 200 ft/min Vpax = 1600 £t/min Correction
4 rows 1.007 1.032 1.020

6 rows 1.000 1.000 1.00

8 rows 0.988 0.984 0.985

Similar computations can be made to convert the heat transfer
coefficients computed from the correlations given later from the six
row deep banks on which they are based to finned tube banks of any
extent. However, two limitations of these curves should be pointed
out. The first is the inherent assumption of a constant average mean
temperature difference across various rows. This assumption is only
approximately valid for moderate changes in mean temperature difference
for the various rows. The second limitation is based on the fact that
the effect of number of rows deep is almost entirely due to the first row.

B. Effect of Geometry on the Mechanisms of Heat Transfer.

The variations in the heat transfer performance between the tube

banks investigated are due to the differences in geometry within the banks.



The geometry of banks can be described by the dimensions; S, tube spac-
ing in the banks; N, number of fins per inch; DO, outside diameter of
the fin; Dr, root diameter of the fin; Y, fin thickness, and perhaps
other variables generally not measured, such as, condition of the fin
tip and roughness of the fin metal. What is desired is a correlation
of the heat transfer data, 1i.e. a single functional relationship

which would represent the data for all seven finned tube units.

The velue of the mean heat transfer coefficient of air flow-
ing through a bank of finned tubes is primarily dependent on the geo-
metry of the bank. Since the above listed dimensions describe the
geometry of the tube bank, they are the primary veriables which are to
be used to correlate the data. The relative importance of some of these
variables can be determined from measurements of local coefficients of
heat transfer over the surface of finned tubes and other data available
in the literature. The finned surface of the finned tubes constitutes
the majority of the external heat transfer area and the variation of
the local heat transfer coefficients over the fin surface is of primary
importance.

Effect of Tube Spacing

The spacing of the tubes used in this investigation was such
that a 5/16 inch fin-tip-to-fin-tip clearance was maintained (on the
nominal fin diameters) for all units. This results in an essentially
constant tube spacing to fin diameter ratio. Neither this ratio nor
any other single geometric ratio can be used to yield geometric similar-
ity. The constancy of the tube pitch to fin diameter ratio does not

necessarily imply that the variation in the heat transfer coefficients
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obtained for the different banks of tubes is independent of the tube
pitch.

The effect of the tube spacing can be qualitatively predicted
from three investigations reported in the literature, the work of
Grimison (29) on banks of plain tubes, and Schmidt(z) and Jameson(u)
on banks of finned tubes. Grimison in reviewing the data of Huge(Bo)
and Pierson(51) found that large variations in the transverse and
longitudinal spacings of tubes in bare tube banks had little effect
on the mean heat transfer coefficients at a given mass flow rate of
ailr through the minimum free area. Although this work on plain tube
banks would not preclude large effects of tube spacing in the heat
transfer from banks of finned tubes, it would be expected that the
finned tube heat transfer coefficients would not be particularly
sensitive to this variable.

This conclusion is substantiated by the work of JameSOn(u)
who experimentally found no variation in the heat transfer coefficient
for four different transverse and longitudinal spacings when compared

at the same mass velocity of air through the minimum free area. Figures
3, 4 and 5 indicate the data of Jameson for the tube bunks described in
Table XX. Schmidt(e) varied the longitudinal pitch of one tube bank
and also concluded that there was no effect of tube spacing in heat
transfer toc finned tube banks.

As mentioned earlier, the data of Jameson was obtained using
banks of wrapped-on-finned tubing which has a inherent possibility of

contact resistance between the root and fin portion of the tube. How-

ever, if a bond resistance was present in the tubes, it is unlikely that
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TABLE XX

DIMENSIONS OF TUBE BANKS STUDIED BY JAMEBZON

inches
fins/inch
inches
inches
sq.ft./ft.
Tube No.
1
1
P
3
)
)
)
5
4

0.625
8.70

1.121
0.010

1.138

Tubes Studied
(Tube No.)

2
0.625
7.00
l.121
0.010

0.946

Tube Bunks Studied

S (in.)
1.2%2

1.848

2.725
1.982
1.959
5.079

0.750
9.05

1.463
0.012

2.049

1.575
2.063

1.000
8.80

1.757
0.012

2.560
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this resistance, if any, varied in such a manner that it exactly cancelled
any effects due to the variation in tube spacing. It can therefore be con-
cluded that variation in the spacing of the tubes within reasonable limits
(8/Dy ratios of L/1 or less) play a minor role in heat transfer from

banks of triangular-pitch-finned-tubes.

Effect of Fin Spacing

The effect, if any, of fin spacing could arise from the
merging or interference of the flulid boundary layer on the top surface
of one fin with the boundary layer of the succeeding fin. The mergence
or interference of adjacent boundary layers could cause a considerable
reduction in the air velocity in the areas where this occurred with a
subsequent by-passing of the air around the heated surface resulting
in a decrease in heat transfer coefficient. Three investigations in-
volving this variable have been reported in the literature in addition
to data presented here.

Ghai(18)

measured local heat transfer coefficients on a long
straight fin attached to a flat wall of the type shown in Figure 42.
Included in his investigations were data for various fin spacings from
o/% to 1/8 inch. In general the effect of the fin spacing was found
to be very small for the area near the tip of the fin. There was a
considerable decrease in the heat transfer coefficient near the root
with decreasing fin spacing. This is shown in Figure 11. The eight-

fold variation in fin spacing caused an 18 per cent variation in the

mean heat transfer coefficient.
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Wagener(32) also studied a number of straight finned surfaces
of the same type as Ghai, primarily varying the air velocity and fin

spacing. He concluded from his study that the most effective spacing
for this type of fin was about 12 per cent greater than the thickness

of one boundary layer. The effect of the fin spacing for spacing great-

er than the thickness of one boundary layer was small, whereas the

effect of spacing below this thickness was quite pronounced. This is
shown in Figure 45.

Jameson<4) in his studies included two finned tube banks con-

tiining tubes which were identical except for fin spacings of 0.133 and

0.105> inches between the sides of adjacent fins. The heat transfer per-

formance of these units was found to be the same within experimental
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accuracy. These results are shown on Figure 5. Since the two fin spac-
ings studied by Jameson differed by only 30 per cent, the apparent agree-
ment between the heat transfer coefficients of this unit could have been
due to small inaccuracies in the determination of air film coefficients.
Two tube banks included in this investigation, units number
six and seven, contained tubes having the same dimensions except for
the spacing of the fins. These units had identical heat transfer per-
formance curves (well within experimental accuracy) as shown in Figure
4L, Unit number six contained tubes having 5.13 fins-per-inch while
the tubes in unit number seven had 10.3%60 fins-per-inch. The correspond-
ing spacings between the fins are 0.173 and 0.07355 inches for the tubes
in units six and seven respectively. Assuming that the mean air film
heat transfer resistance is due entirely to a laminar boundary layer
of thickness & through which the heat is transferred by conduction,

the mean thickness of this layer is given by:

Koz
5 = et x 12 = ( 0.187 > inches (39)
hg hg

(32)

If, in accordance with the results of Wagener , inter-
ference occurs starting when the spacing between the fins is in the
order of one boundary layer thickness, the coefficient for these units
at which this interference might occur would be: for unit number six:

(n), = 20 = 1.1 Beu/nr-oF-st?
¢ 0.173

for unit number seven:

(ho), = 8L - 25 Btu/hr-°F-£t°
0.0755
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Figure 44. Comparison of Heat Transfer Data for Units Number 6 and 7.
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where: (ho)C = transitional value of the heat transfer coefficient,
at which interference between adjacent boundary
layers might occur.

Since all of the heat transfer coefficients measured for these
units are appreciably above these values, it would be expected that there
would be little or no effect of the different fin spacing on the heat
transfer coefficients for these two units. Examination of the heat
transfer curves (see Figure 44) indicates that the heat transfer data
are well represented by a single line. The performance line of these
units is supported by the data of one of the tube banks investigated
by T. E. Schmidt. Figure 45 compares the heat transfer results obtain-
ed by T. E. Schmidt on a tube bank containing tubes with dimensions
similar to units 6 and 7 except with 8 fins-per-inch. As indicated in
this figure, the curve obtained by Schmidt is appréximately‘the same
as that representing units 6 and 7 with a slightly different slope.

It would be expected that if boundary layer interference
occurred it would cause a change in the slope of the heat transfer co-
efficient-air velocity curve from the region where there was interference
to the region where there was no interference. Unit number 2, contain-
ing tubes having 19.5 fins-per-inch,had a fin spacing of 0.035 inches.
Substituting this value into equation 39, the transitional mean co-

efficient is predicted as:

(ho)o = gf%%% = 5.4 Btu/hr-°F-rt?

Two of the experimental heat transfer coefficients obtained on this
unit fell well below the transitional value of 5.4. Since these two

coefficients fall within the expected scatter of the data around the
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mean line for the entire range of velocities it suggests that the effect
of the fin spacing for finned tube heat transfer coefficients is less
than the effect for longitudinal fins. Since the two data uoints below
the predicted transitional value actually fall lower than the mean heat
transfer curve, it is possible that a transition occurs, such «s indicu-
ted in Figure 46. As indicated in this figure, the interference of
edjrcent boundary layers would probably cause a smooth rather than aun
abrupt chunge in the heat transfer-zir velocity curve. As will be
shown later, there is an area on the fin, in back of the tube which
contributes little to the total heat transfer to the tube, consequently
the thickness of the boundary layer over the active portion of the tube
is less than that calculated by equation 39. This effect could be
sufficient tc cause & continued slope of 0.7 of the heat transfer curve
below the calculated transitional coefficient.

One can conclude that for the range of fin spacings and air
velocities irncluded in this investigation, the effect of fins-per-inch
on the heat transfer coefficient is probubly negligible.

Effect of the Fin Diameter, Root Diameter, and Fin Thickness

The finned surface of a finned tube can be thought of as a
series of circular flat plates, pierced by a cylindrical rod through
the center. In order to determine the relative importance of the above
three dimensional characteristics it is first necessary to examine
the velocity and heat transfer characteristics of the combination of
these two types of surfaces.

Assuming a constant air velocity approaching the tubes, -the

velocity profile of the air in passing over the fin can be deduced to
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have the shape schematically illustrated in Figure 47 for two positions
on the tube. Near the front of the tube the velocity profile would be
highest near the fin tip, steadily decreasing toward the center of the
fin. The shape of this profile can be attributed to two augmenting
effects. The first is the effect of the cylinder on the fluid flow
upstream from the cylinder. It can be shown, from a study of the fluid
dynamics, that the velocity profile for position such as A-A upstreanm
of the cylinder is of the same general shape as shown in Figure h7(33).
The second mechanism tending to cause a velocity profile of this shape
is that of skin friction. Comparing the length of the flow path over
the fin in section A-A it is noted that this length increases from

fin tip to centerline of the tube. Since the energy loss of the flow-
ing fluid due to skin friction is proportional to length, there is a
net mass flow of air toward the fin tip which produces a velocity pro-
file of the same general shape as indicated in Figure 47.

The velocity profile at cross section B-B is due to the pre-
sence of the cylinder. The mass of air which upstream of the cylinder
flowed between the root diameter and the centerline of the tube has to
flow through the decreased cross sectional area between the root diameter
and the fin tip at position B-B. Thus the velocity profile produces a
maximum near the wall of the cylinder.

The velocity profile near the back of the cylinder is compli-
cated by the presence of vortices. According to irrotational flow theory,
the velocity distribution around a cylinder should be symmetrical around
the 90° position of the tube. Experimentally, however, it has been shown

that the flow in this region becomes rotational due to the formation of
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vortices starting near the 90° position of the tube. Although the
vortices formed have in general large rotational velocities, the linear
velocities in the general direction of flow are relatively small, creat-
ing a large residence time for the fluid in the rear of the cylinder.
The velocity profiles deduced above are partially substantiated
by experimental measurements of heat fluxes on the fin of a finned cyl-
inder. Figure 48 shows the radial variation in the heat transfer co-
efficient measured by Weiner and et al.(l9), at the 90° position &f
the tube. Comparison of the shape of this curve with the section B-B
velocity distribution curve in Figure 47 indicates that they are of
the same general nature except in the region near the tip of the fin
(which due to their method of measurement could be due to very small

errors in heat flux). The heat transfer coefficients measured by

1
Weiner and et al.( 9)we:c'e defined by the relationship:
A
¥ = n(ty - ) (ko)
where: A Q = the rate of heat transfer from a small section under
consideration
A A = the heat transfer area between the fin and fluid for
the section under consideration
tmn = mean metal temperature of the section
and ti = 1inlet fluid temperature

The heat transfer coefficient thus defined does not take into account
the temperature rise of the fluid in flowing over the metal surface.
Using the heat transfer coefficient defined sbove, Weiner

and et al. presented the variation of the coefficient in the form of
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an active zone, a recirculating zone and a mean zone. The active zone
was defined as the area over which the local coefficient was’more than
SO% greater than the mean coefficient for the entire fin. The recircu-
lating zone was defined as the area over which the coefficient was less
than half of the mean coefficient while the mean zone was defined as
the area over which the coefficient was between the above values.

The location and extent of these zones are described in
Figure L9 for an approaching water velocity of 0.5 feet-per-second
(which, using a Reynolds number basis corresponds to a maximum air
velocity of about 2000 feet per minute). The presence of these zones
was explained in the following manner.

The active area was attributed to the flow pattern caused
by the square edge on the tip of the fin. This edge caused a contrac-
tion of the fluid on entering the fin passage with a consequent impinge-
ment on the fin surface upstream from the cylinder. The fin thickness
of the tube investigated was given as 0.188 inches.

The fins of most commercial finned tubing and those included
in this investigation are about one tenth of that value (about 0.02
inches). It is possible that the frontal fin surface of the tube investi-
gated here would not be as efficient as indicated by the active zone, un-
less the tip of the fins were rough or presented a relatively thick hydro-
dynamic section. It was noted that all of the tubes used in this investi-
gation had smooth tips except unit number 8 which had a slightly wavy-
broken surface. This roughness could cause a relatively high mean air

£ilm heat transfer coefficient for this bank.
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The recirculating zone on the fin surface was explained by the
reversal of the fluid flow or vortice formation on the downstream side
of the cylinder. As previously indicated, the formation of vortices
reduces the mass flow rate of air in the area where they are present.

It is believed that the low coefficients obtained in this area are due,
not primarily to a decrease in the heat transfer coefficient for the
recirculating zone, but are instead due to a loss in temperature differ-
ence driving force. The low mass flow rate of the fluid in the recir-
culating zone causes a relatively high temperature rise of the fluid in

this area. Defining a point coefficient as:

(%‘% )a = (ho)g (b - tosla (k1)

where: 3@ = rate of heat flux through the fluid boundary layer
dA at the point a
(ho)a= fluid film heat transfer coefficient at point a
(tm)a= metal skin temperature at point a

and tpg = mean bulk stream fluid temperature at point a

in which A tg = temperature rise of the fluid from the inlet to point a.
Assuming that sufficiently small grids were taken over the fin surface,

equations 40 and 41 can be equated to give:

(ho)g = (B) (m - %5 ) nlm -8 (i)

[tm - ti - (A E),] (b, - tyg)
Which indicates that the fluid film heat transfer coefficient is always
greater than the coefficient based on the inlet fluid temperature. The

difference between the two coefficients is small unless the temperature
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rise of the fluid approaches the value of (ty - ty).

The temperature rise of the fluid in the wake of a heated
cylinder was investigated by Berry and et al.(3h) and by Billmen and
et al.(35). They found that even for high velocities (of the order
of 2000 feet per minute for air) the temperature rise of the fluid
near the back of the cylinder approached the value of (ty - ti).
Figures 50 and 51 graphically present the ratios of (tm - tbs)/ (tm - ti)
determined by Billman for two different air velocities. The ratio
(tp - tpg)/(ty - ti)represents the fraction of the initial temperature
difference driving force which remains. Figure 50 contains a dotted
line indicating the approximate location of the fin tips for units
number 4, 5, 6, 7 and 8. As can be noted from this figure, (1) a
substantial portion of the fin surface has a low temperature differ-
ence due to the temperature rise of the fluid and (2) the shape of
the curves for (t, - ty.)/(ty, - t;) near 0.5 are similar to the shape
of the recirculating zone determined by Weiner(l9)(see Figure L49).
Corresponding effects can also be noted from the work of Lemmon(36}
and McAdamS(37>.

It can therefore be concluded that the recirculating zone
on the back portion of the fin is primarily due to a loss in temperature
difference driving force. The effect of this phenomenon however, is the
same as a decrease in the film heat transfer coefficient.

The fraction of the fin heat transfer area affected by this
zone is dependent on the relative size of the fin and root diameters.

With & constant fin diameter, as can be seen from Figure 50 the larger
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the root diameter of the tube, the greater the fraction of fin area
affected by the recirculation in back of the tube.

The heat transfer coefficients on the remainder of the fin
surface depend on the air velocity and turbulence patterns over this
area. The velocity profiles shown in Figure 47 indicate qualitatively
the general trend which would be expected over the finned portion of a
finned cylinder when the fluid velocity approaching the tube was uniform.
In the center of a bank of cylinders, after the first row, the fluid
stream approaching a tube would have a non-uniform velocity made up of
Jets and eddies due to the effects of the cylinder(s) upstream from the
tube in question. This change in the fluid movement is schematically
illustrated in Figure 52 by means of streamlines. The mass of fluid
flowing between any two streamlines is a constant, since, by definition,
the net mass transfer across any particular streamline is zero. Hence,
comparison of the spacing between adjacent streamlines indicates the
relative mass flow rates of the fluid, a wide spacing indicating a low
mass flow rate in the direction of flow and & narrow spacing a high
mass flow rate, etc. The local velocity over the various sections of
the fin, however, is complicated by the possibility of vortices or rota-
tional flow over large segments of the finned area. Thus, although the
spacing between streamlines gives the mass flow rate of the fluid which
(at constant density) is proportional to the net velocity in the principle
direction of flow, the actual local velocity is dependent on both the net

velocity and the presence and relative strength of any vortices in the area.
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This point is illustrated by the following example. Assume
that along a particular straight line, D-D, near the surface of a fin
the net velocity in the principle direction of flow is denoted by the

arrows shown below, the length representing the speed of the fluid.

(T

In the absence of forces tending to produce a vortice, the

arrows denote the local velocities along the line D-D. If, however,
due to pressure forces on the fluid, a vortex of the strength shown

by the arrows below would be normally present,

Hfh..

the local velocities along the line D-D would be obtained by addition
of the velocity vectors contributed by the two types of flow. This
results in a velocity distribution along the line D-D as schematically

shown below.

m

The local coefficients of heat transfer depend on the nuture
and thickness of the fluid layer immediately adjacent to the metal surface.

A low velocity fluid boundary layer arises from the viscosity effects of
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the fluid and the relative motion between the fluid and metal surface.
The nature of this layer for a uniform flow of fluid over a flat plate
has been well established and 1s known to develop in the manner indicated
in Figure 55(38). As indicated in this figure, the velocity of the air,
at a given distance from the leading edge, depends on the distance from
the metal surface. At a point O, for example, the velocity-distance
curve might have the shape given by the curve I-I', which is a laminar
type of boundary layer. The curve a-a' denotes the thickness of the
boundary layer, &, which is generally defined as the distance from the
surface at which the velocity is 99 per cent of the main stream velocity.
The boundary layer thickness starts at zero at the leading edge and con-
tinually increases in thickness until it becomes unstable and a transi-
tion commences such as &t point c. The transition is followed by a new
type of velocity profile called a turbulent boundary layer. As can be
noted by the curve J-J', the velocity of the air increases rapidly with
distance from the plate, with a fairly flat section with the boundary
layer distance. The local heat transfer coefficients in these zones are
schematically illustrated in Figure 5h(38). The change in the heat trans-
fer coefficients are due to both the changes in the boundary layer thick-
ness and the different mechanisms of heat transfer which occur in the
various zones.

The heat transfer in the laminar zone is primarily by conduc-
tion, so that the local heat transfer coefficient is inversely proportion-
&l to the thickness of the boundary layer, or:

ha-=—
®
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In the turbulent zone, the heat transfer is by conduction through a
"laminar sublayer", conduction and convection in a "buffer zone" and
by convection in a "turbulent core". The mechanism occuring in the
turbulent core is that vortices, formed in the area between the curves
b and 4 which constantly introduce cool air from the main stream into
this region. The mechanism in the buffer zone (region between d «nd e)
is a mixture of the two adjoining regions because some of the cold mole-
cules from the eddies penetrate into this area causing & higher rate of
heat transfer than.by conduction alone. A turbulent type of boundary
layer always produces a higher heat transfer coefficient (at the same
Reynolds number) than does a laminar.

Of importance here, is the type of boundary layer present
over the fin surface. The Reynolds number at which the transition
between the two types of flows occurs, as quoted by different investi-

Lo
gators, varies from 20,000(39) to SO0,000( ).

It is also known that

the transition is dependent on both the free stream turbulence and the

temperature difference between the metal and fluid stream(uo), the trans-

ition Reynolds number decreasing with an increase in either of these

factors. A third possible factor, not yet investigated, is the effect

of the presence of the adjacent fin on the transition Reynolds number.
Table XXI, lists the range of Reynolds numbers, based on fin

diameter and maximum air velocity, for the units investigated. Also

included in this table is the percentage of the length of the fin that

would have a turbulent boundary layer at the highest air velocity investi-

gated assuming a transition Reynolds number of 20,000. As indicated in

this table, the majority of the finned surfaces would be predicted to
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have predominately laminar boundary layers for most of the air velocities
investigated. If, however, the above factors affecting the transition
Reynolds number sufficiently lower the transition Reynolds number value,

the boundary layer on the finned surfaces could be predominately turbulent.

TABLE XXI

RANGE OF REYNOLDS NUMBERS INVESTIGATED
BASED ON FIN DIAMETER

Per cent of Fin Length in

Re Re in Laminar Flow*
Unit Minimum Maximum Minimum Re Maximum Re
2 1,020 16,300 100 100
5 1,470 12,100 100 100
4 2,220 12,500 100 100
5 3,280 12,800 100 100
6 4,800 34,600 100 58
7 L, 600 31,600 100 63
8 10,000 32,600 100 61

*Based on Transitional Reynolds Number of 20,000

If the boundary layer over the finned surface is predominate-
ly laminar, then it would be expected that the length factor>in both
the Reynold's and Nusselt numbers would be the diameter over the fin.
If, however, the boundary layer was predominately turbulent due to
the main stream turbulence caused by the wake of the root portion of
the tube, the root diameter might be expected to be the length factor
best correlating the data. This can best be determined by experimentel

data.
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The mean heat transfer coefficient over the fin surface is

defined as:

h = 9 (43)

0
Ao [ty - (tair)]mean

where: Q/Ay = heat flux from the metal surface to the ambient fluig,
Btu/hr sq.ft.

and [tp-(taiy) lnean = mean temperature difference between the metal
surface and the ambient air, °F

The temperature difference indicated above i1s an average both from the
standpoint of the metal temperature and the ambient air. The variation
in the metal temperature is taken into account by the incorporation of
the fin metal resistance, whereas the mean air temperature is generally
obtained from an average of the mixed mean inlet and outlet temperatures.
Dividing the finned heat transfer area into "active" and recirculating
sections, the majority of the heat transfer is accomplished by the active
section of the fin. Thus, although the temperature rise of the air in
the inactive or recirculating zone behind the cylinder is high, this

alr contributes but little to the mixed mean outlet temperature.

If the mean heat transfer coefficient over the fin surface

is defined as: A
/(ho)a d A
. _ 0
<hO)mean - (44)
A
where: (ho) = mean air film heat transfer coefficient
mean

and (ho)a = point heat transfer ccefficient on the air

surface, defined by equation 41

The mean temperature must be given by:

fATadA

A

(A T)M =
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The measure of the correctness of the use oﬁ the logarithmic
mean temperature difference would be by comparison of this temperature
difference with that given by equation 22. Unfortunately, no data on
the subject has appeared in the literature, however, a graphical inte-
gration of the temperature distribution illustrated in Figure 44, using
the fin diameter indicated b, the dotted curve, indicates that the
logarithmic mean temperature difference is probably within 10 per cent
of the true value.

The mean air film heat transfer coefficient for air flowing

over the surface of a flat plate is generally predicted from an equation

of the form:
v 0.5
— m !
(ho)mean Cl 1, 0.5 (46)
for a laminar boundary layer
and Vmo'8
<h0)mean = G L 0.2 (47)

for a turbulent boundary layer

where: Cl and 02 constants slightly dependent on the air temperature

V, = air velocity over the plate, ft/min.
L = length of the plate measured parallel to the direc-

tion of flow, ft.
The slope of the heat transfer-air velocity curves, for the

tube banks investigated was found to be 0.7, i.e.

0.1 .
hg = CVp [ (48)

This value of the exponent, between those for laminar and turbulent flow

over flat plates, could be due to:



(1) a turbulent boundary layer over the majority of the active
portion of the fin combined with a lower exponent for the root portion
of the tube.

(2) a turbulent boundary layer over the majority of the fin
with a dependence of the fraction or the heat transfer rate of the
recirculation area on the air velocity.

(3) « laminar boundary layer over part of the fin with a
turbulent boundary layer over the remainder.

(4) the effect of the fin tip on the heat transfer coefficient
on the front portion of the tube. Or any number of combinations of the
above possible influences.

In summarizing the previous discussion on the effect of the
fin diameter, roo: diameter and fin thickness it can be stated that:

(a) The effect of the fin thickness, if any, is probably due
to an expansion and impingement of the fluid on the frontal portion of
the fin.

(b) The effect of the fin diameter arises from two different
mechanisms, (1) the larger the fin diameter, the smaller the fraction
of fin area affected by the recirculation zone in the rear of the tube
(and the higher the calculated mean heat transfer coefficient) and (2)
the larger the fin diameter, the lower the mean heat transfer coefficient
due to the build up of the laminar boundary layer, to the point where it
becomes unstable and the boundary layer becomes turbulent. The depend-
ence of the heat transfer coefficient on this variable is related to the

relative strength of these two opposing mechanisms.
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(c) The effect of the root diameter can arise from a number of
different mechanisms, such as: the smaller the root diameter, the smaller
the recirculation zone in the back of the tube, the root diameter affects
the mean flow length of the air in flowing over the fin surface ( the
smaller the diameter, the longer the mean path); the size and degree of
turbulence in the wake of a tube, which are dependent on the size of the
root diameter, affect not only the heat transfer on the laminar boundary
layer of the next tube downstream, but also could affect the position on
this tube where the transition occurs.

The above discussions indicate that the mgst important variable
is probably the root diameter, with the fin thickness and fin diameter
having lesser effect on the mean heat transfer coefficient to banks of
finned tubes. The quantitative dependence of the heat transfer coeffi-
cients on these variables, and the verification of the order of import-

ance are discussed in the following section.

VI. CORRELATIONS OF EXPERIMENTAL HEAT TRANSFER DATA

A. Dimensional Analysis

A second approach, widely used in correlating heat transfer and
fluid flow data is dimensional analysis. This method, more completely
discussed by McAdams<2o), consists of correlating the data in terms of
dimensionless groups. For example, it is first assumed that the air film
hest transfer coefficient for a finned tube bank is dependent on:

hy = Q'(cp, u, kX, Vy, o, Dp, Do, S, Sg, Y) (49)

where: ¢' = a functional relationship (as yet unknown) between the
heat transfer coefficient and the variables listed

Equation 49 can be grouped into dimensionless ratios by any of a number

of methods(go) to yield:



hoDy ' Der cEp DO DO Sf S
=0 b) YTy Ty Ty T (50)
k i k Dr S Y Dg

Some of the groups listed above have been eneountered numerous times

in heat transfer work and have received special names and symbols, such

as:
h
Nu = EDT = Nusselt number
D
Re = _EYEE = Reynolds number
o
. _
and Pr = —ﬁ— = Prandtl number,

therefore equation 50 cen be written in abbreviated form as:

Nu = @‘(ﬁe, Pr, 29 s Po , Eﬁ s EL (51)
D, = S¢ Y Do

The procedure used thus far has been rigorous to the extent
that all of the variables which affect the meun heat transfer coefficient
have been included in equation 49. Equation 1 denotes the fact that
there is a relationship between the Nusselt number and the various di-
mensionless groups on the right hand side of the equation. In general
the nature of this relationship must be obtained by a trial and error
procedure with experimental data. By analogy with the results of studies

of plain tube banks, it is assumed that the functional relationship

denoted by ¢' is of the form:
Nu = A ReP Pr¢ (Do/D.)4(Dy/Sr)e(S¢/Y)(5/D,)E (52)
where: A = a constant for all finned tube banks
b,c,d,e,f,g, = constant exponents.
The exponent b, on the Reynolds number can be determined from

the slope of the heat transfer maximum air velocity lines of Figure 55.
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The value obtained from these lines is 0.7.

The value of the exponent c, on the Prandtl group cannot be
determined from the experimental data taken here due to the relative
constancy of this value for air over wide ranges of temperature. The
exponent assumed here is the value of one-third generally used for Llain
tube data.

The third group, the tube spacing over fin diameter ratio,
also had little variation for the seven finned tube banks tested. The
value of the exponent "g" has to be obtained from data in the literature.
Fortunately, as previously discussed, Jameson<u) studied the effect of
this ratio and found that the exponent "g" can be taken as zero for
reasonably wide variations in this ratio.

In order to evaluate the exponents d,e, and f, given in
equation 52, a least mean square fit was made on the experimental heat

transfer data for the seven finned tube banks. Equation 52 was arranged

in the form:
N = A Re® (Do/D.)d(Dy/5¢)8(Sp/¥)T Prt/3 (53)
Taking logarithms of both sides of equation 55 yields:

Log Nu = Log A + b Log Re + d Log 39 + e Log 20 + £ Log 5 4 1/5 Log Pr
S Y
r f

(54)

which is equivalent to:

Y = A' + DX +dX, + exj + X, (55)
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where: Y = Log Nu
A" = Log A + 1/3 Log Pr
Xl = Log Re
X, = Log Do/Dr
X5 = Log Do/Sy
and X), = Log Sg/Y
which is a linear type equation involving four dependent varisbles.

A check of the value of the Reynolds number exponent was_made
by obtaining the value of b from the least-mean-square-fit of all of
the data. A comparison of this value with the 0.7 value, obtained by
eye, provides to a degree a measure of the validity of the resulting
correlation. A check of the effect of the fin spacing was also included
by including this variable in the heat transfer relationship. If the
conclusions given in the preceeding discussions are correct, the variable
should be dropped in the resulting correlation.

Due to the tedious and time consuming nature of the least-
mean-square-fit type of calculations, the data were processed by means
of a regression analysis prOgram(ul> on the University of Michigan
Statistical Research Laboratory's IBM 650 digital computer. The program
determined not only the best exponents for this type of correlation, but
also a statistical measure of the significance of the geometrical groups

(k2)

used This was accomplished by means of the "F" factor which was
set in the program to reject any variable (in this case dimensionless

group) which had confidence limits of less than 97.5 per cent. This

means that any group which would not improve the degree of correlation
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for more than 97.5 per cent of the data points is automatically rejected
from the correlation by the computer.

The constants determined by the program for six row deep
finned tube banks are listed in Table XXII to three significant figures.
Also included in this table are the rounded values of the constants to
be used in the final correlation of the heat transfer data.

TABLE XXIT

RESULTS OF LEAST-MEAN-SQUARE-FIT OF EXPERIMENTAL DATA

Constant Constants From Computer Rounded Off Constants
A + 0.364 + 0.364
b + 0.685 + 0.68
d + 0.468 + 0.45
e - 0.206 - 0.300
f - 0.312 - 0.200

Using the rounded off values of the constants given in Table

XXII, Equation 53 can be written as:

- 0.68 /D045 /B5ENO.S /YNO.3 . 1/3 )
wo= oo e (P (BP0 (LP2 R (5

which can be reduced to:

- 0.68 [/DyY0.45 . 1 -
Nu = 0.364 Re <}i€f ? <£%>P > pr /3 (57)

Equation 57 verifies the previously suspected

fact that the heat transfer coefficient is independent of the spacing of
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the fins. In the previous section, this conclusion was based on the
results of two units, whereas the results given here were statistically
derived from the heat transfer data on all of the units.

Equation 57 can be arranged in the following form:

- 0.564 k Vmo'68po'68 Prl/5 <L>O.77 0 )0.15 (Y)O.B
© u0-68 Pr °
(58)

This form of the equation indicates the dependency of the heat transfer
coefficient on the geometry of the finied tube.

As can be noted from this equation, the mean air film heat
transfer coefficient is strongly dependent on the value of the root
dizmeter, moderately dependent on the thickness of the fin, and prac-
tically independent of the fin diameter. This is in general accord
with the conclusions reached from the mechanistic approach considered
in the previous section.

B. Heat Transfer Correlations

The least-mean-square-fit of the data to the dimensionless
equation given in the previous section provides the basic correlation
of the heat transfer data. A comparison of the heat transfer data with
equation 57 which resulted from the dimensional analysis is given on
Figure 56. The data has a maximum spread of + 20% and -15% and an
average deviation of + 7 per cent from the correlating line. The data
appearing in the literature are compared with this correlation on Figure
57. The spread of the data on this figure is greater than for Figure
56, but the degree of correlation is still relatively good, being of

the order of + 25% to - 20%. This relationship is recommended for
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predicting air film heat transfer coefficients within the range of vari-

ables included in the investigation as indicated in Table XXIII.

TABLE XXIII

RANGE OF VARIABLES INVESTIGATED

Low High
Voax? ft/min 181 2990
Q , Btu/hr 34,500 334,000
Dy, inches 0.757 2.303
D.., inches 0.438 1.147
Y , inches 0.016 0.022
N , fins/inch 5.13 19.5
n , rows deep L 8
h,, Btu/hr-°F-sq.ft. 5.4 25.8
A p/r, in. H,0/row 0.0052 0.365
(Y/Do) 0.007k 0.0246
(Do/Dr) 1.18 2.0k
Re, 26 864 27,300
Nu,EﬁEL 10.3 106

A number of correlations were obtained using the tube bank
dimensions and a trial and error procedure. Most of the resulting re-
lationships provided very little degree of correlation. Two of the re-

sults are of interest here. The first of these is given by:

Nu = 0.036 ReO:7T prt/3 (1/Dr)0'“ (59)

where: D, = root diameter, feet.



-137-

This relationship is a dimensional equation, i.e. the constant is depend-
ent on the units in which the root diameter is expressed. The heat trans-
fer data for the seven finned tube banks are presented on Figure 58 in
which the solid line through the data on this figure is given by

equation 59. The plain tube data is alse presented on this figure

for comparison purposes. The correlation is compared with the data
appearing in the literature on Figure 59. Equation 59 can be arranged

in the form:

(=2
|

mO’(O7 Prl/5< >07 (60)

Comparing this relationship with equation 58 it can be noted that they
differ by only the exclusion of the terms (DO)O‘15 and (Y)O'3 in equa-
tion 58 and the power on the root diameter. Thus equation 60 can be
viewed as a simplified form of equation 58. Although equation 60 has
the disadvantage of being dimensional, it has the one advantage of
remaining determinate for plain tube banks. This is not the case for
equation 58.

A thdrd correlation was obtained using the dimensionless

relationship:

hiDr - 0.196 (D = p>o ! K ) <doi:n

The relationship is compared with the finned tube data given

]0.25 Prl/5 (61)

here in Figure 60 and with the data from the literature in Figure 61.
Examination of these figures indicates that while the gquation satis-
factorily correlates the data reported here, it does not satisfactorily

correlate the data appearing in the literature. This equation is
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not recommended for general use.

The data reported here for the seven finned tube banks are
compared with the cofrelations appearing in the literature in Figures
62, 63 and 64. Examination of these figures indicates that these re-
lationships do not satisfactorily correlate the data.

It should be pointed out that the correlations represented
by equations 57, 59, and 61 are for tube banks having six rows of tubes.
In order to use these correlations for tube banks other than six rows
deep the constants or the computed coefficients have to be corrected

using Figure 41. This can be accomplished by using the relationship:

h h
(o) = (ng)ne . Bodnm  (Boday (62
(h0)m6 (hozmoo
where: (ho)mi = mean air film heat transfer coefficient for a finned
tube bank containing i rows of tubes
(ho)pe = mean air film heat transfer coefficient for a six row

bank of finned tubes (obtained from correlation)

h h
( ohnw. ( o)mi = corrections for number of rows for a six row
(hodms (o) me and an "i" row tube bank from Figure 4l

and
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VII. ANALYSIS OF PRESSURE DROP DATA

Two different pressures can be properly defined for any moving
fluid stream. The first pressure is the static pressure which is the
pressure exerted by the molecules due to their random kinetic motion.

A second is a velocity pressure which is the pressure exerted by the
molecules due to their orientated motion, or speed in the direction of
flow. Of principal interest here is the decrease in the static pressure
encountered by the air in passing through the tube banks.

The difference between atmospheric pressure and the static
pressure of the air measured immediately downstream of the tube banks
can be divided into three principle effects; entrance pressure losses,
tube bank pressure drop, and difference in velocity pressures of the air
entering a&nd leaving the tube banks. The static pressure immediately
upstream from the tube bank is less than atmospheric because of the
skin friction of the entrance section walls and the acceleration of
the air to the face velocity in front of the tube banks. There is also
a static pressure loss due to the increased air velocity leaving the
tube banks caused by the increase in air temperature and subsequent
decrease in air density. The total pressure difference between the

atmosphere and the air leaving the tube banks can thus be written:

By = Bp+ (/20 V) ¥ (B0), + A (/2870 (63)

i}

total pressure difference between the atmosphere and

in which: A p
T alr leaving the tube banks, inches of water

A pf = pressure loss due to skin friction of entrance sec-
tion walls, inches water

-146-
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(l/2pr25, = velocity pressure of air approaching the tube banks,
* inches of water
A‘pB = pressure drop of air in flowing through the tube bank,
inches water
A(l/2 pAVQ) = difference in velocity pressure approaching and leaving

tube banks, inches of water
2
where: A 1/2 p AVE = 1/2 p (Vf)i - 1/2 p (Vg)y

(Ve); = inlet air face velocity

and  (Ve), outlet air face velocity

which can be reduced to:
A = A A 2 p(V 2 64
Pp = Pf + PB + l/ p( f)o ( )

Order of magnitude calculations of the entrance section skin friction
losses indicate that it is several orders of magnitude smaller than
the total pressure drép. This term can therefore be safely ommitted

from the equation, leaving:

~

Apy = 1/2p(V,) " + 4 Py (65)

Calculations of the magnitude of the velocjty pressure term indicate

that this term represents about two per cent of the total pressure drop.
This was considered negligible compared with the total pressure drop so that
equation 65 becomes:

Ap, ¥ Apy (66)

The pressure losses of the.air in flowing through the exchanger
are due to three mechanisms: skin friction, form drag, and expansion losses.
The skin friction pressure losses are attributed to the fluid

boundary layers adjacent to the metal surface. As shown earlier, the
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fluid molecules in the immedieste neighborhood of the metal surface ex-
perience a decrease in their mean velocities in the direction of flow.
These particles, upon again entering the main fluid stream at the end
of the tibe must again be accelerated to the mein stream velocity.

The energy necessary te accelerate these fluid molecules comes from a
decrease in the statie pressure of the entire fhuid stream.

The form drag arises principly from the wake formed in the
rear of the cylinder. The vortices formed in this wake, upon moving
downstream decrease in size and dissipate their rotational energy in
the form of heat. The fluid particles must then also be accelerated
to the main stream veloeity by means of a decrease in the static pres-
sure cf the main stream fluid.

Tne third cause of pressure loss arises from the expansion
and contraction of the fluid flowing past the rows of tubes. The mean
velocity of the air while flowing past the centerline of a row of tubes
is approximateiy doutle the mean velocity immediately ahead of the row.
The fluid particles upon passing past the row of tubes agaln revert to
the mean velocity ahead of the row (neglecting the small change in den-
sity). This acceleration and deacceleration of the molecules is accom-
plished by a static pressure loss for acceleration and a static pressure
gain in deacceleration, however, in the conversion of the static to
velocity pressure and back, the gain in the static pressure never quite
equals the loss due to the irreversible nature of the process. Thus
there is a net loss in static pressure between the various rows due to

expansion and contraction of tie fluid.
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Efforts to differentiate the total pressure drop data for flow
through banks of tubes into the three mechanisms given above(6)have been
generally unsuccessful. The best pressure drop correlations have been
empirical and in terms of the total pressure drop of the units.

The pressure drop data for the eight tube benks tested was
presented in Tables VIII through XV in tabular form. The same data is
presented in graphical form in Figures 65 through T2 wiere the pressuie
drop per row of tubes is plotted versus the standard maximum air velocity,
As indicated in these figures the data can be represented by straight

lines on logarithmic paper, which is algebraically equivalent to equations

of the form:
A b -
=2 -y, (67)
where: A;p%n = pressure drop per row of tubes, inches of water per
row
A = constant for any tube bank
V, = standard maximum air velocity, ft/min et p = 0.07&
and b = a constant which varied from 1.51 ¢35 1.9 for various
tube banks

In 1945, Gunter and Shaw(zl) presented a correlation for pre-
dicting the pressure drop of fluids flowing in crossf{low through plain
and finned tube banks. The amount of data availeble on finned tube banks
being very meager, the correlation was primarily based on data from plain
tube banks. The small amount 6f data available con finned tube banks was
fairly well correlated by their relationship, which for the turbulent
region was given as:

APgc Dwn p [ u>0 L4 0.96<Dvn G>—@-11+5<§£>0a6‘/gv_g>oan (68)
W £/ Sy

T a2
Gm
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which for air at 100°F reduces to:

le.8555 S[O.6
‘ (69)
D0 TH5

AP . 5.85 x 10°
n

The data for the eight tube banks are compared with equation 16 in

Figure 75. Examination of this figure indicates a reasonable degree

of correlation exists between the data and equation 16, with the line

in this figure tending to be slightly higher and have a slightly higher

slope than the majority of the data. This is better illustrated in

Figure 74 where the data is compared with equation 68. As can be noted

from this figure, the same discrepancy exists between the position and

slope of the line and the experimental data. Examination of the origin-

sl data shown in Figure 75 on which the correlation was based indicates

that the slope of the line was primarily dictated by data with Reynolds
numbers between lO4 and 5 x lOS. Thus the slope of the line in Figure

75 cannot be altered without apprecilably affecting the original correlation.
Examination of the original data indicates that the line can be lowered
approximately 15 per cent without destroying the original plain tube correla-
tion of Gunter and Shaw. The latter line is recommended for banks of finned

tubes. The scatter of the data about the recommended mean line as shown in

Figure T4 gives an average deviation of %+ 15 per cent with maximum deviations
of ¥ 26 per cent and - 31 per cent.

The pressure drop data is compared with other correlations
available in the literature in Figures 76, 77, and 78, the lines from
figures 66 through 72 being used to represent the data. Examination of
these figures indicates that the degree of correlation of the data using

these relationships is less than that obtained using equation 68 with a

constant of 0.81.
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VIII. CONCLUSIONS

The following conclusions are made regarding the heat trans-
fer and pressure drop characteristics of air flowing in crossflow Ly
forced convection through banks of finned tubes laid out on equilateral
triangular pitch arrangement.

1. The mean air film heat transfer coefficient for finned
tube banks is dependent upon the number of rows of tuhes normel to the
direction of the air stream. This effect Is primarily cue +o the fact
that the first row of tuhes has a differert perfcrmancz than succeed-
ing rows.

2. The meen air film bcat tranzfer coefficient for the finned
tube banks studied can be dercrited or ccrrelated by th: following re-

lationship which is valid for tubes banks having six rows of tubes:

h, D, - 0.36k <?r Gmax;f”68 <§i>o.45 <§2>f.5 Prl/B
K M

This correlation predicts air film coefficients with an average devisation

of 1.7% for the experimental data.

3. The root diameter of the finned tubes 1s the most important
single geometrical factor affecting the heat transfer to banks of finned
tubes. The fin tuickness and fin outside diameter are of lesser import-
ance. The heat transfer coefficients of the finned tube banks investi-
gated are independent of the spacing of the fins.

4. Applications of the existing heat transfer correletions
available in the technical literature are generally limited to the

dimensions of the tubes and tube banks used in establishing the corielations.

-165-
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5. The pressure drop of the air flowing through the tube

banks can be correlated by the following relationship:

A pgo Dyp P <f;>o.14 0.8l (Dvh G>-o.145 <§£ 0.6 C_Vg>o.u
— .
Gy~ L !

St %

The form of this relationship is based upon data originally obtained
on banks of plain tubes. The equation predicts the pressure drop per

row of tubes, within an average of +15% for the experimentazl data.



IX. RECOMMENDATIONS FOR FUTURE WORK

The results obtained in this investigation indicate the need
for additional work in two distinct areas. The first area involves the
effects of the tube bank geometry on the mean heat transfer coefficients
and pressure drop of the air flowing over the tubes. The second area
involves a study of the local conditions on the fin surface.

The recommended heat transfer correlation presented here is an
empirical relationship. Further study will be requifed to determine
the range of tubes and tube bank arrangements over which the heat trans-
fer correlation can be extrapolated. This study can be accomplished by
investigating finned tube banks containing different tubes than those
studied here. The tubes should also have different tube arrangements
than reported in this investigation.

A study of the variation of the local heat transfer coefficints
and temperature differences on the finned surfaces of finned tubes would
be of great help in establishing the mechanisms of heat transfer. Such

data would admittedly be very difficult to obtain.

-1lo7-
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APPENDIX A

EXAMPLE CALCULATIONS

A. Example Calculation of the Mean Air Film Coefficient of a Finned
Tube Bank.

An example calculation for Run Number 709 will be presented.
The experimental date for this run is summerized in Table IV.
(1) Air side Heat Duty

The air density of tiae inlet air is computed from the rela-

_ (4h)
tionship :
g o P
= 2 == -A
puir =9.e RT (1-4)
where: P = atmospheric pressure, atm.
T = temperature of air, °K
R = universal gas constant,(AS) 1.314 atm. cu. ft./1b. mole 9K
and p = density of dry air, lb./ft?

From Tcble IV

p - 122:% . 0.972 atm.
760
and T = 275+ 2k.2 = 297.2 °K

Substituting these values into equation 1-A, the density is
calculated as:

b . = 9.2 %@%Ig x 1.51%) = 0.0726 lbs./ft?
al .

The absolute humidity of the air, using the wet and dry bulb temperature
is(a6)

H' = 0.015 lbs./lb. dry air
From Table V, the density correction is obtained as 0.99. The inlet air

density is then:

_169_
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- - )
po= 0.990 .. 0.0719 1bs./ft:
The average anemometer velocity is given in Table IV as:

Vonem., = <248 ft/min

From Figure 28, the calibration correction is + 19 so that the face
velocity of the inlet air is:

Voo = 248+ 19 = 267 ft/min
The mass flow rate of the air is calculated from:

W = - 60 (2-4)

face'p.Aface
Substituting the wbove values into equation 2-A the air flow rate is

found to be:

W = (267)(0.0709){(3.375)(60) = 3880 1lbs/hr

The inlet air temperature is given as 24+.2°C which is

equivalent to 75.6°F. The mean outlet air temperature is obtained as

follows:
cold junction temperature = 80°F = 1.072 mv*
average millivolt reading = 2.621
total millivolts = 3.693 mv¥*

the corresponding temperature is 189.5°F

The temperature rise of the air is:

At ;.. = 189.5 - 75.6 = 113.9°F

air
which gives a computed air side heat duty of:

Q = Wepdt, . (3880) (0.245)(113.9) = 108,500 Btu/hr.

(2) The steam side heat duty is computed from:

Q = Wg AH (3-4)
(46)

¥ referred to 32°F
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The change in enthalpy of the steam in condensing is(gp):
AH = 970 Btu/lb
The condensate flow rate is:

wc - %12
275
which yields a calculated steam side heat duty of:

60 = 116.5 1lbs/hr

Q, = (116.5)(970) = 113,000 Btu/hr
for a discrepancy of:
discrepancy = M X lOO:_i&_,S_OO_ = L],%
Q + Q 110,700

which is within the 5% tolerance level used.
(3) Overall coefficient of heat transfer

The overall coefficient of heat transfer is computed from:

= Q -
Uq AAT. (4-A)

The rate of heat transfer given above is:
Q = 110,700 Btu/hr.
The total external area for this unit from Table I is:
A = 265 sq. ft.

The mean temperature difference driving force is computed'

from: ( )
At)gs -
ATy = 8T (5-A)
1n <%S_ti>
ts-to

in which: A tair = temperature rise of the air =t - tj, °F

tg = saturated steam temperature, °F

t4 = inlet air temperature, °F
and to = outlet air temperature, °F
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The saturated stewm temperuture, obtained from the absolute

steum pressure and steam tubles<é)) is:
ty, = 220.5 °F

Therefore the mean temperature difference is:

U+

A TM - ll .9 = 115.9 — YQOF

ln(azo.j - 75.6 > 1.5k
£20.5 - 189.5

Substituting the above values into equation 4-A the overall coefficient
is calculuted as:

110,700 o
U. = —=—— = 5,65 Btu/hr-°F-sq.ft.
°© = T205) (1) / 2

(+) Air film coefficient and maximum air velocity
The air film heat transfer coefficient is related to the

overall coefficient of hect transfer by:

AO
r, -r -

.
;
Us m Aihi

1
E; (6'A)

from Figure J1, for &« heat duty of 110,700 But/hr, the metal and steam

resistances are:

Aq , )
re +or, t T = 0.011>
ivi

Substituting these values in the above relationship, the air rilm

resistances is computed as:

1 1 ) o
h = 5.6 C 0.0115 = 0.1655
1 : .
or: h = ——— = 60,0 Btu/hr-°"F-sq.ft.
o 0.1655 / 4

From Table I, the minimum flow area is:

Ay = 1.24 fté
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The maximum air velocity for an air density of 0.074 lbs/ft-5 is:
m W‘ = 3880 ~ = 705 ft/min
(0.074) (60)Ayin (0.074) (60) (1.24)

B. Example Calculation of Steam Condensing Coefficient

An example calculation for Run 803B is given below.
The experimental steam condensing film coefficient is cal-

culated from the relationship:

e oL

in which: A TM = temperature difference between saturated steam and
eir leaving the heat exchanger, °F

the overall coefficient and temperature difference for this run are
given in Table XV as:

Us

and AHM

The ratio of outside to inside heat trinsfer area from Table

i

10.7 Btu/hr-°F-sq.ft.

219.7 - 196.5 = 23.2 °F

"

ITT for this tube is:
Ao/Ay = 17.2
The temperature drop across the condensate film is given in Table XVI
as: A ti = 2.0 °F
Substituting these vzlues into equation T7-A, the experimental steam con-
densing coefficient 1s computed as:
h; = 10.7 (1/.2) <E%fé> = 1190 Btu/hr-°F-sq.ft.
The theoretical condensing coefficient from the theory of Nusselt is
obtained using equation 10-E derived in Appendix E.

(n) = 2loo (1/a v;)/? (10-E)
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substituting for Aty:

o ) 2/9 o ) .
hy 3 2160 (1/;.6)/ = 21;9 = 1620 Btu/hr-°F-sq.ft.

-
N



APPENDIX B

DERIVATION OF THE FIN METAL RESISTANCE OF A FINNED TUBE

Two different fin resistances will be derived here, the first
being the true fin resistance of a finned tube, and a second one, a
pseudo resistance of more practical use in ordinary design procedures.
The use of each in overall coefficient calculations will be illustrated.

Let the following sketch indicate the cross section of & fin-

ned tube with any given set of dimensions, Dy, D., N and Y. The temper-

T’

ature associated with the section of the tube indicated below are:

Z
7

27

;;§§§;

/ /*ro

t \*ri

ti = bulk stream temperature of fluid inside the tube
t,; = temperature of metal on inside surface of the tube
tro = temperature of root metal on outside surface of the tube
tf = average fin temperature

tbs = bulk stream temperature of fluid outside of the tube.

A. Derivetion of the True Fin Resistance of a Finned Tube

According to Newton's law of heating and cooling, the rate of

heat transfer is considered to be proportional to an area through which

_]_75..
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it is being transferred and the temperature difference driving force.
The proportionality constant is considered either as a heat transfer
coefficient or as the reciprocal of a heat transfer resistance. Con-
sidering the heat transferred through the finned section in the above
diagram,
Qe @ Ap(tr - tyo). (1-B)
Or, providing the proportionality constant in the form of

the reciprocal of a resistance,

Q - @-r)(Af)(tf - typ0) (2-B)

In an analogous manner, the rate of heat transfer is related

to the outside film resistances by:

0 - [__i_ﬂ ho (b - ) (5-B)

Z + 7%
o}
Equating equations two and three and dividing both sides by Af:

<;i—>(tf - tro) = E—;‘} (tpg - tr) (4-B)

Solving for rf';

1/ te - ¢
s [ (22 (5-8)
0 . bs ~ °f
Tr(the - t - (tye - to)
or rf. - {j; T [ bs ro) ( bs f)}
hO - (tbs B tf)
(6-B)
. . o (17)
Now defining the fin efficiency as

cp:(ﬁhs_'_ti‘_
\t ‘t
bs ro

and substituting this into equation 6-B gives,
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r.' = [2; + ro] {i - 1] (7-B)

or

=
H
i

, [J; e r | {;_;_9} (8-B)

The above resistance can be used in the overall coefficient
equation in the following manner.
The overall coefficient for the finned section is given by:

. XAp Ar Ap
K (Am)

+rp! (9-B)

+ +
fin (Ai)finri (Ai)finhi

and the overall coefficient for the root section of the tube is given by:

Xbr 4 _Ar . S (10-B)
i
K(Am)root <Ai)root (Ai)roothi

L:—l_-l-ro'f'
UI' hO

The two overall coefficients Uf and Ur are related to the total
overall coefficient by:

UoAo = UpAp + UpAp (11-B)

B. Derivation of a Useful Pseudo Fin Resistance

The heat transferred through the exterior of the tube can be
considered as the sum of that which is transferred through the finned

and that which is transferred through root areas, or:
QR = Q +Q (12-B)

The rate of heat transfer to the root section for = clean

(unfouled) tube is alsc given by the expression:

Q = hpA, (tbs - tro)
(13-B)
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and correspondingly, the rate of heat transfer to the finned area is

given by:
Qe = heAr (tpg - ty) (14-B)
Now, defining a fin resistance in the following manner:

Ae(te - tpo)
r. = fitf 2 ro (lS—B)

and substituting for @ from equations 12, 13 and 14 (and assuming

he = h, = hy):

Ar (tr - tro)
rp - - (16-B)

ho [Ar<tbs - tro) + Af(tbs - tf) ]

or

the - € - t -t
rp = ( bz ro) ( bs f) (17-B)
hg [K£ (tbs - tro) + (tps - tr) ]
bl

The finul result is obtained by dividing numerator and

denominator by (t, -t

< ro) end substituting for fin efficiency g, to

give:

-
|

v o 6 | a2

]1-
L+ o
Ap

For & fouled tube the equation 18 becomes

[ 1 -
r. = Lﬁ; + roj [E;—:—§} (19-B)

he overcll coefficient of heat trunsfer is given by:

+ T+ T.+ §é9 + Bo r. + fo 1 ( )
ot Tr —Trt— — 20-B
o KA, A4 Aj hy

Which is the form of the overall coefficient equation for bare tubes

IH

[ny

L
UO

with the term ”rf" added.



APPENDIX C

MEASUREMENT OF DEGREE OF TURBULENCE

A, Theory
The turbulence level is a measure of the fluctuations of the

velocity of a flowing stream of fluid about a mean value. Letting U, V,

and W equal the mean velocities in the X,Y, and Z directions and Vi, ﬁi,

and Wl the average fluctuations of the velocities denoted above (over a

period of time), the turbulence number or per cent turbulence is defined

(40)

as — 2 _ 2 _2
v U W
100 1 1 1
o = % / 3 (1-c)

In the main stream of a wind tunnel (outside of the boundary layer) the

(ho) i.e.:

turbulence is generally close to isotropic,

=2 =2 =2 .
V,T =07 =W (2-C)

so that equation 1-C can be reduced to,

~ Jip 2
Ty

x 100 (3-c)

One novel method of measuring the turbulence level of a wind

tunnel is that of the turbulence measuring sphere. This method, first

(47) _

L . (48) (49)
Additional studies were later made by Fage and Dryden et al .

suggested by Prandtl, was first studied by Dryden and Kuethe

The turbulence measuring properties of the sphere are based
on the experimentally observed fact that if the drag coefficient is plotted
versus the Reynolds Number using logrithmic coordinates there occurs a
smooth curve which has a sudden marked dip or decrease in the drag coeffi-

cient for Reynolds numbers in the neighborhood of 105. Figure 79, reproduced
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from reference (MO), indicates the shape of the curve. The dotted seg-
ments of the curve are included to indicate the fact that the Reynolds
number at which the transition occurs is a function of the degree of
turbulence of the fluid stream flowing around the sphere. Defining &
critical Reynolds number as the Reynolds number at which the drag co-
efficient of & sphere equals 0.30 (the conventional friction factor has
(26),

a value of 0.582, see Unit Operations , the relationship between

the turbulence level in a wind tunnel and the critical Reynolds number
(for a J inch sphere is given in Figure 80.

The totul drag of a sphere being difficult to measure, an
zlternate methed of determining the critical Reynolds number has been

(49,50)

devised This method uses a specially prepared sphere, generally
a bowling ball, which has been standardized in the form indicated in
Figure 81. It has been observed that a plot of the ratio of the pressure
difference between the front and back openings on this sphere to the ve-
locity pressure of the free stream versus the Reynolds number has the
general shape indicated in Figure 82. Measurements on a number of
spheres has indicated that a pressurevcoefficient of 1.22 is approximate-
ly equivalent to a drag coefficient of O.§(u9).

It should be mentioned here that the sphere method of measuring
turbulence is not exact, the critical Reynolds number also being depend-
ent on the scale or size of the turbulent eddies and possibly other factors

which have not yet been investigated. In general, however, the degree of

turbulence lies between the dotted curves indicated in Figure 80.
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Figure 80. Per Cent Turbulence Versus Critical Reynolds Number
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B. Aggaratus

The apparatus consisted of a five inch "duck ball" prepared
in the manner indicated in Figure 81. The tail spindel consisted of a
standard one-half inch pipe which extended for twenty-three inches in
behind the sphere. Four wires, approximately 0.06 inches in diameter
were attached to the tail spindle 7 inches behind the ball and to the
walls of the tunnel to provide the rigidity required.

A rectangular duct, 24 inches long with an opening of 18 vy
27 inches was placed between the entrance and calming sections of the
wind tunnel. The sphere was located at the center of the opening of
this duct at approximately the same distance from the entrance as the
tube banks.

The velocity pressure of the air was obtained by means of a
pitot tube located in line with the center of the sphere and three
inches from the wall of the tunnel (eight inches from the edge of the
sphere) .

The pressure difference on the sphere and the velocity pres-
sure were measured with the micro-manometer previously described.

C. Experimental Data

As indicated by the experimental data, summarized in Table
XXIV and Figure 82, the critical Reynolds number was not attained. This
defect was due to the velocity limitations placed by the motor and blower
used in this work. It was noted in the course of this investigation that
for motor speeds greater than that occuring for the highest velocity
reached, the air velocity would decrease rather than increase. It is

therefore believed that the upper velocity attainabXe in this wind tunnel
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TABLE XXIV

SUMMARY OF AIR TURBULENCE DATA

Air Temp. = 29.9°C = 85.9°F Air Pressure = 733.7 mm Hg
Barometer Pressure = 757.5 mm Hg Wet Bulb Temperature = T9°F
Barometer Temperature = 30°C Dry Bulb Temperature = 88°F
1/2pVe e = By Ap v IJNEY
Run  turns  if Hp0 in B0 ~AP  ft/min Re 2
or turns 1/2;3V2
1 4,2 6.0 0.0875 0.296 1200 48,000 1.43
2 5.48 7.67 0.114 0.338 1370 54,800 1.40
3 6.01 8.25 0.125 0.354 1440 57,600 1.57
i 14.98 20.48 0.512 0.56 2270 90.800 1.3%65
5 9.42 13.09 0.1962 0. h4h 1800 72,000 1.39
pf = pressuré of air on the front sphere

b, = pressure of air on the back sphere
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1/2pVE JoriTicaL

Figure 83.

Typical Curves for Pressure Measuring Spheres for
Three Turbulence Levels,.
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is limited by the blower used.

D. Analysis of Data

Due to the fact that the critical Reynolds number of the sphere
was not reached, the turbulence level of the wind tunnel cannot be obtain-
ed from Figure 80. The data does allow, however, the determination of
what the maximum turbulence level could be.

For a critical Reynolds number of 9.08 x 104, from Figure 80,
the turbulence level is about 5% (using the solid line). Since the criti-
cal Reynolds number had not yet been reached, the turbulence level must
have been below 5%.

Examination of Figure 83, however, indicates that a knee in
the curve or transition starts to occur at Reynolds numbers well before
the critical value. It can also be noted from this figure that the ratio
of the critical Reynolds number to the Reynolds number at which the trans-
ition begins is approximately 1.8. Therefore, since (from the appearance
of the curve on Figure 82) the transition had not started for the measure-
ments given here, the critical Reynolds number for these measurements is
probably greater than 1.8 x 9.08 x 10 or 1.6k x 10°. This indicates

(from Figure 80) that the turbulence was probably below 2.1%.



APPENDIX D

EXAMPLE DESIGN INVOLVING AN APPLICATION OF THE CORRELATION

The following example involves the design of a forced air

finned tube exchanger to cool 2000 gallons per minute of water used in

the coeling jacket of & natural gas compressor from 161°F to 150°F.

The heat transfer area and fan motor horsepower are required.

A.

Heat Dutz

The heat duty of the unit is obtained from the water-side as:

Q = WC,At =2000 x €0 x 8.3 x (161 - 150)

10,950,000 Btu/hr.

Design Conditions

The following design conditions will be assumed.

Air Side

Inlet air temperature 100 °F

Air velocity based on face areg and

density of 0.07h 1lbs/ft” 600 ft/min

Water Side

Inlet water temperature 161 °F

Outlet water temperature 150 °F

Water flow rate 2000 gallons/min.

Tube and Tube Layout

Tube
Fins/inch 10.36 fins/inch
0.D. Fins 1.958 inch
Root Diameter 1.123% inch
Fin Thickness, Y 0.021 inch
Fin Material Aluminum
Liner Material Admiralty
Liner I.D. 0.87 inches
Liner 0.D. 1.00 inch

_189_
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Outside area per ft. length 3.84 ft?/ft.
Ao/Ay 16.8

Length of Tubes 2L feet

Tube Layout
Pitch Type Equilateral
Triangular

Transverse Pitch 2.188 inches
Longitudinal Pitch (on diagonal) 2.188 inches
Number of Rows Deep i rows
Vmax/vface 2.52

no

Number of Water Passes

The determination of the required area and fan motor horsepower involve

a trial and error procedure in which the required external area will first

be assumed.

Trial Number 1

Assume an external heat transfer area of 41,400 square feet.

The number of tubes required is:

__fgulﬂle = 448 tubes
2k x 3.84
_ . 448 ‘
for a four row deep bank, the number of transverse rows is: —— = 112 rows
4

for a total approximate width (ignoring end effects) of:

Width = M = 20.4 ft.

12

The total face area then is

Arpoe = 20.4 x 24 = L90 sq. ft.

Since a face velocity of 600 ft./min. was assumed, the flow rate of air is:

Loo x 600 = 294,000 standard cubic feet per minute

[

294,000 x o.o7u(1b/ft5) x 60 = 1,300,000 1lbs/hr.

The temperature rise of the air is computed from a heat balance as:

At . - Q ) 10,950,000
1,300,000 x 0.242

= 54.8°F

air(cp)air
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The mean temperature difference driving force between the

water and the air is:

ATy - AT
ATM = —_.]:—.___g
L AsTl
n-
Aﬂfg
A Tl = 150 - 100 = 50°F
AT2 = 161 - 134.8 = 26.2°F
substituting
ATM - 50 - 26.2 = 25-§ = 56.8.F
1 22 0.647
N 26,2

The correction to the logarithmic mean temperature difference

is negligible(sl).
To check the assumed area of 41,400 square feet, the area re-

quired will be calculated from A = S — . The total resistance
UOAxTM

to heat transfer for a bimetallic tube is equal to the sum of the individ-

ual resistances or:

11 Ag Ay, A
_‘—+ro+rf+(rm)al+rbﬂg+(rm)adm+ri 2+ 0

Uo ho A Agng
in which: U, - overall coefficient of heat trunsfer
hO = alr film heat transfer coefficient
r, = outside fouling resistance
re = fin resistance to heat transfer
(rm)a = aluminum root resistance to heat transfer = E&L;%Q_____
al kel ) root
where: Xal = root wall thickness
kal = aluminum thermal conductivity
Aq = outside heat transfer area

(Ap) root= mean root metal heat transfer area
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= contact resistance between the root of the aluminum
and the outside of the admiralty liner

= outside heat transfer area per foot length
= heat transfer area of bond

admirelty liner resistance to heat transfer = _Eégﬂ_ég___
[see (rm)al] kadm(Am)adm

= 1inside fouling resistance

= 1inside heat transfer area per foot length

= 1inside water film coefficient

The individual heat transfer resistances are obtained as:

1.

The

Air Film Resistance

air film cocefficient can be calculated from the dimension-

less relationship:

h D

. . 45
o’r - o.564 ___Derax>O 6&1@)0 5®O 7 g
k M

For the tube bank under consideration:

and Prl/5 =

The

(0.01072)°"2 = 0.256

&)

0.45 -0 .15 0.45
<E%> = ;432§> = (1.78) = 1.283
Dy. 127

0.89

Reynolds number is calculated as:
= Vppeo —L = (600)(2.52) = 1510 f£t/min.
in

= V, *p * 60 = (1510)(0.074)(60) = 6700 fibhr

= 0.0465 at 117.4 op(20)

0.68 0.68
—lfhﬁﬁ{\ - (1.123 x 6700 _ _10.68 _
<? T B < 12 x 0.0465 = (13,500) = 640
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therefore:
BoDr = 0.364 (640)(0.256) (1.283) (0.89)
k
= 68.1
since  k_. = 0.015 at 117.k op(20)
h, = 10.8 Btu/hr-°F-sq.ft.

which is the mean air film coefficient for a six row deep bank of finned

tubes.
The mean air film coefficient for a four row deep bank is cal-

culated using Equation 62 and Figure L4l1.

(ho) (o) e (ho)mh

(ho)mi;

mo (ho)mé (ho)mm

From Figure 41,

h

( o)mb - 0.9%

(ho)moo
and

(ho)mu

= .906

(B) 1er 7

substituting:

B 0.906\ _
(ho)y = (10.8) <§.956 = 10.k4

2. Outside Fouling Resistance

The outside fouling resistance is assumed negligible.

5. Fin Resistance Using Equation 2k.

(17),

In the text, the fin resistance is computed as
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2 H® Eo
re = 5
1+ ﬁz {1 + EQ_L_EE_ J_EQ]
Ap 3k Y D,
Letting
2
rf' = E—H_ JDO/DI'
3k .Y
al
(see Appendix B)
Then
r, = It
£ A
1+ X [l +h r.' }
A o f
f
Now;
2 0.8\ 2
H = (===) = 0.00122 ft
12
kgy = 120 Btu/hr-°F-ft
Y - 0 021 = 0.00175 £t
1/2
VD, /D, = <; < > = 1.32

Substituting into rs'

2 x 0.00122 x 1.32
rp - 2 0.00122 x 1.32 o o
3 x 120 x 0.00175

Now,
Ar = 0.23
A NS 0.064
and h, = 10.1
subsituting into rg:
0.0051 0.0051

£ T 1 +0.064 [1+0.0039 x10.1 ] - 1.066

Y 0.0048
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4, Aduminum Metal Resistance

X1 A
(rm)aj_ . Lfal o

kg1 (Ap) a1
For the tube under consideration:
Xo1 1.125 - 1.000 0.0051 ft.
2x 12

A, = 3.8k sq.ft./ft.
k1 = 1O Btu/hr-°F-ft

(Am)al = 0.278 sq.ft./ft.

substituting
(rm)al = 0.00058

5. Bond Resistance

The bond resistance of this type of tube is of the order of

(52)

0.0005 or less® The area of the bond is:

- = X =
Ab = xD 4 = B (1) = 0.262 sq.ft./ft

~r B - 0.0005 x 2:8% - 0.0073
Ay 0.262

6. Admiralty Metal Resistance

xadm Ao

kadm(Am)adm

(rm)adm

For the tube under consideration:

1.00 - 0.87 _ 4 o054 ft.

X =
adm 2 x 12

Ao = 3.84 sq.ft./ft
K gm = 064 Btu/hr-°F-ft
substituting:

(rm)gdm = 0.00132
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7. Inside Fouling Resistance

The inside fouling resistance from T.E.M.A.(SB) is

ry = 0.001

or Ao
Ty o = 0.001 x 16.8 = 0.0168
1

8. Inside Water Coefficient

The inside coefficient can be predicted from the following

dimensional relationship recommended by McAdams(EO):

v,0.8
h, = 150 (1 + 0.011 tw)_lLo._2
dy
in which: ¥, = velocity of the water in the tubes, ft./sec.
t, = average water temperature, °F
and d; = inside diameter of the tube, inches
0.2 . 0.2
(a,) = (0.87) = 0.973
(1 +0.011 t,) = 1+0.011 x155.5 = 2.7
Using two passes on the water side:
v, = 2000 x 8.3 = 4.72 ft/min
62.4 x 60 x 224 x 0.0042
0.8 0.8
or: V. = (4.72) = 3.46
substituting: hy = 220X 2.7 X 3.4 _
0.975
Ao 16.8
or: 73— = —/™— = 0.011
Athy 7 14ko T

The overall resistance to heat transfer is equal to the sum of

the individual resistances given in sections 1 through 8 or:
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Uy 0.0961 + 0.0048 + 0.00058 + 0.0073 + 0.00132

+ 0.0168 + 0.0117 = 0.1386
or: U, = 1/0.1386 = 7.2
The required heat transfer area is:
= 8 - 10,950,000 - 41,500 sq.ft.

UATy 7.20 x 36.8

which checks closely the assumed value of 41,400 sq.ft. Therefore no
further trials will be required.

D. Pressure Drop and Fan Horsepower Reguirements

The pressure drop per row of tubes of the air can be obtained

directly from Figure 7l in the text as (for a V, = 1510)

AP - (.16 inches of water/row
n

for a four row deep bank:
Ap = 0.64 inches of water
the required theoretical horsepower for air near atmospheric conditions
is given by:
(H.P.)T = WxAp x M~

where: (H.P.)p

theoretical horsepower required

W = 1lbs/hr of air
A p = inches of water pressure drop
and M = conversion factor = 3.5 x 1072 H.P. - hour
inchesH20 le

The 1bs/hr of air (given earlier) is:

W o= 1.3 x 10° lbs/hr.

substituting
(B.P.)p = (0.64)(1.3 x 108)(3.5 x 107°) = 29.2 H.P.
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Assuming a fan efficiency of 65% and a motor and gear box efficiency

of 85%, the motor size is:

~ r

29.z

H.P- 3 =
( )requlred 0.65 x 0.85

= 53 horsepower.

The unit designed above is of course not necessarily the
optimum unit for this service. The selection of the optimum unit would
involve designing & number of units varying: the number of rows deep,

the air velocity, the tube pitch, and tube selected.



APPENDIX E

DERIVATION OF AN EQUATION TO PREDICT POINT
CONDENSING COEFFICIENTS USING THECRY OF NUSSELT

The condensing coefficient at a point is defined as(ao):
k
. = L -
(by)p = S (1-E)
in which: ke = thermal conductivity of liquid film
and ¥y = thickness of liquid film at point
but, from Nusselt's theory(eo),
y} b) I‘Z e
pfe g, (2-E)
where: Ty = WZ/:rDi
Wy = 1bs/hr of condensate flowing at point Z
and Z denotes the vertical distance down the tube, ft.
but, W, = /Z(hi) At dA (3-E)
J )Y

o}
Assuming a constant heat flux to the tube inside surface and integrating

equation 3-E:

AtA Atn D.Z
WZ = i_)\_ = E‘l___.)_\__l_ (l‘_E)

where: hm = the mean condensing coefficient from the top of the tube
to the point Z.

Substituting from equations I-E and 4-E into equation 2-E yields:

ke3 3uphy At wDj Z Bupby At Z

3 = 5 = 5 (5-E)
(hy)y Mg~ gont Dy Pr &, M
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Simplifying equation 5-E gives:

6 [ " @)

(6-E)
For steam condensing near atmospheric pressure, McAdams(EO) recommends
the following relationship for the mean coefficient:
4000
(7-E)

by = 715 A 1/3

Substituting this into equation 6-E yields:

/’l )ﬁ/B [kfjpfe ge ) ]1/3 /3 /4 0 41/ 1/3 (%; 1/3

P \ 3 Mo 4000

(hy)

(8-E)

< >/5 [kf%f gc x]l/j%;;z(ig@ o5)
(20)

But for steam near atmospheric pressure H

35,2 1/3
[Ei_gi__§£] = 5000
He

It

and X /5 =

For the particular installation under consideration, Z = 1.0 ft.
Assuming that the point temperature difference measured at z is
approximately equal to the mean temperature difference and

substituting the above values into equatien 9-E

2/9

(hi)p = 2160 f%z (10-E)

which is the equation of the line shown in Figure 35,
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